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Preface

One fundamental paradigm in engineering is to break a structure into simpler
components in order to simplify test and analysis. In the numerical world, this
concept is the basis for finite element discretization and is also used in model
reduction through substructuring. In experimental dynamics, substructuring
approaches such as Transfer Path Analysis (TPA) are commonly used, although the
subtleties involved are perhaps not always adequately appreciated. Recently, there
has been renewed interest in using measurements alone to create dynamic models
for certain components and then assembling them with numerical models to predict
the behavior of an assembly. Substructured models are also highly versatile; when
only one component is modified, it can be readily assembled with the unchanged
parts to predict the global dynamical behavior. Substructuring concepts are critical
to engineering practice in many disciplines, and they hold the potential to solve
pressing problems in testing and modeling structures where nonlinearities cannot be
neglected.

This book originates from lecture notes created for a short course in Udine, Italy
in July 2018. We will review a general framework, which can be used to describe a
multitude of methods and the fundamental concepts underlying substructuring. The
course was aimed at explaining the main concepts as well as specific techniques
needed to successfully apply substructuring both numerically (i.e., using finite
element models) and experimentally. The course centered around the following
topics, which range from classical substructuring methods to topics of current
research such as substructuring for nonlinear systems:

1. Introduction and motivation.

2. Primal and dual assembly of structures.

3. Model reduction and substructuring for linear systems including Guyan and
Hurty/Craig-Bampton reduction, McNeal, Rubin, Craig—Chang interface
reduction methods, and model reduction in the state space.

4. Experimental-analytical substructuring including frequency-based substructur-
ing or impedance coupling, substructure decoupling methods including the
transmission simulator method, measurement methods for substructuring, the
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virtual point transformation, state-space substructuring, and an overview of finite
element model updating (a common alternative to experimental substructuring).
5. Industrial applications and related concepts including Transfer Path Analysis
and finite element model updating.
6. Model reduction and substructuring methods for nonlinear systems are high-
lighted with a focus on geometrically nonlinear structures and nonlinearities due
to bolted interfaces.

This text was designed to provide practicing engineers or researchers such as
Ph.D. students with a firm grasp of the fundamentals as well as a thorough review
of current research in emerging areas. The reader is expected to have a solid
foundation in structural dynamics and some exposure to finite element analysis. The
material will be of interest to those who primarily perform finite element simula-
tions of dynamic structures, to those who primarily focus on the modal test, and to
those who work at the interface between test and analysis.

Udine, Italy Matthew S. Allen
July 2018 Daniel Rixen
Maarten van der Seijs

Paolo Tiso

Thomas Abrahamsson
Randall L. Mayes
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Chapter 1 ®)
Introduction and Motivation Geda

Abstract “Divide and Conquer” is a paradigm that helped Julius Cesar to dominate
on the wide Roman Empire. The power of dividing systems, then analyze them as
parts before combining them in an assembly, is also an approach often followed in
science and engineering. In this introductory chapter, we shortly discuss the main idea
behind domain decomposition and substructuring applied to mechanical systems. —
Chapter Author: Daniel Rixen

1.1 Divide and Conquer Approaches in the History
of Engineering Mechanics

The work of engineers consists of understanding systems in order to build new
solutions or optimize the existing ones. To analyze systems, it is very common and
efficient to decompose them into subcomponents. This reduces the complexity of the
overall problem by considering first its parts and can provide very useful insight for
optimizing or troubleshooting intricate structures. In this introductory chapter, the
general idea of substructuring is discussed and an overview of the topics treated in
these lecture notes is given.

One often refers to Schwarz (1890), who proved the existence and uniqueness of
the solution of a Poisson problem on a domain that was a combination of a square
and a circle. By considering the problem as two separate problems on the simple
overlapping square and circular domains for which existence and uniqueness of the
solution were already known, and devising an iteration strategy between the two
domains with guaranteed convergence, he could conclude his very important proof.
The algorithm that he devised as a means for his proof is still used today, underlying
some very popular solution strategies on multiprocessor computers (see for instance
Toselli and Widlund 2006).

But in essence, approximation techniques such as the Rayleigh-Ritz method
(Rayleigh 1896; Ritz 1909; Géradin and Rixen 2015), where the solution space is
approximated by a reduced number of admissible functions, can also be considered
as divide and conquer methods: the solution space is decomposed into functional sub-
spaces in which an approximate solution can be found. The Finite Element technique,
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2 1 Introduction and Motivation

pioneered by mathematicians like Courant (1943), Courant and Hilbert (1953), can in
fact be seen as a clever application of the Rayleigh—Ritz technique on small region of
the computational domain, resulting therefore in not only a function decomposition
of the problem within the element, but also a spatial decomposition of the problem
as the physical domain is broken into elements.

Today when we consider substructuring, most often we envision dividing a finite
element model into subcomponents that each contain many elements. This substruc-
turing approach was developed in the 60s, motivated by the need to solve structural
problems in aerospace and aeronautics of several tens of nodes (considered to be very
large problems at that time, given the fact that computers were just arising). Hence,
the idea was to add another level of decomposition and reduction by subdividing the
mesh of a finite element model into substructures and to represent the dynamics per
substructure in a reduced and approximate way. Some of the substructuring tech-
niques still commonly used today originate from that time where memory and CPU
power were very limited.

Later, in the 80s and especially in the 90s, solving very large problems using
domain decomposition became a very active research topic. In order to efficiently
use the computational power of new multiprocessor machines, it was essential to min-
imize the communications between processing units and to ensure that each CPU
was fed with enough work that could be done independently. Domain Decomposi-
tion is the paradigm to achieve this, by letting each CPU solve the local problems
of each domain and searching for the global solution by iterating on the interface
solutions (Toselli and Widlund 2006). Nowadays, high-performance computing tech-
niques solve engineering problems of close to a billion degrees of freedom on several
hundreds of thousands of processors thanks to that paradigm (Toivanen et al. 2018).

The last wave of intensive research in substructuring came at the beginning of
the twenty-first century, this time not directly powered by exponential grows of
computing power, but by significant progress in techniques to accurately measure
the dynamics of components. Experimental substructuring aims to build models of
assemblies from the data measured on components, possibly in combination with
numerical models. Although the theory of experimental dynamic substructuring is
essentially the same as its analytical counterpart, many novel techniques needed to
be developed in order to alleviate the adverse effects of measurement errors (even if
strongly reduced thanks to novel sensing and acquisition techniques) when building
a model based on experimentally characterized components.

1.2 Advantages of Substructuring in Mechanical
Engineering

In mechanical engineering practice, substructuring techniques are useful for the fol-
lowing cases:

e When working on a large project (for example, the design of an aircraft), different
groups.and.departments. work on different components. In that case, it is essential
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that each team can concentrate on the modeling of their part, and then have an
efficient means for assembling to other components in order to predict the overall
dynamics and optimize their design accordingly.

e In industry, it is common that models of subsystems must be shared. A classical
example is the coupled load analysis of the assembly of a satellite and a launcher:
in that case, the satellite company needs to share its model with the launcher
operator in order to perform a global dynamic analysis and guarantee that vibration
limits will not be crossed. In that case, exchanging information can be efficient if
the different components have been modeled separately in such a way that their
complexity (number of degrees of freedom) is low and such that they can be
assembled on their interface.

¢ In many engineering problems, parts of the system to be analyzed are significantly
more complex than the rest. In structural dynamics, for instance, parts of the model
could be highly nonlinear whereas the remainder can be considered as linear. In that
case, it is very advantageous to substructure the problem in such a way that only
the parts that are nonlinear are treated with the appropriate techniques, whereas
the linear parts are, for instance, condensed once and for all. Such a subdivision of
the problem into substructures of different complexities can greatly improve the
analysis speed and give better insight into the dynamic behavior.

e When optimizing the design during the development of a new product, or during an
improvement of an old design, one often wants to modify only a small number of
parts (for instance, change the bushings connecting the power train of a car to the
chassis in order to modify the noise and vibration harshness). When the parts that
will not be modified are available as substructures and already precomputed (e.g.,
their dynamics on the interface is known), then recomputing the global behavior
when only the components under optimization are changed requires a significantly
reduced cost, enabling much faster design cycles.

e In experimental testing, it is not always possible to test the full system; often
system-level analysis is needed before all of the components have been manufac-
tured. In other cases, it is impossible to test the full assembly because appropriately
exciting a large structure would require forces that are beyond the capabilities of
existing shakers. It is then very advantageous to experimentally characterize the
structure part by part. This allows troubleshooting problems arising from the local
dynamics in those parts, but also to build a full model by assembling the measured
parts using experimental substructuring techniques.

e When parts of the system have not yet been built, it is possible to combine the
measured dynamics of hardware components with other parts that are modeled
only numerically (hybrid substructuring). In some cases, the combination in real
time of the transient response of a hardware component (the physical substructure)
with the dynamics of a numerical substructure is essential to predict the dynamics
of the hardware part in realistic conditions. Such hardware-in-the-loop tests (also
called Real-Time Substructuring, Hybrid Testing or Cyber-Physics) allow testing
very complex systems by having only a part in the lab, the rest of the system being
co-simulated in real time.
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e Substructuring methods open new opportunities for efficient analyses and design,
including the development of digital twins, or a model that can be used to monitor
the health of a system.

These are only a few examples of cases in which substructuring can be advan-
tageous. For these and other reasons, substructuring has attracted a lot of attention
over the years and is yet today a very active research field.
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Chapter 2 ®)
Preliminaries: Primal and Dual Grectie
Assembly of Dynamic Models

Abstract There are several ways to formulate the dynamics of a substructure.
The different domains in which the dynamics can be described will be reviewed
since the manner in which substructures are characterized will later determine the
substructuring methodology that can be applied. In addition to how the substructures
are formulated, the way in which the coupling/decoupling problem is expressed will
allow us in the subsequent chapters to develop different numerical and experimental
techniques. Two conditions must be satisfied on the interface between substructures:
a condition on the displacement field (compatibility) and on the interface stresses
(force equilibrium). Those conditions can be accounted for following several differ-
ent formulations, all mathematically equivalent, but each leading to different numer-
ical methods, experimental approaches, and approximation techniques, as will be
explained in the following chapters. In this chapter, we outline the basic concepts of
the so-called three-field formulation, dual and primal assembly.—Chapter Author:
Daniel Rixen

2.1 The Dynamics of a Substructure: Domains
of Representation

In these lecture notes, we assume that the problem has already' been discretized
(using, for instance, an appropriate Finite Element or Boundary Element formula-
tion). The discretized problem describing the dynamics in a substructure 2¢) can
be written in the form

M®§{E® 4 f,(q? (l'l(S)’ u(S)) = £ 4 g(s)_ 2.1)

The superscript (s) indicates that the equation is written for a given substructure s.
M denotes the discretized mass matrix,” f,; the discretized nonlinear internal force

1A similar classification can be found in a different form in de Klerk et al. (2008).

2Here we assume that the mass matrix is constant. This is not the case for models in multibody
dynamics for instance Géradin and Cardona (2001), but this will not be considered here.
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6 2 Preliminaries: Primal and Dual Assembly of Dynamic Models

function, which depends in general on the nodal velocities and displacements u
and u. Two types of forces are applied on the substructures: the externally applied
forces, denoted f, and the forces due to interactions between substructures, denoted
g. The latter are, in fact, internal forces when considering the entire structure, but are
considered as applied forces when analyzing the substructure problem.

In case of small displacements, the internal forces f,; can be linearized and the
substructure dynamics are described by

M®i® + COy® 4 K®u® = f® 4 g(s)7 (2.2)

where C® = 9f") /90 and K@ = 9" /0u® are the linearized (tangential)
damping and stiffness matrices typically computed around equilibrium positions
of the system (Géradin and Rixen 2015).

The unknowns u in Egs. (2.1), (2.2) express the behavior of a substructure in terms
of its physical displacements (discretized at nodes) in the time domain. Therefore,
we will refer to them as the equations in the physical and time domain. The first
qualification refers to the spatial meaning of the unknowns whereas the second refers
to the spectral description of the problem. Another spatial and spectral description of
the dynamic problem will now be introduced since the way in which the problem is
described has an impact on what method can be applied for reduction or experimental
assembly, as will be shown throughout these lecture notes. A summary of the different
domains in which the substructure dynamics can be considered is given in Fig.2.1.
The substructure data in the different domains can be obtained either from numerical
models, from experimentally measured data or from a mix of both. The different
aspects are explained next.

Modal Representation

Physical Representation

—
M, C, K modal '/-

reduction
dal FRF

moda synthesis

dynamic parameter

transformation stiffness estimation
to first order form inversion Frequency (FRF
Representation

time

State Space Representation integration FRFs Y(a)) E y\ﬁ
A B o Time (IRF) Fourier t &\_/} :ﬂ AM
CD impulse Representation '"ansform

response /
o —\ Inverse
\— IRFs Y(t) Fourier Transform
system

identification J‘x““—‘ ‘rﬂ

Fig. 2.1 Schematic overview of substructuring domains (van der Seijs 2016)
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2.1.1 Spatial Descriptions

Physical Domain (Continuous and Discrete)

The description outlined in (2.2) expresses the dynamics of the substructure using
the displacement at a specific nodal location and is referred to as a physical repre-
sentation. Note that representation in the physical domain can be either discretized
(as assumed in this text) or continuous. In the later case, the unknown is the physical
response field and the associated equations are partial differential equations describ-
ing the (nonlinear) continuous dynamics in a body. This will not be considered here.

Modal Domain (Reduced and Unreduced)

It is often handy and useful to consider the unknowns of a dynamic problem as a
combination of vectors of a (sub)space. The most well-known subspace representa-
tion is probably the one obtained by mode superposition. The free vibration modes
of a substructure defined by the eigenvalue problem (Géradin and Rixen 2015)

(K(s) _ u}l_(-Y)ZNI(s)) ¢§'Y) =0, (2.3)

where wi(s) are the eigenfrequencies of the free—free substructure and ¢l@ the asso-

ciated eigenmodes that have the fundamental property of being mass and stiffness
orthogonal, namely,
T 2
¢ KWg" = w5, 2.4)

i ijs

¢l§s)TM(s)¢;v) - (2.5)

ijs
where we have assumed that the modes amplitudes have been chosen to be mass-
normalized and where J;; is the Kronecker symbol such that

0 =11if i=j.

0 =0 if i#j.

A modal representation of the substructure is then obtained by the change of variable

2®

u = "¢ = e (2.6)

i=1

where 1) is the number of degrees of freedom in substructure (s). Here, 7]1-(‘” are
the amplitudes of the modal component of the response and are often called modal
coordinate of substructure (s). Often, we will use a matrix notation as in the second
equality of (2.6), where @ is a matrix containing in its columns the vibration
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modes and ) is a uni-column matrix containing all modal coordinates. Usually,
only a subset of modes is considered in order to have an approximated but reduced
representation of the substructure. This will be discussed in later chapters.

In general, the response u®® can be represented as a combination of n‘* indepen-
dent vectors and we write

n®
u® = ZVI(S)%(&) — V(S)q(s), 2.7

i=l1

where V® is a square matrix containing the basis vectors for the desired change of
variables. Substituting in the dynamic equation (2.2) and premultiplying by V" to
project the equations onto the same space, we obtain

VOIMOVO§® 1 vo covege 1 yoIKOyOqe — voTses 4 yolge,
(2.8)
which is usually written as

M7§90 +€Vq® +KVq® =1 + g, 2.9)

where the tilde superscript indicates that the matrices and vectors pertain now to a
representation in a transformed space. The representation vectors stored in V& can
be any set of independent vectors, in particular, they can be chosen as the vibration
modes @, in which case the transformed mass and stiffness matrices 1\71@) and K(S)
will be diagonal.

The representation (2.9) will often be referred to as the modal representation, even
when the base vectors are not vibration modes @ ) but general representation modes
V®. The associated degrees of freedom ¢’ are then called generalized degrees
of freedom or modal coordinates and do in general not represent the solution at a
particular physical location.

In case an incomplete basis is used for the representation, namely, when fewer
modes than the number n®) of degrees of freedom in the substructure are used, the
modal representation represents the dynamics in a reduced subspace and in general
only in an approximate way (this will be discussed in detail in Chap. 3). We will then
call the representation a reduced modal representation.

2.1.2 Spectral Representation

Time Domain (Continuous and Discrete)

In the form of Eq. (2.2), the unknown dynamic response is considered a function of
time and we say that, from a spectral point of view, the equations are expressed in
the time domain.
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The dynamic equation (2.2) considers the spatial unknowns to be a continuous
function of time and the dynamics are expressed as ordinary differential equations in
time (the space having already be discretized in that equation). As was done for the
spatial domain, time can also be discretized using methods related to finite differences
(typically variants of the Newmark time integration scheme in structural dynamics
(Newmark 1959, Chung and Hulbert 1993, Briils and Arnold 2008, Géradin and
Rixen 2015), but other approaches can also be applied such as Finite Elements in
time or variational-based approaches (Lew et al. 2004)). When discretized in time,
we will still consider the resulting equations as being in the time domain since the
unknowns are the responses at discrete time instances. The equations are then alge-
braic equations that are typically solved in a recursive form (time stepping), given
the fact that the time problem is typically an initial value problem.’

Frequency Domain (Reduced and Unreduced)

Similar to the decomposition of the spatial response in component modes, the time
dependency of the response can also be decomposed into a combination of time
contributions. The most classical one is the Fourier decomposition* that writes the
time function of the response in terms of harmonic functions. Using complex number
notations, the Fourier decomposition can be written as

u () = f i @) e dw, (2.10)
—o0

where i is to be understood as the imaginary unit number. This decomposition is
very suitable for linear systems since replacing in (2.2) and using the orthogonality
properties of harmonic functions, the harmonic component u(w) can be computed
individually from the harmonic dynamic equation:

(~™M©) +iwC? + K9)a®» = F + 59 w e]—o0, 4o,  (2.11)

where f « and g“) are the Fourier components of the forces, for instance,

w1 A
9= — f £0(0) ed. (2.12)
2T

—0Q

The dynamic equation in the frequency domain (2.14) is also often written as

7O =Y 4 g® (2.13)

3For an interesting matrix description of time discretization see Rixen and van der Valk (2013),
van der Valk and Rixen (2014).

4Note that other base functions in time can be used (such as wavelets), but this will not be discussed
here.
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where
729 (W) = —w™MY +iwC® + K® (2.14)

7 is a dynamic stiffness matrix and is a function of the frequency w. In this form, @
is the complex amplitude of the harmonic displacement response (or equivalently the
Fourier component of the transient response). A similar equation can be written for the
amplitude of the harmonic velocity or accelerations in which case the operator Z(w)
is commonly called the mechanical impedance or the apparent mass, respectively.
The dynamic relation can also be inverted and written

i — y® (f(” 4 -<s>> ’ (2.15)

where ]
Y(s)(w) =7 (w)—l — (_sz(‘v) +iwCY + K(.v))_ (2.16)

Y® is a Frequency Response Function (FRF) matrix and is often called the admit-
tance or dynamic flexibility, or more specifically receptance, mobility, or acceler-
ance/inertance if 0" are displacements, velocities or accelerations respectively.
Obviously, in practice, the harmonic components are calculated only for a finite
discrete number of frequencies w, and (2.10) is approximated by the Discrete Fourier

Decomposition
N,

u® (1) = Z al) el (2.17)

k=—N,

choosing a frequency range covering the spectral range of the excitation. It is note-
worthy that the decomposition in (2.17) is comparable to the decomposition of the
space function of the response in (2.6) and can also be seen as a reduction of the
transient response in the time domain. It is an approximation unless the excitation
can be exactly represented by a finite combination of harmonics.

Laplace Domain

Another often used representation of the time evolution of the dynamic response is
in terms of the Laplace components. The idea is to look for the dynamic response
when modulated with a decreasing exponential function, namely,

i (s) = ﬁ(u“‘)(t)) = / e ar (2.18)
0

This transformation changes the differential equation in time into an algebraic
equation in the Laplace variable s thanks to the fact that Laplace transforms of time
derivatives of @® (¢) can be written in terms of @*’ (s) using integration by parts. For
instance,

£(ii“) (t)) =50 (s) —su® (¢t = 0) —u® (¢ = 0)
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Clearly, there is a similarity between Laplace and Fourier transforms since (2.18)
becomes a Fourier transform if s is taken as imaginary. The main difference is that the
inverse transform is trivial for the Fourier domain (leading to the frequency domain
decomposition (2.10) or (2.17)), whereas finding the inverse Laplace transform is far
more difficult and not general. In structural dynamics, Laplace transforms are used
for highly transient problems that cannot efficiently be represented by harmonic
superposition, such as impact responses and shock propagations (see for instance
Sect.4.3.2 in Géradin and Rixen (2015)).

2.1.3 State Representation

Displacement Space

In addition to representing the space and spectral behavior of the system in dif-
ferent domains as explained above, the very state of the system can be described in
mainly two different manners: either one sees the displacements as the only indepen-
dent unknowns (velocities and accelerations being dependent on the displacement
through derivatives) or the velocities are seen as additional independent variables
for which the derivative relation to the displacement is explicitly expressed in the
formulation. For the first approach, often used in structural dynamics, the dynamics
of the system are described by a single set of second-order equations as in (2.1) (for
nonlinear structures) or (2.2) (for linear ones).

State-Space Representation

In the second case, namely, the velocities are seen as additional independent variables,
the state of the system is described both by the displacements and the velocities:

X9 (r) = [‘.‘(s)(t)} (2.19)

and the associated linear dynamic equation can for instance be written as

I© 0 7., 0 I® ] 0
[ 0 M(s)] X = [_Km _c<s>] () + [f(s) + gm} (2.20)

In this state-space representation the number of equations has doubled, but the order
of the differential is now reduced to one. This representation is often used especially
in control. This form is also commonly used in structural dynamics when strong
damping is present since the concept of modes of vibration properly generalizes only
when writing the system in the State Space (see, for instance, Sect.3.3 in Géradin
and Rixen (2015)).
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2.1.4 Summary of Representation Domains

From the short summary of the formulation of the structural dynamics problem, it
is clear that many variants to describe the problem, combining a spatial, spectral,
and state representation, can be constructed. In Fig.2.1, the different aspects are
shown graphically and relations between them are summarized. Depending on the
representation chosen, numerical and experimental techniques in substructuring can
significantly differ as will be seen in these lecture notes.

2.2 Interface Conditions for Coupled Substructures

Let us consider again the linearized dynamic equilibrium equation (2.11) of a sub-
structure in the physical space and in the frequency domain®

2039 =V 4 g» s=1...N", (2.21)
where N*“? is the total number of substructures in the system.

It is common to write the equilibrium of all substructures in a block matrix form
as

Zi=f+g (2.22)
with the definitions
rZO 0
7= - (2.23)
0 Z(wa)
o FV g
i=| f=] : g=|
- sub — sub - sub
L) F gV,

The dimension of these block matrices and block vectors is (D, n®) x o, n®)
and ()", n®) x 1 respectively.

Since the substructures are part of a same assembly, two interface conditions need
to be satisfied: interface equilibrium and compatibility.®

SExpressing the coupling of substructures in other domains (modal, time, state space ...) will be
discussed in later chapters and use exactly the same approach.

These lecture notes deal with structural problems. Nevertheless, the general theory is also applicable
to.the coupling of other physical domains.such.as.acoustics or thermal problems.
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2.2.1 |Interface Equilibrium

The interface equilibrium requires that the interface forces, g*', which are internal
forces between the substructures, sum to zero when assembled. This is merely a
manifestation of Newton’s “action-reaction" principle. Considering, for instance, an
interface I"*") between two substructures s and r, one could express this condition

as7

g’ +g’ =0 on I, (2.24)
g'=0  g’=0 (225)

where the subscript b indicates a restriction of the DOF to the boundary and where
we assumed that the DOF are numbered in the same manner on both sides of the
interface. The subscript i denotes DOF that are not on a boundary and are thus internal
DOF. On internal DOF, no connecting forces should exist.

In practice, the numbering of the DOF on the interface will not match across the
interfaces and in addition more than two substructures can intersect on an interface
(so-called cross-points in 2D and 3D, and edges in 3D). Hence in general, the interface
equilibrium condition needs to be expressed using Boolean localization matrices
L®" of dimension n x n°® that combine the forces on either side of the interface to
satisfy force equilibrium. Interestingly, these localization matrices also map the DOF
of substructure s to a global and unique set of n global DOF, as will be elaborated
later. In general, the interface equilibrium thus is written as

Nsub

S LOTEY =0 (2.26)
s=1

This equilibrium condition can also be written using the block matrix L” of dimension
np X y_ n® acting on the set of all substructure interface forces

L'g=0| where L =[LO®" ... LOV"™"] (2.27)

In general, we will assume that the decomposition in substructures generates an interface dis-
cretization that is conforming and matching, namely, that the shape functions used on either side of
the interface are identical and that the nodes coincide. In case of nonconforming or nonmatching
interfaces, the theory used in these lecture notes are still generally applicable, but the assembly
operators are then no longer Boolean. Indeed, going back to the variational principle underlying
the discretized problem, the part related to the compatibility condition over an interface I" can be

written as
/ wlvdr
r

where p and v are the field. More details about nonmatching interfaces can be found, for instance,
in.Rixen (1997).
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» To illustrate the notation, consider the examples in Fig. 2.2. The green num-
bers indicate the global nodes for which the interface force conditions are written
(i.e., the row number in the localization matrices).

uél) u§2) qu) ugg)
—_ —_— — —_—
Ze— —41 o2 3Je— —41 I
I ) g ¢@ @ ¢?  g¥ 3
1 2 3
a. A bar assembly
1 2 1 2
(1) 2
3 4 3 4
Y 1 7
| x G)
3

b. A 2D assembly

Fig. 2.2 Examples of assemblies: substructure DOFs and interface forces

For the beam example in Fig. 2.2a, the localization matrices are

1 100 0
LO" =0 L® =|010 L® = o
0 001 1

and the interface equilibrium condition can be written as

0]
171007 [o Y
L'g=||o| |o10] |0 a2l =0 (2.28)
ofloo1] |1 9@
L [at] |

For the second example in Fig.2.2b, we have two degrees of freedom per
node and the localization matrix can be written as

LT = [L(l) L® L(3)]
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[[100000007] [00000000] [00000000]
01000000 00000000 00000000
00100000 10000000 00000000
00010000 01000000 00000000
00001000 00000000 00000000
00000100 00000000 00000000
00000010 00001000 10000000

L7 — 00000001 00000100 01000000
00000000 00100000 00000000
00000000 00010000 00000000
00000000 00000010 00100000
00000000 00000001 00010000
00000000 00000000 00001000
00000000 00000000 00000100
00000000 00000000 00000010
100000000 00000000 00000001 |

<

These matrices are in fact identical to the localization matrices used in Finite
Element codes to assemble elementary matrices in the global system, however here
the localization is not written for one element but for one substructure (that one
could consider as a super-element or macro-element). Obviously, it is not efficient
to store these Boolean matrices as written above, but rather one should store them
as sparse matrices, or even better one should construct the mapping tables based on
the connectivity of the substructures over the interfaces.

2.2.2 Interface Compatibility

The second condition that needs to be satisfied on the interface is that DOF pertaining
to some structural node have the same response on both sides of the interface, or in
other words that the DOF are compatible on the interface. Considering the DOF of
two substructures s and r coupled on the interface I"*", the compatibility condition
becomes

a —a) =0

on 67

where, as before, the subscript b indicates that the compatibility is written for the
boundary DOF and where we assumed that the DOF are numbered identically on
both sides of the interface.

In general, the numbering on the interface does not coincide and therefore the
compatibility conditions are expressed using signed Boolean matrices B*). When
operating on 1*), these operators extract the interfaces DOF and give them an oppo-
site sign on each side of the interface. The interface compatibility can then be written
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in the following general form:

Nsub
Z BWa® =0 (2.29)

s=1

One can use a block matrix notation to write this condition also in the form

where B = [BD) ... B¥) ] (2.30)

These equations can be understood as compatibility constraints imposed onto the
independent sets of DOF in the substructures. The matrices B*) have dimension
ny x n), where n, is the number of interface compatibility constraints that need to
be imposed.

» Example: Boolean Compatibility Matrix
To illustrate this notation, consider again the examples of Fig.2.2.

1) (2) (2) 3
3 _ _ s _yi)
I 2e «— o1 o2 36 +—— ol I
(1) M\ 2) Ao &)
a. A bar assembly
I 708 2
(1) 2
)\3 /\4
v e de oo
1 2
x “T 6
4

b. A 2D assembly

Fig. 2.3 Examples of assemblies: interpretation of the Lagrange multipliers

For the beam example, the compatibility condition can be written as

)

B = [B® B® BO]a = [m [01 8(1’] [_OIH a2 [ [=0. @31

ol LElUMN Zyl_i.lbl
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The side on which the entry in B is positive and negative can be chosen freely.
The interpretation of B and its associated Lagrange multipliers is depicted in

Fig.2.3a.

For the second example in Fig.2.2, the constraint matrix can be written as

[001000007]
00010000
00000010
00000001
00000000
00000000
00000000
00000000
00000010
00000001

B = [B(l) B® B(3)_]

0 -1000 00O

0 000-1000O0
0 0000 —-100
0 0001 00O
0 0000 100
0 0000 010
0 0000 0O1
0 0000 0O0O
0 0000 0O0O

[—1 0 000 0 007

0000]
0000
0000
0000
0000
0000
0000
—-10000

SO OO

—_
SO o OO
[N eNeNoNe Nl

el eNeleNoNoNe)

coo |
—

0
0
10

0
= 0 00000
| 0 -1 0 00000

The interpretation of B and its associated Lagrange multipliers is depicted in
Fig.2.3b. Note that the last two constraints are redundant. The compatibility
of node 4 in 2" with node 3 in £2®, and of node 1 in 2® with node 3 in
2@ is imposed in lines 3, 4, 5, and 6 of B, so there is no need to impose in
addition the compatibility between node 4 in 2 and node 1 in 2. Adding
this redundant constraint does usually not harm the computation and can even

be helpful for instance in the parallel computing algorithms.

<

As for the localization matrix L, the constraint matrices B are, in practice, not
stored as full but as sparse, or only connectivity information is used to apply them

to a vector.

To summarize this section, an assembly of substructures in the physical frequency
domain (and similarly in other domains) is obtained by imposing compatibility and
interface equilibrium conditions, leading to the set of equations

Nsub

s=1
Nsub

ZOa® = 4 g®

Z B®a® =0

ZL(S)Tg(s) -0
s=1

s=1... N

(2.32)

or in block matrix form
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Za=f+g
Bi=0 (2.33)
L’g=0

2.3 Primal and Dual Assembly

The form (2.32) (or equivalently (2.33)) of the coupled problem uses two interface
fields, namely, the primal unknowns u per substructure (i.e., on each side of the
interfaces) and the substructure interface forces g called dual unknowns.® Solving
the dynamic problem of the assembly in the form (2.32) can be expensive since many
interface unknowns need to be resolved. Hence, these equations can be rearranged in
order to eliminate the interface forces and write the problem in terms of unique inter-
face displacements (primal assembly) or by introducing interface forces satisfying
the interface equilibrium (dual assembly).

2.3.1 Primal Assembly

We can define as primal unknowns for the interface a set of DOF u, that are global
and uniquely defined for the entire structure. The DOF of each substructure are then
obtained by mapping the global set u, to the local DOF of each substructure u®,
Such a mapping was already introduced in the previous section, (2.26), to map the
local interface forces to a global set. The same mapping, but now from the global
DOF to the local ones can be used to write

u® =L%, or u=Lu,. (2.34)
If the substructure DOF are obtained from a unique set as described above, they

automatically satisfy the compatibility conditions that matching interface DOF must
be equal. Hence

BLu, =0 Vu,. (2.35)
This relation mathematically means that L represents the nullspace of the constraint

matrix B:
L = null(B) (2.36)

8In these lecture notes, we will introduce the coupling conditions using basically a two field
approach. A more general three-field approach can also be considered but will not be discussed
here. See. for.instance. Voormeeren.(2012).



2.3 Primal and Dual Assembly 19

» In the example of the beam in Fig. 2.2a for which L was found in (2.28), this
leads to

CURENRSEN

T 1007 | [

i?||=1]]010 i (2.37)
e 001 |||

=(3)

[”1 ] i [0 0 1] |

Clearly, it can be seen that the substructure DOF are “drawn" from a global and
unique set of DOF and thus automatically satisfy the compatibility constraint
on the interface: with the compatibility constraint matrix B obtained in (2.31),
one verifies that

[100]
100

1{[—-100 0
s [ [ 2)(4]| p] oo

[001]

When choosing a unique set of DOF as in (2.34), the coupled problem (2.33) can
be simplified and written as

{ Zlu,=f+g (2.38)

where the compatibility condition is not present anymore since it is automatically
verified. This expression is sometimes denoted as the Neumann—Dirichlet form of
the coupled problem.

The interface forces g can be eliminated from this relation by premultiplying
the dynamic equilibrium (first line of (2.38)) by L7, which builds the sum of the
equilibrium equations on matching nodes. Considering the equilibrium of the internal
forces (second line of (2.38)), the coupled problem can finally be expressed as

Zu,=f, with Z,=L"ZL and f,=L"f. (2.39)

This form is generally referred to as the primal assembly of the coupled problem
and matrix LT ZL is the primal-assembled impedance of the global system. This
assembly is similar to the assembly of finite elements.
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» To illustrate this process, consider again the first example in Fig.2.2a, with
the matrix L given in (2.28). The assembled impedance matrix for this example

then writes
Z,=L"7ZL
C[100] ]
o o[
1771007 o 72 7S 72 100
_ 2) 2 2
=|lo]l|ot1o0f]oO 0 z%%)z%;z% 0 010
ol loo1] |1 z? z® 78 - 001
0 0 z
T [oo1] |

|
N
N
B
N
S
N
N
88

and the dynamics of the beam are expressed by

Zgug = = fg —
Zélz) + Z(2) Z(Z) Z%) i (1) + f(2)
2 ?) 2) _ Z(2)
ZE%; Z%%) (2)Z£3 3) Ifz B (Z)f( ~(3)
Z3 Zyy Zyy + 235 us + fi

2.3.2 Dual Assembly

Let us start again from the coupled form (2.32) (or equivalently (2.33)), but instead
of satisfying a priori the interface compatibility as in the primal assembly, we satisfy
a priori the interface equilibrium.’ This can be achieved by choosing coupling forces
as

9For the descrlptlon of the problem it does obv1ously not manner if one first satisfies the equilibrium
or the compa b his-enly-detesmines-whichsequation in the three-field formulation (2.32) is

oLl ‘”LlLI
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g =BT\ (2.40)

Note that, since BL = 0 and thus L”B” = 0, such coupling forces automatically
satisfy the interface equilibrium:

L'B'A=0 Vv (2.41)

The minus in this definition is a choice to obtain a symmetric form later. The
expression (2.40) can also be written substructure wise as

gV B

: = : A (2.42)
g(NAub) B(NAub)

showing clearly that the coupling forces are generated from a unique set of interface
forces, whose intensities are given by A and are attributed, with the appropriate
positive or negative sign, to the substructure interface. The interface force intensities
A are unknowns pertaining to the interface. The size n) of A is equal to the number
of interface compatibility conditions on the interface.

Substituting the coupling forces by their form (2.40), the coupled problem can be
written as

ZO8Y = 1 BOTN s =1... N
Noub (2.43)

ZB(‘Y)(](-Y) =0
s=1

where the interface equilibrium no longer appears since it is automatically satisfied
given our choice (2.40). In block matrix form, we can write

- T __
{Zu—i—B A=f (2.44)

Bu=0

which is often put in the symmetric form

[ﬁ BOT] m - m ' (2.45)

One observes that A can be interpreted as the Lagrange multipliers associated with the
compatibility constraint (see the general theory of constrained systems in dynamics,
for instance, in Géradin and Rixen (2015)).

eliminated. The end result will be identical, but the mathematical form and the approximations that
can.be applied will be. depending on.the form. that will be solved.
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» To illustrate this form, consider again the first example in Fig. 2.2a, with the
matrix B given in (2.31). The dually assembled form is then written as

8 oo Do [ (LA
2222 |||
o \ZpzhA| o ool ]|
e o ]| La )| L7
o 0 T -] || P || P

1 -100 0 0 Al 0
| |0 0 01 -1 1L N L 0 |
Notice that this representation of the system is larger than the primally assem-

bled counterpart, but in this representation the interface forces, A are explicitly

available. In future sections we shall see that this can be useful. «

2.3.3 Usefulness of Different Assembly Formulations

In this section, we have expressed the coupled problem in three different forms that
are recalled in their block matrix form below for clarity:

I
= =

+8

u
General form u (2.33)
T

= %N

g=10

Primal Assembly |Z,u, =f, with Z,=L"ZL and f,=L"f| (2.39)

pr— -
Dual Assembly |:1Z31:) :| [;l\] = |::;:| (2.45)

To illustrate the primal and dual assembly, Fig. 2.4 shows the assembly of components
with forces or with displacements, and the corresponding matrices.

Each of these representations is mathematically equivalent and, hence, one might
wonder why considering one form or the other might be advantageous. From a
mechanical point of view, the interpretation of these forms is different, and so each
provides different insights. The general form considers each substructure as inde-
pendent (the DOF and coupling forces are defined separately per substructure) and
therefore requires writing all of the interface conditions explicitly. In the primal form,
coupling forces are no longer part of the problem: the only interface unknowns are
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Primal Dual

Fig. 2.4 Primal and dual assemble illustration

the interface DOF, which are unique for the entire structure. In the dual form, it is
the interface force amplitudes A that are unique for the entire structure and represent
the interface unknowns (the interface DOF remaining defined per substructure).

The different mechanical interpretations of the assembly can be used to develop
different numerical and experimental techniques in substructuring. This will hope-
fully become clear in the other chapters of these lecture notes, but here we provide
a brief preview to the various uses of these forms.

Model Reduction (Chap.3) In model reduction by substructuring, the dynamics in
a substructure are approximated by representing the behavior of its physical DOF
in a subspace of representative modes.

— When the primal-assembled form (2.39) is considered, a substructure is seen as
receiving information from its neighboring substructures over the interface DOF
they share. Hence, a natural set of modes for the reduction might correspond to
the static response of the substructure to unit displacements at the interface, and
these could be augmented by vibration modes in which the interface is fixed (i.e.,
the Hurty/Craig—Bampton family of methods naturally arise).

— When the dual assembly form (2.45) is considered, the substructure receives excita-
tion from the neighbors as imposed interface forces. A natural set of representation
modes, in that case, would consist of the static response of the substructure to unit
interface forces and the additional dynamics would naturally be represented by
vibration modes computed with the interface free.

The reduction methods will thus be based on different approximated representa-
tions depending on which mechanical interpretation of the coupling is considered.

Experimental Substructuring (Chap.4) Inexperimental substructuring, the dynam-
ics of (some) substructures are obtained by measurements. Since in experimental
dynamics one typically measures a component with free interface, applying exci-
tations and measuring the dynamic response, one typically measures dynamic
flexibilities (FRFs), namely the response of the component to excitations. There-
fore, considering the dually assembled form seems more natural. Obviously, the
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measured dynamic flexibility could be inverted and assembled in a primal way
(impedance coupling) which would be mathematically equivalent. In practice
however, since the measured dynamic flexibility of the substructure always con-
tains imperfections or are not complete, an assembly should usually be performed
only in a weak sense: the degrees of freedom on the interface should not be forced
to match exactly, but rather only some simple deformation modes on the interface
should be made compatible, allowing for some local incompatibility. This allevi-
ates the effect of measurement errors in the assembly as will be explained later
(Sect.4.3).
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Chapter 3 )
Model Reduction Concepts and oo
Substructuring Approaches for Linear

Systems

Abstract In this chapter, we give an overview of some of the most common reduc-
tion techniques based on substructuring. Although all techniques follow a similar
approach, the main difference between the methods lies into the basis vectors used
in the approximation subspace to represent the dynamics of each substructure and the
manner in which the substructures are a couple. — Chapter Authors: Daniel Rixen,
Matzt Allen, and Thomas Abrahamsson

3.1 Model Reduction—General Concepts (Reduced Basis)

3.1.1 Reduction by Projection

Often, a finite element model is first built for static analysis in order to assess static
deformations and stress levels which might be high especially in small details (stress
concentration areas). Therefore, it is very common to find static models that have
a very refined mesh, hence a high number of degrees of freedom (typically up to
several million). Such very large static models can be solved by means of efficient
solvers, but when it comes to computing free vibration modes, harmonic responses
and/or transient responses, it is required to solve many static-like problems (i.e.,
in the inverse iterations of the eigensolvers or in the time-stepping loop) and the
computing time required is often unacceptable.

Fortunately, for most dynamical problems, such highly refined meshes are not
needed to capture the dynamic behavior. For instance, if we want to compute the
fundamental modes, we know that the first free vibration modes have a rather smooth
deformation and thus a coarser mesh would be sufficient to compute these modes.
Similarly, when computing the dynamic response to external loads which are no
shocks (i.e., which have no high spectral content compared to the eigenfrequency
spectrum of the structure), a coarse mesh yields in most cases accurate results. In
summary, using a coarser representation of the displacement field in the dynamic
model is often acceptable in terms of accuracy and is required in order to perform
dynamic analyses in a reasonable time.
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The structural analyst should thus in principle build two models, one for the
static simulations, one for the dynamic analysis. Knowing that building a model is a
significant part of the entire study, it would be very useful to device a procedure that
reduces the size of the dynamic problem without modifying the mesh grid.

Such procedures indeed exist and are known as reduction methods. Similarly to
the way one approximates continuous fields by a set of shape functions in a Rayleigh—
Ritz approach (e.g., in Finite Elements), the driving idea in reduction techniques is to
replace the DOF by a set of global variables representing the amplitudes of possible
displacement modes (see also Sect.2.1.1):

u(t) ~ Tq(1), 3.1)

where u are all the DOF of the system and T is a reduction matrix of dimension
n x r,r < n and where q of dimension r x 1 is a set of reduced generalized degrees
of freedom. The columns of T define possible displacement shapes for the degrees
of freedom u, and q are the amplitude of these displacement shapes.

In general, replacing u by (3.1), only an approximate solution can be found and
the accuracy of the approximation will depend on how well the assumed modes in
T can represent the exact solution. Introducing (3.1) in the linear dynamic problem
of motion

Mii + Cu + Ku = 1(z), (3.2)

one obtains
MTq + CTq + KTq =f(t) +r, (3.3)

where r is a residual force that is a remainder for the dynamic equilibrium equation:
since the reduction subspace T can in general not represent the exact solution, there
will always be an equilibrium error, whatever the choice of q. Indeed, one now has
only r unknowns q to satisfy n > r equations. Following then the idea of virtual
work, one requires that the reduced DOF q be chosen such that the residual force r
does not contribute to the dynamics in the representation space T or, in other words,
that the residual force does not produce any work for the possible shapes of motion
contained in T:

Tir=0 3.4)

With this condition, we can find the equations to determine q by projecting the
dynamic equilibrium equations (3.3) onto the subspace T:

T'MT¢q + T CTq + T"KTq = T'f (3.5)

which is usually written as ~ ~ ~ 3
MG+ Cq+Kq=f (3.6)

where the tilde superscript indicates that the matrices and vectors pertain now to a
representation. in.a reduced. space.
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After having solved the reduced problem (3.6) for q, one can build the solution
u for the physical DOF by substituting in (3.1). The residual force r for the full
problem can be computed by substitution in the original problem (3.3): it provides a
way to monitor, a posteriori, the error on the equilibrium.

In what follows, we will drop the damping term in order to clarify the presentation.
Reduction of the damping matrix, in particular for substructure reduction, is discussed
in Gruber and Rixen (2018a,b) and the references therein.

3.1.2 The Guyan-Irons Method

The cornerstone of every reduction method consists of finding a representation space
T of the solution that allows finding a good approximation and that can be obtained
with a computational cost significantly smaller than the one involved in solving the
full problem. One very common way to find a reasonably good representation space
was proposed by Guyan (1965) and Irons (1965) as described next.

Let us consider the matrix equation that governs the system dynamics (3.2). To
reduce the size of matrices K and M, let us eliminate a subset of degrees of freedom.
The remaining and condensed degrees of freedom are written, respectively, as u,
and u;. Assuming that no forces are applied on u;, the equation can be partitioned

as follows:
My My | | iin Ky Ky || w f,
.. = 3.7
o [w ]l ] =[] e
or
Mpiip + Myl + Kopup + Kojuy = 15, (3.8)
M,ii; + Myjii; + Kppu, + Kjjuy = 0. (3.9)

One may imagine separating the condensed coordinates u; into two contributions
U = Uy a0 + Wi dyn (3.10)

with the “static” part deduced from
u e = —Kj Kpus. (3.11)

This is obtained by neglecting the inertia forces in (3.9).
The static condensation algorithm consists in neglecting u; 4,, and in building

the reduction
Ul _qory, = | My, (3.12)
L1 §] S ’
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where T¢/ stands for the Guyan—Irons reduction matrix and where
S =-K; /Ky, (3.13)

is the static condensation matrix the columns of which contain the so-called static
modes representing the static response of u; for unit u, displacements. They represent
the static deformation induced in the inner part of the substructure when a unit
displacement is given at an interface DOF.

The reduced matrices are then

KO = TTKT = K» — K21 K 'K12, (3.14)
MC! = TTMT = My, — My K[ K2 — Ko K['M2 + Ko KM K[ Ko
(3.15)

We observe that the reduced stiffness matrix is the stiffness matrix statically con-
densed on u,. The reduced mass matrix is the mass matrix associated to u, and
augmented by the inertia of u; assumed to respond statically. The dynamic problem
is then reduced to

M ", + K%, = £57. (3.16)

If the static condensation algorithm is applied to static problems, the exact solution
is found. But when applied to dynamic problems, an approximation is introduced by
neglecting the dynamic response of the interior of the substructure and thereby assum-
ing that all internal nodes respond quasi-statically to the interface displacements. The
validity of the condensation algorithm thus depends on the extent to which correction
uy gy, is negligible. It is possible to show (see, for instance, Géradin and Rixen 2015)
that the static condensation technique is valid if

w® &L (3.17)

where w is the highest eigenfrequency that one wants to compute for the complete
structure and i is the lowest eigenfrequency of the structure when u, are clamped.
The complete analysis allows to show that static condensation always leads to over-
estimating the eigenvalues compared to the full model. This is natural if we recall
that a model obtained by applying consistently a Rayleigh—Ritz approach is always
stiffer when further restrictions are introduced in the discretization field (see, for
instance, Géradin and Rixen 2015).

The algorithm described above is very frequently used in the context of finite ele-
ment structural analysis. Although originally proposed independently by Guyan and
Irons, it is commonly known as the Guyan reduction method. In commercial codes,
this method is often implemented and used to reduce the complexity of the problem
when no substructuring approach is used. The choice of an appropriate set of master
DOF u, is sometimes done automatically by the software. One simple heuristics
consists of ranking the DOF u according to their individual pseudo-frequency com-
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puted by the ratio of the diagonals of the stiffness and mass matrices, namely for a
DOF k v,? = K/ My, and choosing as master DOF u, the ones with the lowest vl.z.

3.1.3 Model Reduction Through Substructuring

A very interesting way of applying reduction technique is found by applying the
following procedure.

1. Define subparts of the structure called substructures. These substructures cor-
respond, for instance, to parts of the model that are analyzed and designed by
different teams. For an aircraft, this might be the wings, fuselage, stabilizers,
and tail. For a launcher system, it could be different stages of the rocket and the
payload. For a vehicle, one could define as substructures the engine block, the
accessories, the suspension and the car body. We will denote every substructure
by £2¢). The stiffness and mass matrices corresponding to the non-assembled sub-
structures will be denoted by K and M, respectively. The degrees of freedom
per substructure are denoted as u'®.

2. For every subpart, define a reduction matrix T that retains the degrees of free-
dom on the interface boundary, called ul(f), such that

®) _ ) u,” 3.18
u ¢® (3.18)

where ¢ are generalized degrees of freedom representing the amplitudes of
representation modes additional to the ones governed by u,(f). The substructures
are now seen as macro-elements (also called super-element) which stiffness and
mass matrices are given by

(s) (s)

KW = T(S)TK(S)T(S) M = T(S)TM(J)T(S) (3.19)
These reduced matrices of the substructures can easily be shared between different
design teams. Such methods are sometimes called Component Mode Synthesis or
CMS.

3. The interface boundary degrees of freedom u,’ are assembled on the interface of

the substructures exactly as if one would assemble the macro-elements.

(s)
b

If one first assumes that the entire reduction of a substructure is performed by
keeping only the interface DOF u”’ (i.e., no additional reduced DOF ¢® per sub-
structure), one can resort to the method of Guyan—Irons (see previous Section) where
the interface DOF are the master DOF (previously called ugs) when the Guayn—Irons
reduction was applied to a non-decomposed problem). With a simple Guyan—Irons
reduction on the interface DOF of the substructures, the dynamics of the DOF inside
the substructures is neglected, which could be a crude assumption if the eigenfre-
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quencies of the substructures fixed on the interface are not small (see criteria (3.17)).
Hence, additional information about the substructure vibrations should be added to
the reduction basis as explained in the next Section.

3.2 Numerical Techniques for Model Reduction
of Substructures

3.2.1 The Hurty/Craig—Bampton Method

The substructure reduction method discussed in this section is one of the most com-
monly used substructuring technique in engineering practice. It was proposed by Roy
Craig (1968), writing in a more intuitive form ideas previously published by Hurty
(1965). Hence, although most commonly known as the Craig—Bampton method, we
will call it the Hurty/Craig—Bampton method.

The FE discretized system of equations of motion for a substructure reads

M®i® L KOu® = f(S)’ (3.20)

where M® and K are the mass and stiffness matrices, respectively, u® is the
displacement vector, ) is the forcing vector and the superscript s denotes the sth
substructure. The substructure equations of motion are partitioned into interior and
boundary (or interface) DOF (denoted by subscripts i and b’, respectively), as

MM (6] [KS KT [ul?] [ 0 o)
iy v ] i | [ ] Ll [ = 16, -

where the subscripts b and i are indexes referring to the boundary and internal
component of the matrices and vectors.

The representation modes, commonly called Component Modes (CMs) in sub-
structuring, are formed by computing the static response of the interior of the sub-
structure when one interface DOF is given a unit displacement and all the other DOF
are held fixed. The CM set for the entire interface is expressed as

() g )
Py — |:_Kii Kib] . (3.22)

The resulting basis ¥ is used to statically eliminate all interface DOF from the
model, retaining only the boundary DOF. The resulting reduced system is usually of
small size since only boundary DOF are remaining unknowns. In order to capture
the dynamics of the system, the static modes are augmented with a set of dynamic
modes which are obtained by fixing the interface DOF and solving the following
eigenvalue problem:
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(s) 2N 4) _
(K - M) 6 =0, (3.23)

The eigenvectors obtained from this equation are referred to as fixed-interface modes.
A truncated set of m of these mass normalized eigenvectors are collected into a fixed-

interface mode matrix
(s) (s) (s)
¢ = [‘/’i,l’ " ,-,m] - ["’6 } . (3.24)

These modes provide a normal basis for the interior DOF of the substructure. The
fixed-interface modes and the CMs are combined to form the HCB reduction matrix as

T(HCB _ [(p(s) III(‘”)] , (3.25)

which provides a transformation from the substructure physical DOF to the HCB

generalized DOF,
u HCB®) q”
o|=T ® | (3.26)
u, u,

where qf” represents the modal coordinate vector associated with the fixed-interface
modes. The meaning of the static modes and of the fixed-interface modes as used in
the HCB method is illustrated in Fig. 3.1.

The uncoupled substructure-reduced mass and stiffness matrices are now formed
by applying the HCB transformation to these matrices as

M(©HCB _ (T(S)HCB)T M THCB K(&HCB _ (T(S)HCB)T KOTOHCB (3 07)

which, using (3.25), are given by

Q6 VI,
K®HCB _ mo © and M®HBC _ I(S) ﬁ’(?) (3.28)

Static mode Vibration mode

Fig. 3.1 Static modes and internal vibration modes of a substructure. In this example, the interface
is the far left edge of the plate; the constraint modes show motion of a single node on the interface
while the fixed-interface modes show.the motion of the rest of the structure when the interface is fixed
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with Slf,‘j)z the diagonal matrix of the eigenfrequencies of the fixed- interface modes
and with the full submatrices

Rj) = K — KK 'K 329

VY (O) ) () g () OOV O]
Mbb - Mbb - Mbi Kii Kib - Kbi Kii Mib

+ K;(f,-)KS)_] MS)KS)_] KEZ) (3.30)

M, = 0 (Mf,? - M§§>K§§>"K§§,>) =M, (3.31)
The HCB reduced-order models are typically coupled using a primal assembly by
defining a transformation between the uncoupled and coupled DOF that selects the
substructure boundary DOF from a unique global set of boundary DOF (for an
explanation of the Boolean assembly matrix, see Sect.2.2). The assembled HCB
mass and stiffness matrices are formed by adding the coupled contribution from
each substructure as

n

MHCB _ Z (L(S)HCB)T M ©HCBY (HCB (3.32)
j=1
KHCB _ Z (L(S)HCB)T K (HCB (SHCB (3.33)

j=1

where the sth substructure coupling matrix, L®HCB | is formed by extracting the
corresponding rows of LHCB,

> Example: W-bracket
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Fig. 3.2 Exploded view of the W-Bracket system, inspired by the model in Hong et al. (2013),
consisting of five plate substructures arranged in a “W” configuration with three interface sets;
the interface sets I';, i = 1, 2, 3 are highlighted and labeled

For example, consider the W-bracket system from Krattiger et al. (2019)
and shown in Fig.3.2. This consists of five plates assembled into a shape that
resembles the letter “W”’. For this example, the coupling matrix can be written as
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qi,1 (100000007

ur, | 00000100

ur, | 00000010 | (q,
as | |0T000000 | [q
ur,, 00000010 | |q5
ur,, 00000001 | |q.4
4 [T 00100000 |qis(° (3.34)
ur 3 00000100 | |ur,
aa | 00010000 | [ur,
ur, 4 00000010 ur,
as | |0000T000

ur, s (000000071 |

LLHCB

where the boundary DOF of each substructure are further partitioned according
to the interface sets I'y, I'», and I'; as shown in Fig.3.2.

<

The choice of the number of fixed-interface modes kept in the reduction basis for
each substructure can be made based on different criteria:

e A criterion often used in practice is based on the eigenfrequencies of the kept
modes. Typically, one chooses all fixed-interface modes having an eigenfrequency
lower than 1.8 or 2 times the highest frequency of interest in the assembly.

e One can also choose the fixed-interface modes based on how easily they can be
excited through the support, for instance, by defining a measure of the interface
reaction force associate to a mode. Following a similar reasoning, one evaluates
how complete the base of the fixed- interface modes need to be by specifying how
much of the mass of a substructure mass be represented in its reduced matrices.
This can be evaluated using the concept of effective modal mass (see, for instance,
Géradin and Rixen 2015).

e The number of modes can also be chosen based on a posteriori error estimators
(Jakobsson et al. 2011), later reformulated in a less mathematical form and used
for adaptive selection strategies in Voormeeren et al. (2013).

3.2.2 Substructure Reduction Using Free Interface Modes

The discussion in this Section is based on the overview in Gruber and Rixen (2016).
Considering the equation of motion (2.2) of substructure s,

M®u® £ CYa® L KOp® = £© 1 g(s) (3.35)
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every substructure can be seen as being excited by the interface connection forces and
the external forces (contrary to the paradigm underlying the HCM method, where
the substructures are considered as being excited by interface displacements).

This indicates that the displacements of each substructure u® can be expressed
in terms of local static solutions u%, and in terms of eigenmodes associated to the
entire substructure matrices K and M® (hence the free interface modes):

n® _p6)

W —ul Y 0 (336
j=1

Jj

where n) and r® are the number of DOF and of rigid-body modes for substructure
s, and where the free interface modes are solutions of the eigenvalue problem

s RV (s) _
(K® — o) M) 8} =0. (3.37)

The static solution is written as follows (assuming no external forces are applied for
simplicity):
r®
+
ujpy = KO 7g" 43 rla? (3.38)
=1

The static solution arises from solving Eq. (3.35) under the assumption that there are
no inertia forces and no external forces acting on the substructure. The notation K&
denotes the inverse of K when there are enough boundary conditions to prevent
the substructure with a free interface from floating Rixen (2004). If a substructure is
floating, K® ™ is the generalized inverse of K and r'* are the rigid-body modes
of s (see, for instance, Géradin and Rixen 2015 on how to compute a generalized
inverse and the rigid-body modes).

If only a limited number of free interface modes are used for the substructure
dynamics, Eqgs. (3.36), (3.38) results in the approximation

u® ~ —KOTBO ) £ RWa® + 0Wy® (3.39)

The vector ) contains the amplitudes of the rigid-body modes and the vector )
contains the amplitudes of the retained né‘?) local free interface modes eigenmodes.
The matrices R® and @'® contain all rigid-body modes and the retained eigenmodes.

Since a part of the subspace spanned by @ is already included in K(“)+, the

residual flexibility matrix G*) can be used instead of K®™, which is defined by

n® _p6)

0 (:Y) 0 (:Y)T
e (3.40)
w

j=n% 41 j
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(s) T
g (s) g (s)
—K®T _ Z 0/' 01‘
w(S)z
Jj=1 J

Note that, by construction, G® = G®)", which is computed using the second equal-
ity in Eq. (3.40). For further properties of G, see Rixen (2004). As a result, the
approximation of one substructure writes

o®)

u® ~ [R© @9 GOAW] [ 9@ |. (3.41)
(s)
&

(s)
T

GWA®" is the matrix containing the residual flexibility attachment modes of sub-

structure s, since the Boolean localization matrix A®" simply picks the columns of
Gﬁs) associated to the boundary DOF. In other words,

0
A(s)Tglgﬂ = [ (s)] =g® =BWA.
b

2

The approximation (3.41) can now be used to reduce the substructure DOF. Using
the orthogonality properties of the modes in Eq. (3.41), the equation of motion of
one substructure becomes

&(s) a(s)
oo (s s s 7T s s
M(fsr)ee n( ) + K(fzee ”( k = Tg ) (f( : + g( )) (342)
o (s) (s)
g, gy
with the matrices
0 0 0
KY, =TV KOTY = (029 0 (3.43)
0 0 G,
where
Gi,sl);b _ A(S)Gfs)A(S)T (3.44)
and
. 10 0
Mﬁffee — Tﬁ’) M“)TE’) —loxr o (3.45)

(s)
00 Mr,bb
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where
() A OrIOINGH
M), = AVGYIMYGVAY" (3.46)

G%b is the residual flexibility and M(S) »p 18 the interface inertia associated to the resid-

ual flexibility related to the boundary DOF, respectively, and £ being a diagonal
matrix containing the retained 1’ eigenvalues a);S).

Rubin Method (RM)

The Rubin method was proposed by Rubin (1975) and, with the definitions above,
can be explained as follows. In order to assemble in a primal manner the substructure
equation of motion (3.42) in the global system, a second transformation is applied by
the RM. The force DOF g( are transformed back to the boundary displacements u( )
using Eq. (3.41) (see for instance Voormeeren et al. 2011):

) AOg® — RZS)OK(S) + @ZS)Y'(X) + G;(v,xlibg(;) (3.47)

R} and ©" are the subparts of R®) and @ related to the boundary DOF, respec-
tively. From this equation, the interface force DOF can be solved as

-1
with K), = G}, . The transformation matrix T3 from force DOF g’ back to the

boundary displacements u;, % leaving a® and 5 unchanged writes then

| 0 0
T = 0 I 0 (3.49)
(s) s) (s) (s) g (s
_Kr,bbR( _Kr bb@ Kr.l)vb'

The RM approximation for one substructure writes, therefore,
oa®)

u® =T% [ 9© | where Ty =TTy (3.50)
()
U,

Application of this transformation to the matrices of Egs. (3.45) and (3.43) gives
the RM-reduced matrices of one substructure:

K, o =T KO, T = TQ KOTY, (3.51)
M), o =T MY, TS = T MOTS. (3.52)
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These matrices can be directly assembled using primal assembly to get the RM-
reduced matrices K,.; g and M,..4 g of the global system. The RM applies the reduc-
tion matrix Tg) consistently to the mass and stiffness matrix resulting in a true
Rayleigh—-Ritz method as was observed in Craig and Chang (1977).

MacNeal Method (MNM)

The MNM MacNeal (1971) is nearly identical to the RM except for a small change.

First, we will derive the preliminary MNM-reduced matrices IN(Sd un and 1\7[521 MN
following the derivation of the RM to show the similarities between these two meth-
ods. The reduced stiffness matrix of both the RM and the MNM are identical (given

in Eq. (3.51))

~ () s
Kooy =Ko p (3.53)

but the MNM-reduced mass matrix 1\7[521 uy 1s obtained differently. The residual

mass term M), of the matrix M ;)

free IMEQ. (3.45) is neglected, resulting in a modified
matrix labeled

100
MY,y =1]010 (3.54)
000

instead of Mﬁfﬁee for the MNM Voormeeren et al. (2011). The MNM-reduced mass

matrix writes now

Y OV (0] (s) ()
Mred,MN =T; Mfree,MNTZ = Mfree,MN‘ (3.55)

This gives in fact inconsistent equations of motion since the mass and stiffness
matrices are not reduced with the same basis. The assembly of the MNM-reduced

matrices IN(fz)d uy and I\N/Iife)d un 10 the global system proceeds in the same manner
as for the RM. Observing that the boundary DOF u, have no associated inertia
in Eq. (3.55), those DOF can be condensed out of the equation of motion of the
assembled problem and the final MNM-reduced matrices K, s y7ny and M,.4 pn are
obtained (MacNeal 1971). Thus, the size of the assembled MNM system is reduced
further by the number of DOF of u,.

Dual Craig-Bampton Method (DCBM)

The reduction transformation (3.41) can also be used directly, without transforming
A(S)Tg,(f) = B®'\ in interface DOF (as done for the RM or for the MNM) if one
considered the dually assembled problem (see Sect.2.3.2). In the physical domain,
the dual assembly writes
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: 0 S 0 : : :
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Assembling all substructures N in a dual fashion by keeping the interface forces A
as unknowns, the entire structure can consequently be approximated by

(D
,7(1)
u :
~ Tpcp : (3.57)
|:}‘i| a™)
ﬂ(N)
L l -
with the DCBM reduction matrix T pcp:
RO @O 0 0 —GOBW
Toes = R : 3.58
bes 0 R™ @@ _GﬁN)B(N)T ( )
0 o 0 0 I

The approximation of the dynamic equations of the dual assembled system (3.56) is

a0 ] Mo
(1
i el

M, .a,pcB &(:N) + Kyed,pCB océN) = Thepf (3.59)
ﬂ(N) ”(N)
L A ] LA
with the DCBM reduced mass and stiffness matrix
MO 10

Mred,DCB = Tgcg [0 0:| TDCB = [0 Mr] (360)

K B”
K,ei.ncs = Thep [B 0 ]TDCB (3.61)

with

N
M, =) BYGYMOGYBY" . (3.62)
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M, ... pcp and K,.4 pcp are diagonal for the parts related to the different substruc-
tures. The coupling between the substructures is only achieved by the rows and
columns related to A. The DCBM applies the reduction matrix T pcp consistently to
the mass and stiffness matrix resulting in a true Rayleigh—Ritz method.

The DCBM enforces only a weak compatibility between the substructures and
does not enforce a strong displacement compatibility between the interfaces com-
pared to many other common reduction methods (Rixen 2004). Considering the
system of Egs. (3.56) and (3.35) multiplied by the reduction matrix T}, the last
row of Eq. (3.59) results from

MOED + KOu® + BO ) = g1

MM{E®N L KNy L BTy = V) (3.63)

N
Z B®u® =0

s=1
multiplied from left by the last row of T7 ., which is
[-BDGD .. —BMGM T]. (3.64)

Replacing the strong interface compatibility condition of Eq. (3.56) by the weak
form according to the multiplication of Eq. (3.63) by Eq. (3.64) can be interpreted as
follows. Denote Af®) the residual forces of substructure s resulting from the weak
satisfaction of the local equilibrium of the substructure approximating the dynamics
by a small number of free interface normal modes. Name Au® = G Af®) the
displacements these residual force Af) would create locally. Then the weak interface
compatibility condition Egs. (3.63) and (3.64) states that a compatibility error (i.e., an
interface displacement jump) equal to the incompatibility of Au® is permitted Rixen
(2004).

Compared to MacNeal’s and Rubin’s method (1971, 1975), the weak interface
compatibility of the DCBM avoids locking problems occurring during the appli-
cation of the aforementioned methods. Therefore, the approximation accuracy is
improved Rixen (2004). But the fact that a weak interface compatibility is allowed
in the DCBM implies that the infinite eigenvalues related to the Lagrange multipli-
ers A in the non-reduced problem (3.56) are now becoming finite and negative Rixen
(2011). In practice those negative eigensolutions will appear only in the higher eigen-
value spectrum if the reduction space is rich enough (Rixen 2011). Nevertheless, the
reduction basis has to be selected with care avoiding potential nonphysical effects of
the possibly occurring negative eigenvalues.

If M, in Eq. (3.60) is neglected strong interface compatibility is enforced again
and the DCBM reduced system with M, = 0 is equivalent to the MNM (Rixen 2004).
Then static condensation can be applied again to remove A (as it was done for u,, at
the end of the derivation of the MNM in section “MacNeal Method (MNM)”) from
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the assembled system since no mass is associated. Thus, the size of the assembled
system is reduced again by the number of DOF of A.

3.2.3 Numerical Examples of Different Substructure
Reduction Techniques

The Benfield truss (Benfield and Hruda 1971) of Fig. 3.3 is used to compare the
results obtainable by the HCB, the MNM, the RM, and the DCBM. The planar truss
consists of two substructures having uniform bay section whereas all members have
constant area and uniform stiffness and mass properties. The left component consists
of five equal bays and has a total of 18 joints and the right component consists of
four equal bays and has a total of 15 joints (Benfield and Hruda 1971). The lowest
eigenfrequencies w of the entire structure shall be approximated by the different
methods.

The relative error &,¢1,; = |Wrea,j — @ fuin,jl/@run,j of the jth eigenfrequency is
used as a criterion to assess the accuracy of the different methods. Thereby, w1, ;
is the jth eigenfrequency of the full (non-reduced) system and w;.,, ; represents the
Jjth eigenfrequency of the reduced system obtained by each method.

Using 5 elastic (fixed or free interface normal modes) per substructure the relative
errors &, depicted in the semi-log graph in Fig. 3.4 are resulting. Since all methods
give the correct rigid-body modes only the relative errors of the elastic modes are
plotted. All methods give a relative error of less than 1% for the first six eigenfre-
quencies. Comparing the free interface methods for this example, the RM performs
always better than the DCB and the DCB performs again always better as the MNM.
The HCB and the DCB result in similar frequency errors.

The sparsity pattern of the reduced stiffness matrix K,.; and reduced mass
matrix M,.; of the HCB (Fig. 3.5), the MNM (Fig. 3.7), the RM (Fig. 3.8) and
the DCB (Fig. 3.6), respectively, illustrate the differences of the assembled reduced
structures. Both the reduced stiffness matrix K, ., and the reduced mass M,..; matrix
applying the HCB and the DCB, respectively, have only diagonal entries for the sub-
parts of each substructure. On the one hand, the coupling between the substructures
using the HCB is entirely achieved by the last rows and last columns in the mass
matrix M,.4 cp (Fig. 3.5b) and the remaining part is diagonal (Bampton and Craig
1968). On the other hand, the coupling applying the DCB is entirely achieved by the

KKKKK KKK

Fig. 3.3 Benfield truss (Benfield and Hruda 1971)
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last rows and last columns in the stiffness matrix K,.s pcp (Fig. 3.6a) and again the
remaining part is diagonal (Rixen 2004). The corresponding degrees of freedoms are
either the interface displacements u, or the interface forces A but no direct coupling
between the modal parameters of adjacent substructures occurs which ensures the
sparse structure.

In contrast, the sparsity pattern of stiffness matrix K,.; and the reduced mass
matrix M,.4 obtained by the MNM and the RM, respectively, show full matrices.
The MNM gives indeed an entirely diagonal reduced mass matrix M, .4 yn (Fig.
3.7b) but causes always a full coupling between all DOF of all substructures via the
reduced stiffness matrix K, .4 »n (Fig. 3.7a). This makes the reusability of reduced
models obtained by the MNM very inefficient and therefore nearly impossible from
a practical point of view.

The RM also causes a coupling between the substructures via interface displace-
ments uy in the reduced stiffness matrix K,.s g (Fig. 3.8a) as well as in the reduced
mass M,..4.r (Fig. 3.8b). Moreover, all DOF belonging to one reduced substructure
are coupled with all other DOF of the same substructure which is why the reduced
matrices of the RM are full for the substructure blocks and not diagonal.

oLl Z'yl_ilsl
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Fig. 3.6 Sparsity pattern of ..
the reduced matrices .
applying the DCB using Te,
5 normal modes per b
substructure 10 ‘., '
* .
20 8,555
| sesens
10 20

(b) M,ca.pcr

Fig. 3.7 Sparsity pattern of . .
the reduced matrices : %5
applying the MNM using 5le 5 "
5 normal modes per . e
substructure : Y
10} 10 "
15}+ 15| "o
5 10 15 5 10 15

Fig. 3.8 Sparsity pattern of
the reduced matrices
applying the RM using

5 normal modes per
substructure

{a) Kred.ﬂ (b) Mr{:d.ﬁ‘

This result concerning the sparsity of the reduced matrices is outlined in Table 3.1,
which shows the number 7 of nonzero elements in the reduced matrices K,..; and M,..4
and the sum n,,,,; of both obtained by the different methods for this example. The
reduced matrices of the HCB, the MNM, and the DCB contain a similar number
of entries while the RM causes even for such a simple example a remarkable high
number of entries. The number of entries of the MNM are comparable to the HCB and
the DCB but will increase dramatically if the number of substructures is increased
since K., will always be completely full.
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Table 3.1 Number n of nonzero elements in the reduced matrices obtained by the different methods
for the Benfield truss using 5 normal modes per substructure

HCB MNM RM DCB
nin K, ¢4 40 216 314 196
nin Myeq 118 16 354 50
Riotal 158 232 668 246

3.2.4 Other Reduction Techniques for Substructures

In the previous sections, we have outlined the classical substructure reduction meth-
ods (or Component Mode Synthesis) using either free or fixed interface modes.
Other methods, are not outlined here, like for instance the Craig—Chang approach
which uses also free interface modes, but computes the interface forces from a global
(assembled) problem (Craig and Chang 1977).
Many other variants of CMS methods were published over the past years and they
can be classified as follows:

e Loaded Interface Modes Some authors have proposed to compute the quasi-static
modes around a central frequency (Shyu et al. 1997) or to use vibration modes
with an impedance attached to the interface. In certain cases, such modifications
can improve the accuracy of the reduced model.

e Modal Truncation Augmentation and Moment Matching The vibration modes
used, for instance, in the HCB or in the RM approaches are not specifically tuned
for the excitations coming through the interface, whereas the static modes are. It is
possible to enrich the static modes with higher order static contribution computed
over a Krylov series. This leads to a method original called Modal Truncation
Augmentation (or MTA) (Dickens and Stroeve 2000) and was generalized to higher
orders corrections in the HCB in Rixen (2002). Later, techniques called Moment
Matching (Su and Craig 1991), that basically used the same ideas as MTAs, were
applied for model reduction mainly in the control community (see, for instance,
(Antoulas 2005, Holzwarth and Eberhard 2015, Stoev and Mohring 2010). The
idea of MTA was also applied for the DCBM (Rixen 2009, Kim et al. 2017).

e Balanced Truncation In the control community, reduction is seen from the point
of view of controllability and observability. This leads to representation modes
derived from so-called Grammians that were used for reducing substructure models
in Holzwarth and Eberhard (2015), Stoev and Mohring (2010). Balancing of State-
Space models will be discussed in Sect. 3.4.4.

e Mixed Methods Several methods were published where different types of vectors
(attachment modes, static modes ... ) were combined. One of the most commonly
used in major Finite Element software (although not cited much in the community,
maybe because the explanations in the publication are poor) is the one from Herting
(Herting 1985). Note also that it is possible to mix primal and dual assembly
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for different DOF on an interface (which can be advantageous depending on the
stiffness ratios across the interface) (Voormeeren et al. 2011).

e Finally, let us mention that methods have been proposed where the reduction is
performed in an iterative manner, computing the residual force on the full model
after a reduction (see (3.3)) and enriching the reduction base with, for instance,
the static response of the substructures to that residual force (Balmes 1997, Bathe
and Dong 2014).

3.3 Interface Reduction with the Hurty/Craig-Bampton
Method: Characteristic Constraint Modes

While the number of degrees of freedom in a model may be reduced dramatically
using the Hurty/Craig—-Bampton (HCB) method, that method retains all of the DOF
at the interfaces between substructures, and so the resulting model may still be
unacceptably large. Furthermore, since the minimum timestep for time integration is
limited by the distance between the two closest nodes, the HCB model may still be
almost as expensive to integrate as the original model. Several methods have been
proposed over the years to address this problem, and while none has been widely
implemented as has the HCB method, they do seem to be effective in many scenarios.
This section presents a brief review of methods for interface reduction. For further
details and a comparison of each method on the W-bracket, see the recent review in
Krattiger et al. (2019).

Craig and Chang (1977) seem to have been the first to propose methods to reduce
the interface DOF, presenting three methods in 1977. However, they do not appear
to have been used subsequently until Castanier et al. (2001) rediscovered the modal
method by applying a secondary eigenvalue analysis on the interface partition of the
assembled CMS model and obtaining what they called the Characteristic Constraint
(CC) modes. The assembled, system-level HCB matrices were used to compute these
modes, so this method is referred to as the System-level Characteristic Constraint
(S-CC) mode method. While the method is effective, it is often undesirable to have
to assemble the system before reduction and so this has inspired the investigation of
other methods that perform the reduction before assembly.

Hong et al. (2013) subsequently proposed an interface reduction technique that
performs an eigenvalue analysis on the HCB interface DOF prior to assembly. They
then concatenate the shapes obtained for each interface and enforce compatibility
between the local-level characteristic constraint (L-CC) modes obtained from each
interface. This method is referred to in Krattiger et al. (2019) as the “exact compati-
bility L-CC method,” because it is possible to enforce exact compatibility using that
method. However, in practice, some of the shapes are typically truncated and there
is some level of approximation.

Alternatively, Kuether et al. (2017) proposed a method that weakens the com-
patibility at the interface. The L-CC modes of each substructure remain separate
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but are combined to minimize the compatibility error between connecting substruc-
ture interfaces. Aoyama et al. (2001) presented a method similar to S-CC except
that each interface is assembled and then reduced separately. The recently presented
Hybrid-level Characteristic Constraint (H-CC) mode method blends these concepts,
performing an S-CC type analysis on each pair of interfaces. In a related work,
Balmes (1996) explored a CMS basis that defined arbitrary interface deformations
to describe a set of generalized DOF along an interface. A few other less commonly
known methods are reviewed in (Krattiger et al. (2019)).

The following reviews three different interface reduction strategies: the S-CC
method (Castanier et al. 2001), the Exact-Compatibility (EC) (Hong et al. 2013), the
Weak-Compatibility (WC) method (Kuether et al. 2017) and the Virtual Node (VN)
method. Additional methods are reviewed in Krattiger et al. (2019). The phrase
“system-level” indicates that interface reduction is applied to the fully assembled
HCB model, whereas “local-level” indicates that interface reduction is performed on
the individual substructures before they are assembled.

3.3.1 System-Level Characteristic Constraint (S-CC) Modes

As done by Craig and Chang (1977), and detailed by Castanier et al. (2001), the
HCB models for all subcomponents are first assembled, the interface partition of the
assembled system is extracted and then an eigenvalue analysis is performed

(Ki® — o!M}8) 7 CC = 0. (3.65)

The eigenvectors obtained are called S-CC modes and the first n vectors are collected
into a matrix,
O5CC = [¢7°C, ... 97 . (3.66)

The matrix ®5CC is used to replace the interface DOF of the HCB model into
amplitudes of the S-CC modes,

u, ~ ¢5CCq,. (3.67)
The S-CC reduced mass (and similarly stiffness) matrices are obtained by pre-

and post- multiplying the assembled HCB matrices in Eq. (3.33) with the S-CC
transformation matrix to obtain

T
msce - (19 MM L0 : (3.68)
0 @SCC MZIiCB MEbCB 0 oSCC
— e’

Ts-cC
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This reduces the size of the interface partition of the HCB model from the number
of physical DOF on the interface to the number of S-CC modes in the truncated
eigenvector set, ng, . Itis interesting to note that static reduction modes were proposed
for the interface of a dual Craig-Bampton model in Rixen (2011).

3.3.2 Local-Level Characteristic Constraint Modes

As mentioned previously, the prior method requires that the complete HCB model of
each component be assembled prior to reduction. This may not provide the desired
computational gains in many applications, and it requires knowledge of what the
component will connect to in order to perform the reduction. An alternative is the
local-level interface reduction techniques, where the interface is reduced before the
subsystems are assembled.

Exact Compatibility (Hong et al. 2013)

The EC L-CC interface reduction was first proposed by Hong et al. (2013) and is
uses a similar eigenvalue analysis on the interface partition, only this is performed
on each individual substructure prior to assembly. For the jth subcomponent, the
following eigenvalue problem is solved:
(KU — @MY () =0 369

The L-CC modes are denoted ¢1L'CC for the jth substructure. The L-CC modes for
each substructure are then used to reduce the interface DOF of that substructure.

Once again the W-bracket system in Fig. 3.2 can be used to illustrate the process.
The L-CC modes in <I>%'CC from Eq. (3.69) have interface DOF for boundary sets I';
and I',, while the modes in <D12“'CC have interface DOF for boundary sets I'; and T'3.
Substructures 3, 4, and 5 only have one interface I'y, I'», and I's, respectively. The
L-CC modes for each subcomponent (1 through 5) are expressed then as

opee =[], ot [20]
! oL : oL

L-CC _ gL-CC L-CC _ gL-CC L-CC _ gL-CC
¢3 _¢F1,3’ ¢4 _¢F2,4’ ¢5 _¢l‘15

(3.70)

Following what was done in Krattiger et al. (2019), for each substructure the
interface modes are computed for the entire interface set simultaneously, even if the
set of interface nodes comprises multiple distinct interfaces. Then, for each distinct
interface, the modes from every substructure are concatenated to create a complete
basis for each interface. The result is called the augmented set, e.g., ¢i—lig. For the
W-bracket system in Fig. 3.2, we have the following augmented sets:
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P I,

aug
Pr,

L-CC L-CC aug L-CC L-CC L-CC
[¢l‘1,1 ¢F1,3 ] ’ ¢rz - [¢F2,1 ¢F2,2 ¢F2 4 ] ’

3.71
[Pk o], o

The augmented interface L-CC modes for each interface will generally not be linearly
independent and this must be corrected before they can be used. Indeed, the matrices
may be rank deficient to numerical precision such that they cannot be used as a basis.
To address this, Hong et al. used a Singular Value Decomposition (SVD) on the
augmented L-CC modes,

T
RS (Vi) = ot (3.72)

where U® and S3® are the left singular vectors and the diagonal singular value
matrix for the jth interface set. If some singular values are very small then the basis
isill-conditioned and the corresponding singular vectors must be truncated. In Hong’s
work (Hong et al. 2013), the truncation tolerance used wasog = 1 x 10~* = 0.01%,
where oy, is the ratio of the minimum singular value to the maximum for the retained
modes. In Krattiger et al. (2019), the effect of ox on the model performance was
evaluated, revealing that og = 1 % 10~* = 0.01% was optimal for the W-bracket,
but this can be expected to be problem dependent.
The resulting matrices Ur; can then be grouped for each subsystem j to form
a block-diagonal matrix that contains all the interface sets for substructure j. Take
substructures 1 and 3 as examples. The orthogonal L-CC basis is
U, = [Uorl U"Fz], Us = U, (3.73)

Then, the reduced mass and stiffness matrices for each subcomponent j are

pEcLce _ |10 FIMEP M T 0 (3.74)
/ N OUJ MHCB pHCB OUJ : .

bi, j bb, j

Further details are provided in Krattiger et al. (2019).

Weak Compatibility
The WC L-CC method also begins by computing local interface modes for each
substructure using Eq. (3.69). This transformation expresses the physical interface

DOF as a linear combination of the interface modes,

w,; ~ 0 g, ;. (3.75)
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Then the reduced-order mass matrix for each substructure is

T HCB HCB
mveree _ |10 i M1 0 (3.76)
j 1o (p]L—CC MHCB \HCB 0 ¢jL—CC : :

bi, j bb, j

The models for each substructure are not statically complete at the interface, so
they cannot simply be assembled. Furthermore, because the basis for each interface
may not span the same space, they could lock if strict constraints are enforced.
Instead, the following approach is used. The constraint equations for the interface
are written as

Bqcas =0 (3.77)

where q.,; contains the interface modal coordinates concatenated from each uncou-
pled substructure, e.g., qcar = [llrl,l, llrl,3]. A transformation is sought such that,
Qear = LpQusm, and this can be obtained if L;, lies in the null space of B. Hence, the
matrix B is formed and its null space is computed and used to define L.

For the W-bracket example, the following constraint equations need to be satisfied:

ur, | =ur,3, Ur,;=Ur,>, Ur,;=Ur4, Ur2=ur;s. (3.78)

Collecting all of the constraint equations into a single matrix and expressing them in
modal coordinates gives

dp,1
LT 0 -k 0 0 )
b2
oL -ekS 0 0 0 o am
L-cC L-CC Q3 = Y- (3.79)
Dr 0 0 —Pry 0 a
b4
0 x5 0 0 —orT
qp,5
B

Then, the transformation L, is sought that minimizes BL,. Specifically, the SVD,
B =1Ug SBVE is computed and the columns of Vp are retained if their singular values
are less than a null space tolerance, o . The compatibility will be good (although
typically not exact) as long as the singular values are small. Those motions at the
interface that are compatible will govern the motion of the coupled system, while
those displacements that are deemed incompatible are discarded.

Once an approximate null space has been obtained, it is placed into the boundary
partitions of the overall coupling matrix. For the W-bracket model, this gives
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where N; denotes the rows of N corresponding to the interface DOF of the jth
substructure. Finally, the reduced-order system is assembled by summing over the
substructures.

mWveL-cc _ Xn: (L}Jvc L—CC)T M;vc L—CCL}VC Lce, (3.81)
j=1

where L}NC L-CC contains the rows of LWC-CC corresponding to the jth uncoupled
substructure.

Virtual Node

Lindberg et al. (2013) presented an interface reduction method that formalizes some
concepts that have been used in industry for many years. This method was proposed
as a way to connect stiff and soft substructures at a single Virtual Node (VN) having
six DOF. In Krattiger et al. (2019), this approach was generalized to allow n virtual
nodes along an interface. Each virtual node is connected to neighboring nodes with
multi-point constraints, and so the node set can collectively move in six shapes defined
by three orthogonal translations and three rotations around the VN’s position.

This type of approach is used very commonly in industry, although there are
various flavors. For example, the RBE3 elements that are commonly used in Nastran
perform a similar operation, although they do not eliminate the interface nodes merely
compute the motion of a virtual node that tracks the average motion of the interface.
The experimental counterpart, operating on measured FRFs, can be found in the
virtual point transformation, which is discussed in Sect. 4.6.

Other Approaches

Coppolino proposed a complementary approach called Modified Guyan Reduction
(MGR) in which forces are applied in the shape of a certain vector, such as the
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displacement patches used in the VN approach, thus allowing the interfaces to deform
in a natural way but reducing the number of interface DOF (Coppolino 2018).

Other extensions to the interface reduction methods proposed here are certainly
possible. One notable addition is the Hybrid method (H-CC), which is described in
detail in Krattiger et al. (2019).

3.4 State-Space Model Reduction

A state-space model representation gives a unified approach to the modeling of
finite- dimensional dynamical systems. It is often used in control theory and in
system identification theory alike but less so in classical structural dynamics theory
that rely more on second-order system descriptions. However, it also suits well in
structural dynamics and as such gives a good bridging link to the system identification
that estimates mathematical models from experimental data. The state-space system
formulation for nonlinear or linear dynamical systems provides a general first-order
differential form description that relates the system responses to known and unknown
system stimuli. In testing, the system responses are measured with sensors using a
data acquisition system that unavoidably mixes the true system response with noise.
Since the unknown stimuli and sensor noise are often best seen as being stochastic, a
so-called stochastic state-space description that embeds deterministic and stochastic
parts can be expressed by the state transition differential equation, also called the
dynamic equation together with the output equation as

X = AX + Bs + Ew, (3.82)
r=Cx+Ds+v.

Here x € R" is the state vector, s € R is the vector of known stimuli and r € R
is the output vector. The system order is n, the number of independent stimuli ele-
ments of the excitation vector is ny, and the number of response elements of the output
vector is n,. The column vectors w € R"» and v € R represent unknown process
noise and output noise, respectively. The matrices A, B, C, D, and E are state-space
coefficient matrices out of which B € R"*"s is the output matrix, C € R"*" is the
input matrix, and D € R is the direct throughput matrix. In general, for a non-
linear and time-varying system, the system coefficients are state and time dependent.
However, for linear time-invariant systems the matrices are constant coefficient.

In vibration testing, the system of interest is often put on soft supports to isolate
it from ambient vibrations. The system is excited by some measured stimuli s and
its responses r are picked up as sensor signals which are filtered, digitized and
processed in a data acquisition system. In reality, the registered stimuli s is not the
true system stimuli since sensors are not ideal and the support system does not fully
isolate the test object from ambient vibrations which lead to unknown vibration
stimuli w transmitted to the system. However, in many cases, the stochastic terms



3.4 State-Space Model Reduction 51

may rightfully be deemed negligable which leads to the deterministic state-space
description

x = Ax + Bs (3.83)
r =Cx+Ds

for which there is an initial value time domain solution given by a convolution integral
expression, see Eq. (3.89) below.

The frequency domain counterpart for the steady-state dynamics of the determin-
istic time domain model follows from the assumption that a harmonic stimulus with
amplitude § and frequency w, i.e., s(t) = PRe{S8e'“'}, results in a harmonic response
PRe{fe''}. This gives the relation between input and output as

Refte'’} = Re{[C(iwl — A)~'B + D]se’} (3.84)

which defines the system’s transfer function H, also known as its frequency response
function as
H(w) = Ciwl —A)"'B+D (3.85)

A state-space model, on the form given by Eqgs. (3.83) or (3.85), attempting to
mimic the behavior of a real system may be called a realization within a model
structure 9T of a system. For a multi-input-multi-output system, the coefficient
matrix quadruple 9 = {A, B, C, D} generally holds n? + nn, + nn; + n,n; ele-
ments in total. However, for a given input/output relation, there is no unique state-
space description. Unique realizations can be obtained after adding model form con-
straints. Four such realizations; the balanced realization, the modal realization, the
Jordan form realization, and the coupling realization are of particular interest here.
For the balanced realization, the observability and controllability Grammians (see
below) are forced to coincide. The modal form is applicable for most systems and is a
realization in which its states are fully decoupled. Some systems with esoteric behav-
ior cannot be transformed into a system with fully decoupled states. For these, the
Jordan normal form gives the realization with the minimal coupling between states.
The coupling realization is particularly useful for coupling of state-space models
for which force equilibrium and displacement compatibility need to be enforced at
subsystem interfaces.

A change of variables x = Tz with a nonsingular transformation matrix T leads to
aproof of the nonuniqueness. Setting out from Eq. (3.83) and using the transformation
x = Tz give

Tz = ATz + Bs, (3.86)
r = CTz + Ds.
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Since T is nonsingular this leads to

z2=T 'ATz+ T 'Bs= Az + Bs (3.87)
r = CTz + Ds = Cz + Ds,

which is a similar realization with the state-space matrix quadruple 90t = {A,
B, C, D} and states z that gives the same input/output relation as the realization
{A, B, C, D} with states x. A similarity transformation, such as x = Tz, which is
known to preserve the eigenvalues of the system, thus also preserves its input/ output
relation.

Markov Parameters and the Hankel Matrix. Associated to the dynamic equa-
tion of the state-space description (3.83) is the matrix integral solution of the initial
value problem

x = Ax + Bs with x(0) = x (3.88)

for which the exact solution is given by the convolution
t
x(t) = D ()xg ~|—/ & (t — 1)Bs(r)dr. (3.89)
0

Here @ (¢) is the state transition matrix, which is
D) =N =T+ 1A/ 4+ 12A%21 + ... (3.90)
An important special case is for the impact stimuli s(t) = [1 1...1]78(¢) of a
system at rest with xo = 0 and §(¢) being the Dirac delta function. For such an ideal
impact (hit), the convolution integral in (3.89) evaluates to

x(t) = [A°B + tAB/1! + ?A’B/2! +...[1 1... 117 (3.91)

and the system response r = ry; is thus given by

rni(f) = [D8(t) + CA°B + tCAB/1! + ?’CA’B/2! + .. .J[11...1]7. (3.92)

The terms of the system’s impact response series are associated to its Markov
parameters defined as

hp=D h,=CA*'B, k=1,2,... (3.93)
from which it can be noted that the impact response is

O () = (ho8 (1) + Y hyarr® /KN 1.. 1) (3.94)
k=0
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The infinite-size Hankel matrix 7 of the system is constructed from its Markov
parameters as follows:

h; hy hs hy ... CB CAB CA2B CA’B ...
h, h; hy hs CAB CA?B CA’B CA*B :
H = = _ (3.95)

h; hy hs he CA’B CA’B CA“B CAB

Although the Hankel matrix is of infinite size, its rank is bounded to be rank (77°) <
n. This follows from the Cayley—Hamilton theorem stating that A raised to any
power can be expressed as a linear combination with a finite number of terms as
Al = Z?;(l) o i A, This, in turn, leads to that the number of linearly independent
columns (and rows, and thus the rank) of the Hankel matrix is limited. The number of
positive singular values of the Hankel matrix is thus also bounded. Its largest singular

value o (F€) is associated with the largest impulse response of the system.

Discrete-Time State-Space Modeling. The convolution solution (3.89) is utilized
for deriving efficient computational schemes for discrete-time solutions. Consider
the solutions at two consequent discrete times kT and kT + T, where T = 1/f; and
f; is referred to as the sampling frequency. The solutions are

kT
x; = MTx) + / AKT—OBs(1)dt (3.96)
0
and

kT
xpp1 = AT Dy +/ AKRTHT=OBs(7)d 7 (3.97)
0

kT kT+T
= AT (AT x, + / AT DBs(1)dT) + / AT =D Bg(1)dt
0 kT

kT+T
=eAx, + / AKTHT O Bg(7)d 7.
kT

It is interesting to note that after a sample interval [kT kT + T] in which no
excitation take place the state x| can be computed without approximation using
the discrete- time transition matrix and the previous state X, for an arbitrary slow
sampling rate 7.

Using so-called zero-order-hold assumption, i.e., assuming that the stimulus sy is
constant over the sampling period T, the excitation term can be approximated as

kT+T kT+T
/ eA(kT+T7T)BS('L’)dT ~ ( eA(kTJrT*T)d'[)BSk_ (3.98)
kT kT
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With the change of variables kT + T — t = t’, the integral expression can be
evaluated into

KT+T o ro.,
/ ARTHT =D g — —/ ATdr = / ATdr (3.99)
kT T 0

= /OT(I + A+ 1?A%)21+ . )dt =TI+ T?A/2 + T3A?/3! + . ..
= AN TA+T?A221 4+ T3A3/31 +..) = A~ (AT —T).
Which leads to the explicit time-stepping algorithm for the states
Xir1 = Axy + Bsy (3.100)
and the response
Vi = Cx; + Dsi (3.101)
with the discrete-time state-space matrices
A=¢e*T and B=A"(AT —DB. (3.102)

It can be shown that for stable systems ||A|| < 1, which is a requirement for the
time-stepping numerical integration scheme (3.100) to be stable.

3.4.1 Structural Dynamics Equations in State Space

It is interesting to relate the state-space model structure to the second-order linear
mechanical system that is so often used in finite element (FE) structural dynamic
modeling that in this setting reads

Mii + (V + G)i + (K + 1K, + Lyu = F() (3.103)

with the displacement and load vectors u, F € R¥. Here M, V, G, K, K,, L are the
mass, viscous damping, gyroscopic, stiffness, geometric stiffness, and circulatory
matrices, respectively, and N is the number of degrees of freedom of the model.
The A is the buckling load parameter with A = A, giving static buckling. Let F(¢)
relate to the nonzero independent stimuli s(#) with the linear relation F = P,s. Here
P, € RV*" s the so-called picking matrix that, however general, most often is a
Boolean matrix used in the procedure to pick out the nonzero loads of F, bringing
that to the nonzero stimuli s and by P, redistribute the nonzeros back into F. The
mass matrix is assumed to be symmetric positive definite and therefore Eq. (3.103)
can be rewritten as
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i+M'(V+Gia+M 'K+ 1K, +L)u = M 'P,s(r) (3.104)

Combined with the trivial equation Iq — Iq = 0, Eq. (3.104) can be written as the
state-space dynamic equation

. 0 I 0 —A B
X= [ —M~'(V+G) -M~'(K + K, +L)} X+ [M‘lPs] 8= AX+DBs
(3.105)
where the state vector X has been introduced so that

X = (“) and thus % = (“) (3.106)
u u

The quantities of interest in mechanical analyses is often a selected set of dis-
placements, velocities, accelerations or quantities that can be derived from these,
e.g., stresses and strains. Let the quantities of interest be the outputs y of the system.
In finite element vibrational analysis, the outputs of the model are often obtained
by post-processing the analysis results. The analysis results, in this case, are the
nodal displacements u and velocities u of the model. The analyst then specifies what
quantities are of his interest and lets the post-processor calculate these using analysis
results together with complementary model data. These quantities are often linearly
related to the displacements and velocities given by the analysis, and are therefore
natural ingredients of in a linear state-space model. Displacement and velocity out-
put elements may easily be extracted. This can be made by letting a picking matrix
P operate on the state vector x containing all nodal displacement and velocities of
the FE model. The time derivative of the state vector x holds the acceleration data.
Let P, be the picking matrix that picks out the displacements of interest r; from
the displacement partition of the state vector and P, be the one that picks out the
velocities of interest r,; from the velocity part. Then the output equation becomes

r= (;fvf) _ [‘:)d I())Vilx - [‘Cﬂ x. (3.107)

Let further P, be the picking matrix that picks out the accelerations of interest r,
from the acceleration partition of the state vector’s time derivative X. Then the output
equation for accelerations becomes

r=r,=[0P,]%x=[0P,][Ax + Bs] = C,x + Ds. (3.108)
In summary, for a combined output
ry

r, (3.109)
Iy

..,
Il
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the corresponding state-space model quadruple {A, B, C, D} can be identified to be

0 1 0
A=- [Ml(V +G) M~ (K + 2K, + L),] B= |:M1Ps,:| (3.110)
Cy P, 0 D, 0
C=|C (=0 P D=|D,|=]|0
C., [0 P,IA p,| |[0P.B.

Here it may be noted that only acceleration output has static contribution through
the direct throughput term D,s, i.e., direct contribution from the excitation besides the
dynamics of the system via the dynamic equation x = Ax + Bs. This is consistent
with Newton’s second law that directly relates acceleration contribution to force. The
velocities and displacements, on the other hand, need to be obtained as the integral
solution to the initial value problem X = Ax + Bs, x(0) = x¢. The velocity output
is also related to displacement output by r, = dr,/dt and therefore it is also given
that

r, = Cd[AX + BS] = CdAX + CdBS = CdAX (31 1 l)

since it can be easily verified from above that C;B = 0 and thus no direct throughput
from s occur to velocity in this formulation either.

For other output quantities which relate linearly to the above quantities, e.g.,
strains and stresses, the corresponding state-space description is straightforward.

3.4.2 State Observability and State Controllability

State observability and state controllability play important roles in experimen-
tal vibration engineering. Loosely speaking, the state observability condition tells
whether the states of the system can be uniquely determined from recorded response
r. Similarly, the state controllability tells whether the model’s states may be excited
independently from each other by the stimuli s. In vibration testing, often targeting
eigenmodes of a structure, the observability and controllability of the modes given
by the chosen sensor-actuator configuration are critical for success. In the sensor
placement, the observability criterion should, therefore, be fulfilled such that no crit-
ical states are non-observable. Likewise, state controllability of critical states should
be maintained by proper actuator placement such that these states are excited and
therefore contribute to the measured response.

State Observability. The concept of state observability is linked to the outputs
and states of the system. Given a state-space model and the set of responses r and
stimuli s, the question of observability is whether the model states x are deducible
from the set. This is more rigorously formulated in the following definition: A linear
system is said to be observable at time 1, if the state X(ty) can be uniquely determined
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from the response x(t) when t > ty. If the system is observable for all times, then the
system is said to be completely observable.

The observability of a state-space model {A, B, C, D} can be investigated pro-
vided the model and its inputs and outputs are known. When the output is given at
times ¢ > fo, also the time derivatives of the output at  may be determined. Using
that r = Cx + Ds, and therefore the sequence

I = Cx + D§$ = CAx + CBs + Ds (3.112)
f = CAX + CB$ + D§ = CA%x + CABs + CBs + D§

leads to maximum 7 independent equations (not more according to the Cayley—
Hamilton theorem, see below) for x. On matrix form these equations are

R =9Ox+GS (3.113)
with R being the vectorial concatenation of r,r, ¥, ... and S being the vectorial
concatenation of s, §, §, . . .. The observability matrix of the system O is

C
CA
o= CA? (3.114)
CA™!

and matrix G is irrelevant for observability. If the n,n-by-n observability matrix has
a rank of less then n, some linear combination of the n columns add to zero, and
therefore there are (transformed) states that do not contribute to R. Itis thus necessary
for observability of all system states that the observability matrix is of full rank. Is
the full rank condition also sufficient for observability? To examine this, we start
with multiplying equation (3.113) with the transpose of O to obtain

OTR = OTOx + OTGS. (3.115)

If © is of full rank then O7 O is nonsingular and thus the state vector x can be
determined as its unique solution, which is

x=©OTO)1OTR - GS). (3.116)
Is this also the solution to Eq. (3.113)? If it is not, for the two different solutions x;

and x, we would have £ (x; — x;) = 0 which means that some linear combination of
the columns of © is zero, which contradicts the assumption that © is of full column
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rank. In conclusion, we may thus state that: A realization is uniquely observable if
and only if the observability matrix O has full rank 7.

It is important to notice that observability of states or lack of observability of
states is not a given system property but can be actively affected by the selection
of sensor configuration. In the planning of a vibration test, the observability issue
can be addressed and various sensor configurations can be compared with respect
to observability. Since the selection of sensor configuration affects the C matrix,
different configurations can be evaluated for best observability in a pretest planning
phase using FE analyses if an FE model is available. It is further interesting to note
that, for high-order models, the time-continuous observability matrix Eq. (3.114)
involve large entries when n is large and ||A|| > 1. Its numerical evaluation may
then be troublesome since that may involve high powers of A. The observability
matrix of the stable discrete-time model

OT = [CT (CA)T (CAHT ... (CA" )T 3.117)

with | |A| | < 1doesnot suffer from this problem and is thus better suited for numerical
evaluation.

State Controllability. The concept of controllability relates to the input and the
states of a system. The state-space first-order differential equation can be used to
examine the concept. The controllability is defined by the following: The system
x= Ax + Bs is said to be state controllable at time t = t if there exists a piecewise
continuous inputs(t) that will drive the initial statex(to) to any final statex(t y) within
a finite time intervalt; — ty. If this is true for all initial times and all initial states,
the system is said to be completely state controllable.

If a time-invariant system is state controllable, it is thus also completely state
controllable. For such systems, a quantitative test of controllability can be derived.
To this end, let the initial time be #) = 0, for which the solution to the state-space
equation is

iy
x(ty) = e x(0) + / AUDBs(1)d-, (3.118)
0
which, for nonsingular €7 can be reduced to

e Mix(tr) — x(0) = Ax(ty) = f ' e A"Bs(1)dr. (3.119)
0

The Cayley—Hamilton theorem giving A% = 'J’;}) oc.,-kAk together with the defi-
nition exp(At) = I+ tA + 1?A%/2! + ... gives

n—1
e M= "0 (DA (3.120)
=0
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with N
aj(t) = Z(—l)kajkrk/k! (3.121)
k=0

Hence, Egs. (3.119) through (3.121) give

n—1

n—1 ¢
Ax(tp) = Y AB / i J(Ds(0)dr = ABc; (1) (3.122)
0

=0 j=0

with .,
¢j(ty) =/' a;j(t)s(r)dt (3.123)
0

Equation (3.122) can then be written in matrix form as

Ax(ty) = [B AB A’B ... A" B¢} ¢] ... ¢ 1" (3.124)
and represents a set of n equations and nn, unknowns. The matrix equation has a
solution for any Ax(ty) provided that the n x nn, matrix

¢ =[B AB A’B ... A" 'B] (3.125)

has n independent columns. The matrix € is known as the controllability matrix and
thus the system is completely state controllable if € has rank #.

Similar to the observability matrix of continuous-time systems, the controllability
matrix has bad numerical properties when the system order gets large and ||A|| > 1.
The observability matrix of the associated discrete-time model

~n—1.n~

¢=[BAB A’B...A" "B (3.126)

of the stable system is then better suited. This matrix related to discrete-time entities
is sometimes called the reachability matrix.

Controllability and Observability Grammians. Suppose a realization is given
by x= Ax + Bs, x(#)) = X and the quest is to bring the state to zero by a finite
amount of energy input u in a fixed time 7. Is that possible? To answer that question,
the initial value solution for a given s

Iy
x(t7) = 2 x(0) + f AUDBs(1)dt (3.127)

fo

can be used. For a nonsingular eA®~) we thus have
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ty r
—X) = / A=) AU "D Bg(T)dT = / AT IBs(1)d. (3.128)
0 4]

This is an integral equation for the sought stimuli s. Its solution can be shown to
be

s(t) = =BT e @006 (1, 1)xq, (3.129)
where .
f r
B (t, t7) = / ADBBT A 0= g (3.130)
to

is the controllability Grammian. To see that Eq. (3.130) really gives the solution, let
it enter into the integral of Eq. (3.128) which renders

Iy T
_/ AW—DBRT A (IO*T)szl(tO’ t7)XodT = (3.131)

o

ty
—[ / A=OBBT A" 0D 118 (1, 11)x0 =

fo

—&.(to, t1)® (t, t£)X0 = —Xo

since &, (o, t7) is constant. The process requires that the controllability Grammian
is nonsingular and therefore invertible, which is, therefore, the Grammian-related
condition for controllability.

Similarly, for the realization x= Ax + Bs, r = Cx, the corresponding observ-
ability Grammian

tf
®,(t, t7) = / A (0= CT CeAlo=D) g ¢ (3.132)

fo

must be nonsingular (Kailath 1980) for the realization to be observable from the
output during over times 7o <t < 5.

The Grammian singularity test is known to be a test for linear dependence of
functions /; and /; for which the Grammian G j; = ft? [l dt should be nonzero for
linear independence. In the case here, the functions for independence test are the
system’s state sequence eA’B to impulse excitation. Let the start time for control
stimuli vary, i.e., let fy = ¢, and observe the following property of the controllability
matrix

d d [ 4 AT
278t 1) = E/ ATIBBT A T T = (3.133)

t

t
t

AG (t,t7) + &.(t,t,)AT —BB”.
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For large time ranges ¢ty — t and damped (asymptotically stable) systems, the
state impulses eventually die out asymptotically and do not contribute more to the
Grammian. Thus, for large control times the Gramian derivative with respect to initial
time variation is zero. The infinitely long time Grammian &2° is thus governed by
the Lyapunov equation

ABZ(t,t7) + B2(t, t;)AT — BB’ = 0. (3.134)

On the other hand, the corresponding long time observability Grammian &° can
be shown (see Kailath 1980) to be the solution of another Lyapunov equation

ATSX (1, 17) + BX(1.1)A — CTC = 0. (3.135)

Numerical methods for solving the Lyapunov equations exist but are computa-
tionally expensive. For large order systems (say n > 10.000), the solution may take
hours to obtain even with a fast computer (as of year 2018). Recall that the Grammi-
ans obtained by the Lyapunov equation are for infinitely long control and observation
times. The general controllability Grammian, as defined by Eq. (3.130), is seen to be
dependent on control time and is thus not unique. Also, observe that the Grammians
are not invariant to similarity transformations. Therefore, a similar realization as in
Eq. (3.86) normally gives other Gramians &. and &,. This is used to the advantage
for model reduction using the balancing realization, one important realization form
discussed below.

3.4.3 State-Space Realizations

State-Space Realization on Diagonal Form. The diagonal form, also known as
the modal decomposition form, is a particular state-space realization that is strongly
linked to the free (i.e., s(#) = 0) decaying system state from an initial state x(0) =
@ £ 0 for which it holds that

x(t) = Ax(1), r(t) =Cx(t), x(0) = ®. (3.136)

Under the assumption that the free decay is governed by the solution x(t) = ®e*
one has
AD =20, r(t) = Coe (3.137)

for which there are nontrivial solutions (A, @) provided that A is a root of the char-
acteristic polynomial det (A — AI) = 0. Such roots are also called system poles and
the associated solution vectors @ are the eigenvectors of A. Assuming that A and C
stem from a physically realizable system (for which the response r to a real-valued
stimulus r is real), a real form of A € R"*" and C € R" *" is possible. Thus the char-
acteristic_polynomial has real-valued polynomial coefficients and the poles are thus



62 3 Model Reduction Concepts and Substructuring Approaches for Linear Systems

either real or appear in complex-conjugate pairs. The eigenvalue problem (3.137)
for all eigensolutions combined is

AT =TA, (3.138)

where the modal matrix T has all system eigenvectors as columns and the eigenvalue
matrix A has the associated system poles, normally sorted in increasing magnitude
order, as elements along its diagonal. It has been shown, see e.g., Golub and van
Loan (2012), that A is fully diagonal provided that all system poles are unique.
That state-space realization thus has fully decoupled states. For systems with system
poles that are not all unique, but for which some or all appear in clusters of coalescing
poles, it has been shown that a minimal-form A has a 2 x 2 block-diagonal form
for the associated poles and is otherwise diagonal. Such systems, with a so-called
deficient system matrix A, are treated in the next section that treats the Jordan normal
form while this section is devoted to systems that can be brought to a fully diagonal
form for which the system matrix A is non-deficient. That includes systems that has
repeated eigenvalues but for which A is still non-deficient.

Using that T"'AT = T~!'TA = A together with the state transformation x = Tz,
the realization (3.87) becomes

72=Az+T 'Bs= Az + Bs (3.139)
r=CTz+Ds = Cz+ Ds

and since A is diagonal the first-order differential equation system thus becomes
fully decoupled. In free vibration in one mode only, i.e., zx(¢) # 0, z,, = 0 Vm # k,
one notes that the response is

r(r) = Cz(r) (3.140)

and the k:th column of C (denoted C ;) is thus the k:th eigenvector of A as seen by
the sensors through the projection of C.

Since the eigenvalues may either be real with real-valued eigenvectors, or appear in
complex-conjugate pairs with associated complex-conjugate eigenvectors, a block-
diagonal real form of the generally complex-valued realization {A, B, C, D} is pos-
sible. For each complex-conjugate pair of eigenvalues Ay = PRe{Ar} £ TJm{A.}, the
corresponding 2 x 2 block of the system matrix becomes

Refrr} —Tm{h}
[ﬁm{xk} Relic) G140
and the associated two columns of T become PRe{@} and IJm{P}.

For the modal form realization (3.139) the frequency domain transfer function,
see Eq. (3.85), can be expressed as

H(w) = Cliwl — A)"'B+D (3.142)
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Since the state matrix A is diagonal, with the kth eigenvalue A; on its kth row and
column, one notes in particular that a transfer function element H;; can be expressed

as
Hij(w) = C;: di B, + D;; 3.143
1@ = Cidiag(;——)B, + D (3.143)
or using the so-called pole-residue form as
- Cikékj
H;; = —— + D;;, 3.144
i () 1§=1 . + D;; ( )

where Cj; Bkj are the n residues of the transfer function H;;. Since the eigenvectors
of A are generally complex-valued, the residue may be a complex-valued scalar.

> A two-degree-of-freedom example

(1-w) k

k
7 AAA
m m
_[B
B

Fig. 3.9 A two-degree-of-freedom system

Let the parameters of the system in Fig.3.9be « =0, 8 = 1, k = 100 N/m,
v = 10 Ns/m and m = 1 kg. Let further the output of the system be the dis-
placement of the rightmost mass and the input be the force applied on the other
mass. A numerical state-space representation, see Eq. (3.85), is then

0 0 1 0 0
0 0 o0 1 0

A=| 500 100 —1 1| B=|y| €= 100]
100 —100 1 -1 0

for which the eigenvalues to three significant digits are A » = —.0527 £ 6.18i
and X34 = —.947 £ 16.14i [rad/s] and the transformed system on diagonal

form is
—.0527 — 6.18i 0 0 0
A 0 —.0527 4+ 6.18i 0 0
o 0 0 —.947 — 16.1i 0
0 0 0 —.947 + 16.1i

ol LElUMN Zyl_i.lbl
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.269 — .00555i
.269 + .00555i
—.427 + .00779i
—.427 — .00779i

B =

C= [—.00116 +.136i —.00116 — .136i .000435 4 .0326i .000435 — .03261']

The corresponding real-valued 2 x 2 block-diagonal realization is

—.0527 —6.18 0 0

A 6.18 —.0527 0 0

0 0 —.947 —16.1
0 0 161 —.947
533
B | Ol C =[-.00116 .136 .000435 .0326]
o : 136 . :
—.0158

A root locus plot of pole positions for various combinations of parameters o
and o, can be seen in Fig. 3.10. From that, it can be noted that some parameter
combinations render coalescing poles that are the subject of the succeeding
numerical example.
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— 1
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- 3
Ay
5F b 4
. @
Ay
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Fig. 3.10 Root locus of four system poles for discrete step variation of « with fixed g = 1
(red) and of varying 8 with fixed o = 1 (black). Arrows indicate increasing parameters o and
B. Asterisks (with values of @ and $) indicate where poles coalesce which result in deficient
systems
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State-Space Realization on Jordan Normal Form. For some systems with
repeated eigenvalues, i.e., Ay = Ay = ... = Agqm,, With multiplicity m; + 1 it is
impossible to form the same number of eigenvectors to diagonalize the system. Such
systems have a deficient system matrix A with lesser than » unique eigenvectors and
its principal vectors (sometimes called generalized eigenvectors) need to be found as
the missing columns of T to form the minimal system, called the Jordan normal form
A. That system is minimal in the sense that it gives a minimal number of couplings
between its states and at the maximum couples states two-by-two. Systems with
rigid-body modes or critical viscous damping are examples of such, as are illustrated
by three examples below. The structure of the minimal coupling form is given by the
following theorem.

Jordan Normal Form Theorem: If A € R"*", then there exists a full rankT €
C™" such that T~'AT = blockdiag(J1, ..., J,) is block diagonal with Jordan
blocks Ji related to eigenvaluesiy with multiplicitym; and Zﬁc:l my = n. The kth
such block is

M 1 0
Ak 1
Ji = (3.145)
Ak 1
0 Ak ey
Proof See Halmos (1958). U

» Three variants of the two-degree-of-freedom example

Let the parameters of the system in Fig.3.9 be such that (a) « = 1 and 8 = 0,
b)a=0and B =1.553,and (c)x = l and 8 = /2. In all three cases k = 100
N/m, v = 10 Ns/m and m = 1 kg. This will render; (a) an undamped system
with one rigid-body mode, (b) a system with one critically damped mode, and
(c) a system with both one rigid-body mode and one critically damped mode.
Principal value calculation will then give the following transformation matrices
and resulting system matrices on Jordan normal form:

(a)
50 +.0177i —.0177i 01 0 0
T |50 —0177i +.0177i i_|00 o0 0
|00 +25 +25 “lo0 —141421i 0
00 —25 —25 00 0 141421
(b)
—.0378 —.0015 +.0222 —0.1153i +.0222 + .1153i
T | #0545 +.0043 —0111 —0.1500i —0111+.1500i

+.5685 —.0158 +.7537 +0.2039i +.7537 — .2039i
—.8200 —.0106 1 1
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~15.0372 1 0 0
i 0 —15.0372 0 0
- 0 0  —.493146.6319 0

0 0 0 — 4931 — 6.6319i

(©)
+.0499 +.0035 —.7071 0
—.0499 —.0035 —.7071 0

T= —.7053 +.0002 0 —.7071
—.0002 0 —.7071

—14.1421 1 00

A 0 —14.1421 0 O

0 0 01

0 0 00

<

State-Space Realization on Balanced Form. Moore (1981) has showed that it
is possible to find a similarity transformation x = T,z such that the controllability
Grammian of Eq.(3.134) &2° and the observability Grammian &°° of Eq.(3.135)
simultaneously become diagonal and equal (balanced), i.e., &° = &2°. The corre-
sponding state-space model

z="T,'AT,z+ T, 'Bs (3.146)
r =CT,z+ Ds
is called a balanced realization, with Grammians balanced over the control and obser-
vation range [0, oo].

The procedure to obtain the balancing transformation involves the solution of two
Lyapunov equations and goes as the following.

Balancing procedure:

1. Solve two Lyapunov equations for matrices P and Q
ATPA-P+CI'C=0 AQAT —Q+ BB’ =0. (3.147)
2. Make a Cholesky decomposition of the symmetric and positive definite Q
R'R =0Q. (3.148)

3. Compute a singular value decomposition to obtain the singular value matrix X' for
singular values in decreasing order.in the relation
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UXU" =RPR’. (3.149)
4. Then the balancing transformation T}, is given by
T, =RTUX /2. (3.150)

It should be noted that, although the controllability and observability Grammi-
ans are both diagonalized and equal, the realization m = {T;IAT;,, Tb_lB, CT,, D}
related to Eq. (3.146) is generally not taken to diagonal form by the transformation
z = T,x. For large-scale models with many states (say >10.000) it should also be
noted that the solution to the Lyapunov equations is very computationally demand-
ing. However, the balanced form is very well suited for model reduction as states
that contribute little to the input/output relation can be singled out by the associated
small elements of the diagonalized Grammians and by that reduced from the model.
State reduction schemes will be described next.

3.4.4 State-Space Reduction Based on Transfer Strength

Many model order reduction techniques have been developed in order to balance
the accuracy and simplicity of the systems, see Refs. (Antoulas 2005, Noor 1994,
Ersal et al. 2008). Eigenvalue-based model reduction techniques, such as dynamic
condensation, component mode synthesis, and modal truncation, continue to receive
attention due to their low computational cost and applicability for very large systems
(Varga 1995, Qu 2004). These approaches produce reduced-order models under the
assumption that the eigenmodes with eigenfrequencies in the vicinity or within the
dominant spectrum of the loading are the system’s dominant eigenmodes to be kept
in a reduced-order model.

One of the key features of the system is its input—output behavior and selection
metrics for reduction have been developed to best conserve this feature of the original
system. Skelton (1980, 1983) proposed a component cost analysis method for first-
order continuous-time systems which assigns a cost function associated with the
mean-squared system output under white noise stimuli. This method is best suited
for small-scale systems since it requires the computationally expensive solution of
a Lyapunov equation for the evaluation of the cost function. Another metric based
on the unit-step response was proposed by Aguirre (1993) and is based on a simple
formulation for either transfer function or state-space representation of the system.

Balancing Truncation. A reduction scheme that is popular in control engineering
is based on the balanced input—output relation m = {T;IAT;,, Tb_lB, CT,,D} =
{A, B, C, D}. It has the drawback of requiring the costly balancing operation but has
the beneficial properties given by the balancing reduction theorem below. Let 90t
be balanced with diagonal controllability and observability Grammians &, = &, =
® = diag(g). Partition the matrices related to the n separated larger Grammians in
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g; from the n smaller in g; of & as

g1 0 n All A12i| 5 |:}_31:| = A
G = A=|-"" - B=|- C=|C, C 3.151
[0 92] |:A21 Axn B, [C: €] ¢ )

Let further the systems & € R 1)x041) apnd G, ¢ ROFT)x01+1) pe

TAB TAu B,
6_[(—:0} 6,—[(—:1 0] (3.152)

The model 95?, = {Al 1, I_}l , Cl , D} is then a reduced-order system obtained from
{A, B, C, D} by balanced truncation. It has some guaranteed properties related to
stability, controllability, observability, and impulse response which are given by the
following theorem.

Balancing Truncation Theorem: Given the controllable, observable, and stable
system M, the reduced-order system M, obtained by balanced truncation have the
following properties:

1. M, is balanced and has no unstable poles.

2.If hp, = eig(Apy) # Ay = eig(Axn)/VYp, q then iI_TIr is controllable and observ-
able.

3. Let the ordered singularvalues of Gbeo;, i = 1,2,...,qandlet further the
number of singular values of &, be k withk < q. The Hankel ¢ -norm of the
difference between the full-order systemS and the reduced-order systemS, is then
twice the sum of neglected Hankel singular values as: ||6 — &, ||x, < 2(0k+1 +
... toay)

Proof See Antoulas (2005). O

The last part of the above theorem implies that if the neglected singular values are
small, the frequency response functions of 9t and 91, are close. The error bounds
of continuous-time and discrete-time state-space model reduction were established
by Glover (1984) and Enns (1984).

Modal Truncation. To obtain accurate reduced-order modal state-space models,
it is necessary to determine the dominant eigenmode subset which keeps the most
important features of the system. In the simplest form given by Davison (1966), the
lowest damped modes has been considered as the dominant subset to be kept while
the complement set was eliminated. The shortcoming of this reduction approach
is that the retained modes can be selected from the uncontrollable or unobservable
eigenvalue subspace of the original system. Such modes do not contribute to the
input—output relation of the system at all. Thus, the created reduced-order model is
not minimal. In Varga (1995), the original system is divided to several subsystems
which are in the balanced form. In each subsystem, eigenmodes with largest Hankel
singular values (the square root of the eigenvalues of the product of the observability
and controllability gramians) are considered as dominant modes to retain.
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A frequency-limited interval modal dominancy index for continuous-time systems
with both under-damped and over-damped eigenvalues was introduced by Vakilzadeh
etal. (2014, 2014). The index quantify the two-norm contribution of each eigenmode
to the system output deviation. Thus, the nondominant modes with less output contri-
bution can be identified and excluded to obtain the appropriate reduced-order model.
The main advantage of this index is that it is on explicit form in terms of modal
contribution and the frequency bound of interest. In addition, the retained low-order
model does not contain any uncontrollable and unobservable modes.

Consider the diagonal (i.e., modal) realization of a linear, time invariant, and
stable continuous-time system given by Eq. (3.139). Let the partitioned diagonalized
state-space representation be

#] _[A 07[z] , [B
=0 R s
r=[C G [2} +Ds, (3.153)

where z; contains the n, modal coordinates to be retained in the low-order system
and A, is a diagonal matrix which involves the n, dominant eigenvalues of the
full system G = (A, B, C, D). Thus, the truncated system can be written as &, =
(A1, B, C, D).

The low-order model obtained by modal truncation has some guaranteed proper-
ties. First, the H,, norm of the difference between the full model and the low-order
model has an a priori upper bound. In diagonalized form, the difference between
the transfer functions of the full model G (&, w) and the reduced-order model,
G,(6,, w), can be written as (see Eq.3.144)

g

G(6.0) -G (&, 0)= Y

k=n,+1

Ckby

3.154
ia)—)»k ( )

Thus, the Hy, norm of the error system is upper bounded by the following expres-
sion

o - o a@h)
16(8. ©) = G(Sr, @)l = supl& (G(S. @) = G (S, )] = k:nZil Re(hr)
(3.155)

where o (.) is the largest singular value of matrix (.). Secondly, the eigenvalues of the
low-order model is a subset of the eigenvalues of the original model and therefore
they keep their physical interpretations (Ersal et al. 2008), e.g., the modal truncation
preserves the stability property of the full system.

The upper bound of Eq.(3.155) hints to a reduction strategy to yield the low-
order model. It remains to be determined which set of eigensolutions to be used in
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the reduced-order model in order to conserve the input—output behavior of the full
system to as large extent as possible. To this end, let the k:th modal coordinate of the
diagonalized state-space equation be described by

2k = M2k + bis
Arp = Crzk, (3.156)

where the stimuli vector s € R™ is unit-impulse at # = 0 and the response vector
Ary € R are the modal contributions to the system output. The following metric
(or dominance index) quantify the contribution of the k:th mode to the full system
output

o0
Msz (Arf Arydt. (3.157)
0

According to Parseval’s theorem this dominance index can be transformed into
the frequency domain as

+o0
Msz (AR (0) ARy (w))dw. (3.158)

o]

Utilizing the Laplace transformation, the input—output relation can be written as
ARy = G (iw — 2) " 0iS(w) (3.159)

With a unit-impulse signal (S(w) = 1Vw) and a substitution of Eq. (3.159) into
Eq. (3.158) then leads to

+00 PH=H=
M, = / b (iw — M) 1EH & i — ) "' brdw = _Tbeecabe g6
o Re(hi)

However, most loading situations of relevance here are such that the (one-sided)
load spectrum is dominated by the content in a specific frequency region from w,
thru w,. For the reduced-order model to more accurately represent the behavior in
this frequency region, the frequency information of the input can be taken into the
account by assuming that S(w) = 1 Yo = [w;, w,] and S(w) = 0 elsewhere. That
leads to the following frequency-weighted metric

M, = wz(ARk(w)HARk(a)))dw. (3.161)

)
With Eq. (3.159) this then leads to
- biefeby

M, =~ atan(@) — Im(y) — atan(@; — Im(3y) (3.162)
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Based on this metric, a frequency interval dominancy based definition of modal
dominancy can be introduced; Definition: For a given threshold value € > 0 and
frequency interval [w;, w;], let n, be the number of metrics for which M, > € for
k=1,2,...,n,. The modes associated to this are the dominant modes.

As a consequence, the full model has n, dominant and n, — n, nondominant
eigensolutions. An important feature of this metric is that the retained dominant
eigenvalue subspace is both controllable and observable since each non-observable
or noncontrollable mode k would render M; = 0.

A fuller description of the reduction procedure, also treating the case with sets of
nonunique coalescing eigenvalues, together with a numerical example that illustrates
its performance is given in Vakilzadeh et al. (2015).
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Chapter 4 ®
Experimental Substructuring e

Abstract In this chapter, we outline techniques to use measured dynamic charac-
teristics of components to build an assembled model. Although the basic theory is
pretty straightforward, the difficulty in experimental substructuring lies in the limi-
tations in what can be measured and the special techniques needed to alleviate errors
in the measured signals.—(Chapter Authors: Daniel Rixen, Maarten van der Seijs,
Randall Mayes, Matt Allen & Thomas Abrahamsson)

4.1 Introduction

The substructuring methods discussed in previous chapters are equally applicable
when any of the data for a substructure is replaced with experimental data. However,
established methods exist to measure some quantities, such as the free-free natural
frequencies of a structure, while other quantities, such as the constraint modes in
a Hurty/Craig-Bampton model, may be practically impossible to measure. In the
theory so far, we have seen that a wide variety of substructuring methods are based
on the following formulations (recalled here for the frequency domain):

=1
Il

General form (2.33)

= %N
N
I
]l

[1)=]
I
=

Primal Assembly |Z,u, =f,  with Z, =L"ZL and f, =L"f| (239)

T
Dual Assembly [ﬁ'ﬂm = [(f)] (2.45)

The key consideration now is, what domain should we use to describe Z (i.e.,
modal domain, time domain, etc.) and what measurements can we obtain? A few
common options are reviewed briefly here:
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Frequency Response Function (FRF) Measurements

Recall that for frequency-domain measurements, Z is the dynamic stiffness of a
structure, and while it cannot typically be measured, one can measure the inverse or
frequency response Y (w) = Z(w) "'

YO (@) = Z9 (@) = (~o?™M® +i0C® + K®) " (2.16)

If we apply a force (i.e., with a shaker, impact hammer, etc.) or input at point j and
measure the response (i.e., with an accelerometer, laser vibrometer, etc.) or output at
point i, then the element YS) (w) can be measured at the excitation frequency, w. In
practice, a force is applied over some range of frequencies, transient measurements
are acquired in the time domain, and FFT techniques are used to obtain the FRF over
a range of frequencies.

Typically, a set of measurements is obtained by including multiple response trans-
ducers so i = 1...N,, where N, is the number of output points and multiple inputs
(or drive points) can also be used so that j = 1...N;. Hence, one can eventually
obtain a matrix of FRFs, Y® () at enough points so that an adequate model of the
substructure can be obtained and coupled to other substructures, as elaborated later.
Measurements may be used to create a model for one of the substructures (e.g., for
s = 1) and the others would presumably be modeled numerically.

Measuring Modal Parameters

In the physical domain, a system model can be described in terms of the mass,
damping, and stiffness matrices, but as was the case with dynamic stiffness, these
matrices cannot typically be measured.

M®i® 4 C®y® 4 K®u® = f® 4 g(S)_ (2.2)

However, given a set of either time- or frequency-domain measurements with N; > 1,
one can extract a modal model of the structure of the following form:

(s),

M q“ + C(Y)

q@ +K"q® =" + 39, 2.9)

where q € RV with N,, the number of vibration modes that are extracted from
the measurements. Assuming that the modal masses have been mass normalized,
the mass matrix is an identity, M"Y = [1], and ¢V = [\2¢,0n ], K = [\w?\] are
defined by the modal parameters, i.e., the modal natural frequency w, and modal
damping ratio ¢, for modes r = 1...N,,. The measured mode shapes at points i =
1...N, are used to populate the mass normalized mode shape matrix, ¢, which appears

. HO) T . . ..
in the force term = ¢ £ The resulting equation of motion is as follows:

MY + [\2¢ 0. ]()q<s>+[\ 2 ]<> @ — g@TW 4 O 4.1)
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This experimental and modal representation of the dynamics of substructures can
also be used to build an assembled system as will be shown later, one challenge
being to express the interface conditions between physical DOF when only modal
amplitudes are used as unknowns.

Fitting a modal model for each component and performing the assembly using
the modal information is a very attractive approach, especially when the measure-
ments of the frequency responses are not good enough to estimate the impedances
of the substructures. Although such an approach can lead to good results for some
structures (as explained later), the local modal information could be insufficient to
properly combine components. In addition, the modal approach is hardly applicable
for components with a high modal density. Note that the so-called “structural mod-
ification” techniques as implemented in several commercial testing software can be
seen as a special case of substructuring, where simple components (lumped masses,
springs...) can be added to the measured component, often using modal models of
the test object (see, e.g., Avitabile 2003).

4.2 Why Is Experimental Substructuring So Difficult?

To elucidate some of the issues that are encountered in experimental substructuring,
consider two beam substructures to be connected in a lap joint configuration with
ten bolts as shown in Fig.4.1.

1. Inclassical frequency-based substructuring, one requires the drive point and trans-
fer FRFs to be measured for every connection DOF. For this case, if one considers
one connection node per bolt, and three translations and three rotations per node,
then a matrix of 60 x 60 connection FRFs must be measured for each beam and
there are two beams. Also, in order to measure the rotations, we would need a rota-
tional accelerometer in three directions, mounted exactly at the connection point
and a hammer or shaker that applies a pure moment (i.e., no translational force)
as an input; hardware does not exist that can reliably meet these requirements.
Hence, one may decide, for logistical reasons, to measure only the translational
components of force and motion. However, this will eliminate 3/4 of the FRF
matrix, and in many cases one cannot expect that 3/4 of the FRF matrix is negli-
gible.

Fig. 4.1 Sample substructuring problem where two beams are joined by 10 bolts, represented by
vertical lines
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How does one place a sensor or actuator at every DOF. Remember there is a
“hole” at the idealized connection point. Should the bolt be left in and apply
forces and mount sensors on that? How does one apply a perfect shear force,
or measure a shear acceleration right at the idealized point of connection?
If the two 60 x 60 FRF matrices are successfully measured, how does one
account for the compliance and damping of the interface? Traditional meth-
ods “weld” the connection DOF together with no interface compliance or
damping, but actual joints are known to have finite stiffness and often have
non-negligible damping.

Drive point FRFs are already ill-conditioned for the required inversion,
and measurement errors are known to make the inversion even more ill-
conditioned often producing spurious resonances.

This example has idealized connection to 10 nodes, but in reality, connec-
tions between parts are continuous and span the area of the lap joint.

Some of the difficulties enumerated above can be addressed by performing sub-
structuring in the modal domain, i.e., CMS substructuring.
2. Consider the requirements associated with classical CMS substructuring.

a.

Here, there is not a requirement to apply a force to every connection DOF, but
only to excite all the modes active in the required frequency band. With this
approach, at least, the pesky requirement to apply moments is eliminated.
Again it is difficult to make the translation and rotation measurements and
accurately extract all the connection DOF mode shapes.

For a free-mode basis set, extremely accurate rigid body mode shapes are
required as well. (In fact, the rigid body mode shapes are often more impor-
tant than any of the elastic mode shapes.) These are often not easy to measure.
Often these analytical estimates or mass properties’ measurement provide
better estimates of these than low-frequency modal methods.

The extracted mode shapes eliminate the random noise on FRFs but do not
eliminate gage bias errors or bias errors introduced by the modal extraction.
In general, fixed base modes are difficult to obtain by testing simply because
not truly fixed base exists, so one extracts some sort of “free” set.

The free-mode shapes of substructures in the bandwidth of interest are often
not an adequate basis set to span the space of the connected motion. In the
analytical realm, free modes are augmented with residual flexibilities and
then they often form a suitable basis. Efforts have been made to measure
these residuals, but this once again requires force and moment inputs at
all of the connection DOF. Since the residuals represent the flexibility of
out of band modes, one might think to instead extract several modes above
the frequency bandwidth of interest, but this is typically difficult and often
many, many modes are needed to obtain convergence.
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> Anexampleis showninFig.4.2. A finite element model was used to represent
the red cylindrical substructure and measurements were used to obtain the free
modes of the flange with the beam attached (i.e., the plate-beam system in cyan
and green). The residual flexibilities were not measured, and the CMS method
was used to couple a free-mode model of the plate beam with the FEM of the
cylinder and then the modes of that model were used to reconstruct the drive
point FRF at the end of the beam. The substructuring prediction is shown in red,
with the test data measured from an actual assembly in blue. The plate attaches
to the cylinder by eight bolts and all rotations and translations are included in
the connection DOF. 100 modes of the cylinder were used and all the modes
of the plate and beam to 4000 Hz. The goal was to produce an accurate model
up to 2000Hz. This example clearly shows that free modes are not adequate
to obtain a reasonable match for this drive point in the combined system. It
should be noted that when two components are coupled together loosely, i.e.,
using rubber bushings, then a free-mode model often can prove effective. The
discussion here focuses primarily on substructures that connect move rigidly.

/.

Driving Point FRF 1000Y - End of Beam - 1/4 pct Damping

10 \\ k!
10 ——— Test Data E
physical no fixture admittance 100 fe, 21 virtual exp

| I

z h}

Frequency - Hz

Fig. 4.2 Substructuring prediction of response at point 1000y (axial direction) for the cylinder-
plate-beam system

<

In summary, the CMS approach that is traditionally used in finite element analysis
does not generally address the interface compliance, interface damping, or continuous
connection issues that are problematic in experiments. Techniques to address these
several problems in the physical DOF space will be addressed in this lecture note.
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4.3 Basics of Frequency-Based Substructuring (FBS)

In this section, the Frequency-Based Substructuring method (FBS), as typically
applied when the components are dynamically identified by measurements, will be
explained. Although the substructuring method is mainly discussed for the frequency
domain (since that is often the domain in which experimental data is considered),
writing it for the time or the Laplace domain is straightforward. It will become clear
why a dual approach to substructuring is commonly the method of choice in practi-
cal applications, although a primal assembly impedances would be mathematically
equivalent.

The idea to build a dynamic model of an assembly using the measured dynamic
properties of its components was already considered in the early 70s Klosterman
(1971), Crowley et al. (1984) where the Structural Modification Using Response
Functions (SMURF) method was developed. However, although not very challeng-
ing from a theoretical point of view, it became rapidly clear that the inaccuracy in
the measurements and the number of measurements needed for a complex structure
render the application of the idea in practice difficult. The main problem is the fact
that the quantities that can be measured are the inverse of what might be desired.
Computational models can readily compute the dynamic impedance (or dynamic
stiffness), and it is then a trivial matter to assemble the stiffnesses from various com-
ponents (as is done when assembling finite element stiffness matrices). In contrast,
in experiments one can measure the component admittances or frequency responses,
which are the inverse of the dynamic impedance. While the impedance is simply the
inverse of the admittance, this inverse can typically not be computed for two reasons:
First, the full impedance/admittance matrix is needed to compute the inverse, and
one can never measure all of the degrees of freedom (there are infinitely many for a
continuous structure) and one does not even know how many might be needed for
an adequate finite element representation. Second, errors in the measured dynamic
flexibilities make it very challenging to invert the component admittances and obtain
impedances.

The topic was further investigated at the end of 80s Jetmundsen et al. (1988),
Urgueira (1989) where different formalisms were proposed, but the basic problems of
the method still remained. Around the same time, Imregun (1987), Otte et al. (1991),
Lim and Steyer (1992), Martinez et al. (1984), Martinez et al. (1985) looked into
techniques to‘““clean” the measurements, for instance, using truncated singular value
decomposition techniques in order to regularize the inverse inherent to experimental
substructuring. But applications remained only partly successful.

Motivated by the tremendous potential of experimental substructuring and the
advent of affordable and high-quality measurement hardware and software, the topic
received new attention in the years 2000 Rixen et al. (2006), de Klerk (2006), Sjo-
vall (2006), Carne and Dohrmann (2006), Allen and Mayes (2007). Over the last
15 years, a general formalism has been developed for the method and several new
ideas where proposed to properly perform the measurements of the components and
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to avoid situations in which measurement errors cause the assembled models to be
meaningless. The most important techniques will be outlined later in this text.

4.3.1 Lagrange Multiplier F BS—the Dual Interface Problem

Let us consider again the dual form of an assembled system made of several compo-
nents (see (2.45), Sect.2.3), dropping for simplicity the bar superscript introduced
earlier to indicate that the DOF is to be interpreted as complex amplitudes in the

frequency domain:
ZB"][u f
5% [=L) w2

where
VAR 0
7= .
0 ZN")
- £ Al
u= : f= : A= :
a v FOV2) An,

are the block diagonal matrices containing the impedances, DOF, and external forces
of the unassembled substructures, where B is the signed Boolean matrix of suit-
able dimension, which expresses the interface compatibility constraints (see (2.29),
(2.30)) and A the associated Lagrange multipliers representing the internal forces
in the interface between substructures. An interpretation of the B and the Lagrange
multipliers is given Fig.2.3.

The substructure displacements, u, in this dual form can be solved to obtain the
substructure displacements as functions of the forces, A, using the dynamic equilib-
rium:

u=Y(E —B"1), 4.3)
where
Yo 0 z0" 0
Y = = =7 (4.4
0 Y(N.mb) 0 Z(quh)—]

is the block matrix containing the substructure admittances. Equation (4.3) contains
the unassembled substructure dynamic equilibrium equations
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u® = YO F© B9 ), (4.5)
where the coupling is guaranteed by the Lagrange multipliers, unique between match-
ing DOF across the interface, representing the interface forces and the amplitude of
which is determined by the compatibility condition contained in the last line of (4.2).
Substituting (4.3) into the compatibility condition yields
BYf -B"A) =0

that can be re-organized as

| (BYB")A = BYf| (4.6)
or, substructure-wise,
qub NAle
STBOYOBO |a = S BOYOR), (4.7)

N N

Problem (4.6) (or its form (4.7)) is commonly referred to as the Dual Interface
Problem: it contains n, compatibility equations for the unknown internal Lagrange
multipliers on the interface. It can be interpreted as follows:

The external forces £ are applied to the substructures, creating substructure
responses Y£ and generating interface incompatibilities BYf (Fig.4.3b). In
order to prevent those interface “gaps”, internal forces must exist on the interface
and have amplitudes such that the response YB® "X that they generate on each side
of the interface closes the gap originating from the external forces (Fig. 4.3c).

The dual interface problem for the amplitudes of the Lagrange multiplier is a
global problem since a Lagrange multiplier between two substructures will affect
the response of those substructures also on the interface with other substructures.
The operator

@ ®)

(1) 2) )

) 3)

Fig. 4.3 Interpretation of the dual interface problem (4.7): a Substructured problem, b Effect of
local force in £21, ¢ Global effect of A to enforce compatiblity
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N.mb
F;, = (BYB?) = ZB“)Y“)B“)T (4.8)

in the dual interface problem is often called the dually assembled interface flexibility.

4.3.2 Lagrange Multiplier FBS—the Dually Assembled
Admittance

The dual interface problem (4.48) can be used to compute the interface Lagrange
multipliers, namely,

A = (BYB”)"'BYf, (4.9)

and substituting this result in the dynamic equation (4.3) for the substructure response
finally yields

u=Y (f - BT(BYBT)*‘BYf> = (Y - YBT(BYBT)*'BY) f. (410

The different terms in this formula can easily be interpreted if one considers the way
it was found:

uncoupl. coupling
1
u=( Y —YB” BYB”)"' BY )f.
——
A
— ——

A

This will be illustrated in the simple example below.
Comparing now this result with the definition for the assembled admittance of the
system
u= Yg.dualfa

we can write

Yy dual = (Y — YBT(BYBT)‘IBY) . @.11)

This is the final formula for the dual assembly of substructure admittances.

Note: this admittance operates on the force vector f, which contains the external
forces defined on each uncoupled substructure, and returns the response, u, for all
DOF of the separated substructures. In other words, the dually assembled admittance
is defined for all DOF on each side of an interface. Obviously, by construction, Y, g,u
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is identical for all corresponding DOFs on the interface and thus the information in
Y, quar is redundant. This redundancy can easily be eliminated by keeping in Y, guas
only the row and line corresponding to one of the redundant DOFs on the interface.

» Inorder toillustrate the technique, let us consider a simple assembly problem
of two bars as described in Fig.4.4 for which the block matrices of the non-

assembled problem can readily be seen to be

(1)

'1 2o 36 —
(1) A 2)

Fig. 4.4 A simple assembly problem of two bars

(1) (1) (1) (1)

) 2 Yy Y3 00

(1) (1) (1) (1)

Uz 3 Yy Y 000
=1 o f=1"% Y= @ v

uy 1 0 0 Yy Yy

ug? 5 0 0 ¥P v

B=[01-10].

Applying the formula (4.11) to compute the assembled admittance, we find

[¢)) (1)
M2 D)
(1) (1)
u3 —v f3
@ | = Tassemb. @ |
ul 1
(2) (2)
M2 D)
where
YR vy 00
1) (1)
Y _ Yy Y 000
assemb. — @) @)
0 0 Yy Yy
0 0 v?Yvr?
(1)
Yy
g W y@) [y ) @ @
e (Y33 +Y11) [vp v vy —1i].
— Iy
(2)
=Y

ol LElUMN Zyl_i.lbl
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This result can be interpreted as follows:
e When applied to the non-assembled (uncoupled) system, the external forces
produce a response

O 0 0 [
N R P N |
2 T o o r@r2||s2|
uéz} uncoupl. 0 0 YZ(IZ) Y2(§) 2(2)

which corresponds to the first part of the solution.
e This response does not account for interface coupling and would create an
interface incompatibility (or “gap”) equal to

(1)
2

@)
3

— —_ M @ _ (D) /(1) 2 2
A=Byeopr. =u3’ —uy = [Yy) Y3 =¥i7 —Y5] FO
1

(2)
2

e In order to close this incompatibility gap on the interface, an interface force
g of amplitude A

=Il
r=(rP+rP) a4

must exist, where Y3(31) +7Y 1(12) is the flexibility of the interface similar to the
flexibility of two springs in series.
e Since the interface force g is internal (actio-reactio):

82 0
(1

8 | _ _pry, _ | A
o | = —-B'A = N

81 0
2

0

and it will produce a response in the substructure equal to

Y o 07, v
Rz N Y B R
”52) - 0 0 Y1(12) Yf? A - _YI(IZ) :
o o r2y2]L? ¥

coupling
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So, the dually assembled response (4.12) can be interpreted as the combined
response to the external forces on the unassembled system and to the internal
interface forces necessary to keep the substructure together when excited by the
external forces:

uncoupl. coupling
1) v, () (1)
Yy Y3 00 Yy
(1) (1) (D
Y5, Y5 00 _ Va3 <Y§31) 4 Y](12)>_1 [Y(” v _y@ _Y(z)]
@ v©@ ) : 2 133 11 12
0 0 Yy Yy =Yy "
2 y©@ &)
0 0 Yy ¥y =Y N
Since, after coupling, ugl) = u(12), the second and third rows of the so-obtained

assembled admittance Y 5.5 are identical. Also, since it makes no difference
how the external force on the assembled interface is split in? 3(1) and f1(2> , the
second and third columns of Y ,,.mp. are identical. Therefore, one could delete,
for instance, the third row and column and write the nonredundant relations

(e))] 1)

(Uuz (2) (Ufz 2
BT Yo | S Tafl ’
Uy e

and using the notation for the global primal variables as in (2.39) one can write
this also as
u, =Y, f, =7 'f,.

<

“Different splittings of the external force on the interface will produce the same assembled
response, but will produce different amplitudes A.

4.3.3 On the Usefulness of Dual Assembly of Admittance in
Experimental Substructuring

The LM-FBS discussed in the previous sections is based on dual assembly (also
sometimes called admittance-based substructuring) and was explained in frequency
domain. Dual assembly approaches can also, without further difficulty, be written in
the time domain. The dual assembly in the time domain (so in essence the inverse
Fourier transform of the LM-FBS) was proposed in Gordis (1995), and the general
formulation was later written in Rixen (2010), Rixen and van der Valk (2013). The
method is based on the impulse responses at the interface of the substructures and
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was first developed as a simulation approach (also for multibody dynamics Géradin
and Rixen 2017). First attempts to use it as an experimental technique were only
partly successful Rixen (2010).

At this point, now that we have shown the basic algebraic techniques to find the
assembled admittance in a dual approach, one might wonder why the primal approach
(which is more commonly known by engineers and seemingly more straightforward)
is not the method of choice in experimental dynamics.

As explained in Sect. 2.3, primal and dual assembly are mathematically equiva-
lent. Since the properties of the components are obtained during testing as admit-
tances (forces applied as input, responses measured as output), the dual approach
seems more natural, although it would be not less natural to compute the component
impedances (inverting the measurements) and applying a primal assembly. The result
would be identical. So the real reason must be elsewhere.

The main reason to apply dual assembly in experimental dynamics comes from
the fact that measurements are never perfect, whereas numerical models are. (That is,
numerical models are at least consistent and physically realizable representations of
some dynamic system, even if they don’t capture the structure of interest as accurately
as might be desired.) Consistency will be further discussed in Sect. 4.9.2, butitis easy
to understand that, since measurement errors can be of any kind, there is no reason
why the measured admittance represents exactly a structural system. For instance, it
is very common that the eigenfrequencies or modal dampings as seen in the signals
of different outputs or as obtained from different inputs are not coinciding (e.g.,
additional mass effect of sensors or influence of shaker links). When using such
measurements of components, one typically observes so-called “spurious peaks” in
the FRFs of the assembled system (whether the assembly was performed in a primal
or in a dual manner, since the methods are mathematically equivalent). An example of
spurious peaks in the assembled FRF due to inconsistencies in the local admittances is
shown in Fig.4.5. Spurious peaks were already considered in Imregun (1987) where
a smoothing procedure was proposed and a discussion of the appearance of spurious
peaks can be found for instance in Rixen (2008), Carne and Dohrmann (2006),
Nicgorski and Avitabile (2010). An analysis of error and uncertainty propagation in
the LM-FBS was presented in Voormeeren et al. (2010). It allows giving a confidence
interval to the assembled FRFs when the uncertainty of the substructure admittance

Fig. 4.5 Example of |
spurious peaks in an
assembled FRF Rixen (2008)
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is known (for instance, from the measurements). This will, however, not be further
discussed here.

In dual assembly techniques, the compatibility condition is explicitly consid-
ered next to the substructure equilibrium equations, the interface equilibrium being
ensured by the very nature of the Lagrange multipliers. Therefore, as will be explained
in the next section (and further developed in other parts), it is possible to weaken
the interface compatibility and thereby mitigate the effect of the errors in the
measurements.

Mathematically, the effects of the measurement errors manifest themselves when
the dual interface flexibility (4.8), needed to compute the interface Lagrange multi-
pliers, is inverted in the dually assembled admittance (4.11):

Nsub

Y, dual = (Y - YBTF;‘BY) F, = BYB) = [ S BOYOBYT | 412

Errors in the substructure admittances will be dramatically amplified, especially
if the conditioning of the admittance matrices is bad: if a structure is lightly damped,
then the admittance matrices will be nearly rank one in the vicinity of each resonance.
As a result, small measurement errors will generate large errors in the estimation of
the stiffness coefficients on the interface (that is, the stiffness of a single DOF when
all other DOF are fixed). The same type of error amplification would be found in a
primal assembly like (2.39) since the each local measured admittance would need to
be inverted to compute the local impedances.

The options to mitigate the effect of measurements errors can be classified into
three categories:

1. “clean” the measured admittances of the substructures, for instance, by applying
symmetrization on the measurement (e.g., Otte et al. 1991), by fitting a modal
model (this can remove noise but also useful information not well identified, and
it is applicable only if the modal density is not too high), or/and by applying
further corrections to impose consistency (see Sect.2.3).

2. Apply (Tikhonov) regularization to compute the inverse by removing the compo-
nents corresponding to small singular values in F; (see, for instance, Otte et al.
1991, Gialamas et al. 2001, Moorhouse 2003).

3. The last option consists in weakening the interface compatibility in order to
enforce the interface to match only for smooth interface displacements, leaving
unassembled some deformation components related to high stiffness on either
side of the interface.

Although some successful applications were shown with the options 1 and 2,
strategy 3 can be based on mechanical interpretation and engineering insight can be
used. This will be briefly discussed in the following section.
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4.3.4 Weakening the Interface Compatibility

As explained above, weakening the interface compatibility requirements between
substructures can mitigate the measurement errors in the substructure admittances
that are responsible for very high errors in the computation (through inversion) of the
impedances (in the solution of the dual interface dual problem for the dual approach,
or in the computation of local impedances for the primal approach).

Let us consider once more the dually assembled Problem (4.2)

5o )[3) = o] 42)

where we have assumed strong compatibility of the interface, meaning that we have
imposed all matching interface DOFs to be exactly equal (second set of equation
in (4.2)). If one, however, has a good idea of how the interface displacement will
look in the assembled system, one can weaken the compatibility requirement by only
requiring compatibility for the components of the interface displacements that are
important for the assembled solution.

Mathematically speaking, let us assume that we know a good representation space
V s for the displacements in the assembled system around an interface I""* between
two substructures s and r. The matrix V - contains, in its columns, a set of represen-
tation vectors that can well approximate the motions of the DOF around the assembled
interface. These vectors can be set up from engineering know-how (assuming, for
instance, a rigid behavior around the interface, i.e., the virtual point idea explained
later) or could be obtained from an approximate finite element model of the interface
region. In that subspace, the interface DOF of the substructures can be expressed as

uzx) ~ Vrbmﬂ(s) and ug) ~ VFb'""ﬂ(r)v (4.13)

where Vs is the restriction to the interface of the common interface modes and
where B and B can be seen as the corresponding displacement amplitudes on
each side of the interface. Here, we assume that the number of representation modes
in Vs is smaller than the numbers of interface DOF.

The compatibility condition’

ug) — ug) =0 4.14)

can be replaced by ‘
Vi BY = Vs =0 (4.15)

'Here, to simplify the presentation, we assume that the numbering on the DOF on each side of the
interface is identical. If this would not be the case, the constraint matrix B should be considered as
explained earlier.
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or equivalently (if V]"b” is full rank, i.e., if the vectors in the columns of V]"b” are
linearly independent)
BY — B =0, (4.16)

hence requesting that only the part of the substructure displacements living in the
subspace of Vs be compatible. The remainder of the interface displacement, on
each side of the interface, that is not representable in V s is left free on the interface
and does not participate to the coupling of the substructures. This weak compati-
bility is the key to include only the important behavior in the coupling (usually well
captured by the measurements), leaving the remainder unassembled (since they may
be strongly affected or even dominated by measurement errors).

In order to write the weak compatibility as a condition on the DOF of the original
problem, the coordinates in the reduced space Vs can be computed by observing
that

u =V Y+, 4.17)

where r is a remainder that will not be made compatible and that one can request to
remain orthogonal to the interface representation space:

VT[n-Wr(s) =0 (4.18)

W being any positive definite matrix defining the norm of the projection (usually
taken as the identity matrix). This condition leads to

B = (VI WV ) 'VI. Wu? = Vi, (4.19)

since (VL,,WV pbrx)‘lVﬁb”W can be seen as a (weighted) pseudo-inverse of V.
The pseudo-inverse can equivalently be computed using a (weighted) singular value
decomposition. Similarly, we can write the following for the other side of the inter-
face:
" _ v+ O
B =Vi.u,, (4.20)

so that the compatibility condition (4.16) becomes
Vi (uf) —u)’) =o0. 4.21)

The number of compatibility conditions in this form is equal to the number of repre-
sentation vector in V ., namely, less than the number of interface DOF, indicating
once more that the compatibility condition is weakened. The pseudo-inverse can
be seen as a (weighted) projection in the space of V. of the interface degrees of
freedom.
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To summarize, the weakening of the compatibility equation in general leads to a
dual assembly problem of the form

T
[g BO } [‘;] - m B =BT, (4.22)

where T is a projection of the interface DOF of the substructures onto a common sub-
space (usually per local interface). The Lagrange multipliers now give the amplitude
of the generalized forces associated with each deformation in the interface represen-
tation space. For example, for a simple case where two structures are coupled using
arigid interface with six DOFs (three translations and three rotations), the Lagrange
multipliers would give the net force in each direction and the net moment in each
direction on each interface.

Following the same procedure as earlier to find the dually assembled admittance,
one finds

Yg,dual.weak = (Y — YBT(BYET)7]EY> B = BT. 4.23)

Remark 1: A different interpretation of compatibility weakening

It is interesting to note that the weakened interface compatibility (4.21) can be trans-
formed by premultiplying it with (V,Tlm WV ), resulting in the equivalent weak
condition

Vi Wy —u)’) =0. (4.24)

This shows that the weak compatibility can also be interpreted as satisfying the
compatibility only when projected on a subspace, which in general can be expressed
by the weakening

Bu=0 — V' 'WBu=0.

This is strongly related to the so-called coarse space problem in dual assembly theory
(e.g., in the FETI parallel solution techniques).

Remark 2: The virtual point constraint

In order to illustrate the weakening idea, let us discuss two weak compatibility
conditions often used in practice. One possible choice for the representation of the
interface behavior consists in assuming that a part of the interface behaves rigidly (for
instance, a local bolted connection that can be considered as a point connection as
illustrated in Fig. 4.25). In that case, the representation space for the signal measured
around the connections can be taken as

V[‘m - R[‘rs’
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where R+ contains in its columns the six rigid body modes (three translations, three
rotations) around a virtual point on the interface. With those rigid modes, the DOF on
each side of the connection point where admittances were acquired can be described.

The weak coupling described by (4.21)—(4.23) then represents the assembly at
the interface of a virtual point having six DOFs, i.e., the coordinates 8 (S), B @) that
are made equal on the interface represent the rigid body DOF of the interface. The
remainder of the interface behavior that cannot be described by the local rigid body
motion around the point will not be assembled, thereby avoiding the computation
of the high impedance related to deformation modes around the virtual point that is
usually badly captured in the measurement and that is often not necessary to represent
the interface behavior in the frequency range considered.

The virtual point method will be explained in more details in Sect.4.6.

Remark 3: Interface extrapolation

Often, the interface response cannot be measured directly on the interface itself, for
instance, because sensors and actuators cannot be easily installed on the true interface
but rather in its neighborhood. This is true also for the case where the interface is
to behave rigidly (see the discussion about the virtual point in Remark 2) and where
the rigid behavior of the interface is measured away from the physical interface (see
for instance Fig.4.25).

In that case, the interface modes Vs can still be used to define generalized
interface DOF B and write the interface compatibility as before in (4.16). To that
effect, taking the value of the modes V s at the measurement points m (that can thus
be different from the true interface location), one can write

B — B =0 BY =Vi.u®Y BV =V u®, (4.25)

where Vs and Ve are the values of the global mode in the vicinity of the interface
for the measured DOFs in r and in s.

The dually weakly assembled forms of the system dynamics and of the admittance
is then written like in (4.22) and (4.23), the difference being now that the substructure
matrices Y and Z refer no longer to interface DOFs but to other measurement DOFs
in the interface vicinity and that the projection matrix 7 contains pseudo-inverses
for Vs evaluated at the measurement points.

This technique can be interpreted as using common interface modes V s to extrap-
olate measured dynamics to the interface while at the same time imposing a weak
compatibility.

4.3.5 Dual Assembly in the Modal Domain

Weakening of the interface compatibility is very useful when assembling substruc-
tures represented by three local free interface modes. Assume that the measured
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admittance Y of two components can be well represented by a modal fit. Assum-
ing small damping and well-separated eigenfrequencies for each substructure, the
modal fit can be used to write the admittances as (see, for instance, Géradin and
Rixen 2015)

, 1
YO () = &© (g“)' 120006 — a)zl) F0I (4.26)

where @ contains in its column the identified modes of substructure s (assumed
mass normalized), and where 2 and & are diagonal matrices containing the
corresponding identified eigenfrequencies and modal damping ratios.

This modal fit has the advantage that it provides a fully consistent expression of
the admittance, removing inconsistencies and noise from the measurement.

The admittances of the substructures can now easily be obtained as

Z9(w) = &' (sz“)z 1 2i0R®e® — w21> 0N (4.27)

so that the dually assembled form (4.2) (here discussed for the case of two substruc-
tures for simplicity) is written as

0
(s) )" () (s)
0 7Y (w) B u _ f . (4.28)
i B® ... 0 1L A | i 0 A

Considering that the substructure DOF can be expressed as a modal superposition,
namely,
u® = @©y®

where 7 are the modal coordinates in substructure s, and multiplying the local
dynamic equations in (4.28) by ", the dual assembly now is written as

) ) s (s) 7 (s
0 ZP() A A I Gl DO

.B®@® ... 0 A 0
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where .
Z3 (@) = (2 + 202V — o).

This form can be interpreted as follows: the local dynamics of the substructures
are described in the modal space using the modal eigenfrequencies and dampings
identified from the measured FRFs. Since the compatibility still needs to be satisfied
by the physical DOF of the interfaces, the constraint matrices B’ are now replaced
by B®@®, namely, the traces of the modes on the interface.?

The modes of the substructures are free interface modes and exhibit in general very
different displacements on the interface. Therefore, requiring strong compatibility
significantly limits the possible combination of modes allowed in the substructures.
Often, the number n; of modes @ considered for a substructure is smaller, then

the number of physical DOF ugf) on its interface. In that case, the strong interface
compatibility in (4.29) will significantly limit the number of possible combination
of the local modes. In extreme cases where the number of interface compatibility
conditions 7, is higher than the number of substructures modes anp, the only
possible solution satisfying the strong constraint is ) = 0, leading to a full looking
of the solution space.

Even if the number of modes accounted for in the substructures is high, the
motion remaining possible for the assembled system after the strong compatibility
has been satisfied is often limited. Further, one should keep in mind that the local
modes obtained by the experimental identification are free interface modes and are in
general not well suited to represent the behavior of the substructure when assembled
to its number (i.e., when the interface is not free).?

%It is interesting to note that this form of the dual assembly can deliver a model that is not only valid
in the frequency domain. Indeed, (4.29) can also be written as

. 0 : 0 :
0 Q0 @W'BO | 0 2200 0
+iw
LBOG® ... o o0 0
. 0 . : :
_wz 0 I 0 ;7(5) . q)(S)Tf(S)
0--- 0 A 0

indicating that the dual assembly of the substructure modal model yield the stiffness, damping,
and mass matrix of the assembled system for the substructure modal coordinates as DOF. These
matrices can be used, for instance, to directly write the dynamic equation in the time domain.
3Later, in Sect.4.4.3, we will discuss a technique to measure the substructure modes when the
interface is interacting with substructures in a way similar to what it will experience in the assembly.
This so-called transmission simulator technique will significantly enhance the basic modal-based
substructuring explained here.
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From the discussion above, it is clear that it is desirable to relax the compatibility
on the interface in order to allow the free interface modes of the substructures to
properly represent the local dynamics. To that effect, the compatibility relaxation
explained in the previous section can be used as follows.

Using the technique outlined in the previous section, we can weaken the interface
compatibility by replacing the Boolean matrices B by B = BT, where T contains
a projection operator on interface modes. For the case of two subdomains, calling
V> the representative modes in the vicinity of the interface, the weak compatibility
would then be written as

Vip®y'n® = V5.0 =o. (4.30)

In case the measurement points are not directly on the interface but in its vicinity
(see Remark 3 in the previous section), the weak compatibility conditions would be
written as

Vie@ ' = Vi.e0n® =o0. (4.31)

The modal-based substructuring will be further explained and used in Sect. 4.4.3.

4.3.6 A Special Case: Substructures Coupled Through
Bushings

Itis very common in engineering applications to couple substructures through flexible
bushings (e.g., rubber bushings between the power train and the chassis of a car, or
isolation supports of power units installed on ships). Such connecting elements are
usually small and soft, their function being primarily to introduce a low impedance
coupling and thereby minimize vibration transmission. Hence, bushings are often
considered as connecting elements characterized by a dynamic stiffness of the form
(in the frequency domain)

Z(bush) (w) — K(bush) _ iwC(buxh)7 (432)

assuming that the main contribution of the bushing in the assembly is determined
by its static stiffness and its damping, the small mass of the bushing and its internal
dynamics being neglected.

In the primal assembly setting, the dynamic equation of an assembly (see (2.39))
of two components connected by a bushing can easily be expressed as (see Fig.4.6)

(D (1)
Z; z, 0 0 “;l) ff')
1 1 bush bush
I R 2 I N T R 433
g = (bush) ) (bush) ry(2) T f ’ @.33)
0 ZbZ’b] Z,, + th,bz Z,, 2 b2

0 0 zo . 72 |y i
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kbush
i b b! b? b i
Il ° » — bushing — o ° ]I
(1) [— 2
cbush

Fig. 4.6 Assembly over a bushing element

where we assumed the numbering of the degrees of freedom of the bushing to fit the
numbering of the interfaces of the substructures it connects, and where the subscript
b and i denote boundary DOF on the interface of the bushing and internal DOF,
respectively.

In the experimental substructuring framework, considering a bushing element
can be challenging since, before being assembled in the system, it is a free floating
components and its impedance matrix is singular due to the fact that a rigid motion
(translation or rotation) can be given to the bushing without force (its inertia being
neglected):

Z(bush)R(bush) — 0’ (434)

where R®*" s a vector containing in its column a set of independent rigid body
modes of the bushing (usually 6).

» If we consider the example of Fig.4.6 as a one-dimensional bushing, its
dynamic stiffness matrix would be

bush ___bush o o P
ZMS'l:kMS _iwcus

zbush) _ | < Z
_Zhush Zhush

which is clearly singular. There is one rigid body mode in this case

1
(bush) __
RO — m .

Hence, the inverse of Z®“" does not exist, meaning that no solution can be
computed for a set of forces applied to the bushing unless those forces are self-
equilibrated (zero resulting force and moment).*

There are several ways to introduce a bushing in the general framework of LM-
FBS, as will be shortly discussed next. First, we will consider the bushing as a
connecting element between the interfaces of two substructures that introduces an
interface incompatibility, thereby slightly modifying the dual interface problem. In

<

“For a more detailed discussion on singular matrices in structural dynamics, see for instance Géradin
and Rixen (2015).
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a second approach, the bushing is treated as a substructure similar to connected
parts, and the singularity of its impedance will be handled either by applying a
regularization or by using a pseudo-inverse technique.

Bushings as Compatibility Relaxation

In this first approach, we consider the system schematically depicted in Fig. 4.6 as an
assembly of two substructures for which the interface compatibility is relaxed by the
flexibility of the bushing. In other words, the Boolean matrix defining the interface
compatibility on either side of the bushing is of the form B = [BY) B®] and the
interface condition for the displacements now is written as

Bu=34§#0, (4.35)

where § is the interface gap allowed by the bushing. This gap introduces in the bushing
internal forces A proportional to the dynamic stiffness of the bushing. Calling Y the
matrix describing the dynamic flexibility of the bushing between its interface DOF,
one can write

Bu=4§=TA\. (4.36)

Note that Y is notequal to Zush ™ since it expresses the flexibility related to interface
gaps (hence in the space of A) and not directly the flexibility between interface DOFs.

» If one considers the example depicted in Fig. 4.7 as a one-dimensional prob-
lem, one would have for this approach

1
_ _ (M 2) _
B = [0 1 -1 O] S=uy,’ —u, 6= T "

Jbush
i b b i
Il ° p— — bushing —— ° ]I
) A — A @)
cbush

Fig. 4.7 Bushings as compatibility relaxation

where k" — jwcP*s" is the dynamic stiffness of the rubber between the inter-
faces. In general, this bushing stiffness can be different for different gaps defined
across an interface (for instance, in different translational or rotational direc-

tions).
<

The internal forces A in the bushing are equal in amplitude and opposite on either
side of the bushing (since the bushing has no inertia): they correspond to the Lagrange
multipliers defined in the dual assembly of structures, and the dual assembly form
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(4.2) in the presence of a bushing is now written as (here as example for a system
with two substructures):

ZO o0 BO' [a® £
0 ZOBO" | |u®@ | = [f®]. 4.37)
BY B® _7r A 0

So the difference compared to the usual dual assembly form consists in the fact that
the lower block diagonal term in the dual system matrix is no longer null but includes
the bushing stiffness Y. From a mathematical point of view, Y can also be seen as
a perturbation of the compatibility constraints.?

The dual assembly (4.37) can directly be written for the general case of N***
substructures even if bushings are present only at some interfaces: for the interfaces
where no bushings are present, the corresponding entries in Y are set to zero (i.e.,
no interface flexibility). In block matrix form, one thus generalizes (4.2) to

Z BT | [u f
2B =1) s
Using the first part of (4.38) to eliminate the substructure DOF (identical to (4.3))
u=Yf —-B")) 4.3)

and substituting in the second part of (4.38), one finds that dual interface problem

|(BYB' + 7)) = BYF | (4.39)
or, substructure-wise,
N.\'ub N.\'uh
STBOYOBO 4 |a =) BOYOES. (4.40)

50ne can transform the form (4.37) in a primal assembled problem by eliminating A to find

(1)
=7 e e[

yAOI) BO | o) w2 a )
<[ 0 Z(Z)] + [B@T 7 [BY BY] [u@)} = |:f(2)i| :

In this form, the interface flexibility can be seen as an augmentation method for the compatibility
constraints. Comparing with (4.33), one observes that the bushing dynamic stiffness matrix has a
specific form induced by the connectivity between the interfaces of the bushing and the bushing
intrinsic stiffness.
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Finally, the dually assembled admittance expressed by (4.11) in the absence of
bushing is now found to be solving the dual interface problem (4.39) for A and
replacing in the substructure equilibrium equations:

Yo dual = (Y — YB"(BYB” + r)—‘By) . @41

Bushings as Substructures

The approach explained above considers the bushing as an interface where the com-
patibility is relaxed. Comparing the dually assembled admittance obtained by the
LM-FBS with and without bushing, we observe that the presence of bushing flex-
ibilities in (4.41) modifies the way the dual assembly is organized. If one would
like to treat the presence of bushings without changing the LM-FBS formulation,
one should apply the standard form (4.11) and consider bushings as substructures
of their own. Note that in that case the connectivity matrices are different from the
previous approach. For instance, if one considers the bushing of the simple case of
Fig.4.6 as a third substructure,

u®
B = [B(l) Bbush) B(Z)] — |:8 (1) _01 (1) 01 8:| u = | uush
B )
u

In order to apply the classical LM-FBS approach and write the assembled admit-
tance as (4.11), one needs to find a manner to write the admittance of the bushing
substructure, which is not easy since its dynamic impedance is usually singular (see
(4.34)).

A straightforward manner to build an admittance matrix for the bushing consists
in regularizing its impedance by adding virtual lumped masses to its ends, namely,

Y(bush) ~ (Z(bush) _ wZM(bush))71 (442)

In order for this modification not to affect (too much) the dynamic assembly of the
assembly, three strategies can be considered:

e Choose M®ush) a5 g diagonal matrix with small entries. For instance, one can
choose the mass perturbation such that the local nonzero eigenfrequencies of the
bushing are 10 times higher than the highest frequency of interest for the assembly.

e Choose any M®“" and subtract its effect by assembling an additional (vir-
tual) substructure with the corresponding negative mass, namely, with admittance
w?M®“sh (see also the concept of decoupling in Sect.4.4.1).

e Choose a diagonal M®*") and remove the corresponding lumped masses from the
neighboring substructure admittances (for instance by decoupling, see Sect.4.4.1).

Obviously, the first strategy is the easiest one and can be readily applied in practice.
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Bushings as Substructures via Pseudo-inverses

The last method to introduce a bushing in the LM-FBS consists in considering the
bushing as a substructure (as in the previous method), but instead of regularizing its
impedance by adding inertia terms like in (4.42), one can compute an admittance
matrix using a pseudo-inverse, as explained next.

The fact that Z(*$") is singular means that the substructure dynamics

Z(bush)u(bush) — f(bush) _ B(bush)Tk

has a solution only if the applied forces are self-equilibrated or, in other words, if
the applied forces have zero resulting forces and moments. Mathematically (see for
instance Géradin and Rixen 2015), this is expressed by the fact that the applied forces
must not produce any work on the rigid body modes:

RGush)” (f(bush) + B(bL«sh)Tx) =0. (4.43)
Under this condition, there exist a family of solution that can be written as

u(bush) — Y(bush) (f(bush) _ B(bush)Tx) 4 R(bush)a(bush) Y(bush) — Z(buSh)+,

(4.44)
where Z(?“M" s a pseudo-inverse of Z?“" that can be computed either by singular
value decomposition or, more efficiently, by a incomplete factorization (see, for
instance, Géradin and Rixen (2015) or the simple example below). The amplitudes
a?sM) of the contribution of the rigid body mode to the solution are additional
unknowns that will be determined, thanks to the self-equilibrium condition (4.43).
In other words, the overall position of the bushing needs to be such that the generated
interface forces are in global static equilibrium for the bushing.

» For the simple example of Fig. 4.6, we can compute a pseudo-inverse in the
form of

+ 9 —
Y(bush) _ Z(hush)* _ Zbush _Zbuxh _ (kbush _ lwcbuxh) 1 0
_Zbush Zbush 0 0

and the general solution takes the form

abush) — |:(kh”‘vh - iOwa”‘Yh)_l 8] <f(bush) _ glush” )\) n [” o Bush)

under the condition

[1 1] (f(bush) _ B(bush)”'x) —0.
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The general solution can be understood as the solution obtained when the bush-
ing is fixed at the right end and when an arbitrary rigid body motion is added.
Note that fixing the bushing at one end does not introduce any additional force
to the system (since all the external forces are self-equilibrated) but merely

determines one specific solution. P

The local solutions of the substructure dynamics are thus either in the general
form (4.44) for a bushing or in the regular form (4.5) for the other substructures.
This can be written in a block form similar to (4.3) as

u=Yf —-B"1) + R, (4.45)

if we define the block matrix of the rigid body modes for the bushings and their
corresponding amplitudes

0 - 0]
a(bushl)
(bushl) . s
rR= R o o= | " (4.46)
R(bush2)
L 0 e 0_

The dually assembled problem can now be found as before: if we consider for the
bushing the local solution (4.45) and substitute in the compatibility condition, one

finds
Bu =B (Y(f —B"1) + Ra) = 0. (4.47)

Rearranging this equation together with the self-equilibrium condition (4.43) leads
to the dual interface problem (which is an extension of the standard form (4.48)):

BYB’” BR| [A BYf

7o 0 ] [o] = [R71) @
This extended dual problem can be solved for A and «. Substituting the solution
into the governing equation then returns the dually assembled admittance. It can

be written as an extended form of (4.11) but will not be shown in detail here (see
Mahmoudi et al. 2019 for further details and examples).

4.4 Substructure Decoupling

In the literature, two types of disassembling problems are treated. In the first type of
problem, one assumes.that the overall system is made of several substructures, and
the question to be answered is fo find the dynamical properties of one substructure,
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the dynamics of the rest of the structure being known. This problem will be referred
to as Substructure Decoupling.

A similar, yet different, problem arises when considering structures assembled
through bushings, i.e., structural elements that are characterized only by stiffness
and damping and having negligible mass (see Sect.4.3.6). In this case, one knows a
priori that the forces on each side of the bushing are in equilibrium (since the internal
dynamics of the bushing are negligible) and therefore it is possible (as will be shown
later) to extract the dynamic properties of the separated bushing and substructures,
without having any pre-knowledge of the dynamics of any component. This problem
is commonly referred to as inverse substructuring in the literature.

We will first outline the basics of substructure decoupling, and then those of
inverse substructuring. In the last part, substructure decoupling will be applied in the
modal domain and the technique of transmission simulator will be outlined.

4.4.1 Theory of Decoupling

The problem of substructure decoupling has been tackled in the recent years by
several others (e.g., Ind and Ewins 2003, Sjovall 2007, Groult 2008, D’ Ambrogio
2009, Voormeeren and Rixen 2009, Cloutier and Avitabile 2011, D’ Ambrogio and
Fregalent 2014, D’ Ambrogio and Fregolent 2015, Holler and Gibbs 2015) including
methods for simple nonlinear systems Kalaycioglu and Ozgiiven (2018), Tol and
Ozgﬁven (2015). The presentation here is based on Voormeeren and Rixen (2012).

Let us consider a system made of two substructures called A and B in this section.
The coupling problem as discussed in the previous section consists of building the
dynamics of the assembly A B using the dynamics of the components, Fig.4.8. The
substructure decoupling problem consists in finding the dynamic properties of sub-
structure B when the dynamics of the assembly A B and of component A is known,
Fig.4.8.

This problem is often encountered in practice, for instance, when a component
cannot be disassembled to measure its FRF (an early application of the idea was used
for determining the dynamics of microsystems attached to a support in Epp et al.
2004).

The problem of decoupling can be solved by considering the interpretation

described in Fig.4.9: if the part B in the assembly AB is excited by a force f;B)
(B)

in B, the response at a DOF u;”’ in B when B would be disconnected from A can be

obtained if, in addition to the external force f EB) , one applies to the assembly A B the
opposite of the internal force experienced by B in the assembly A B. This interface
force can be obtained by imposing on the interface of A the same displacements as
the one experienced by the assembly and by calculating the corresponding interface
forces.

Mathematically speaking, this means that the response of the uncoupled substruc-
ture B obeying
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Substructure coupling: (A) . (B)
A
u;,(4) u, P u W ' u.(B)

L— (3

= +

—

AB (unknown) A (known) B (known)

Substructure decoupling:

B (unknown) AB (known) A (known)

Fig. 4.8 The concepts of substructure coupling and decoupling

fi(B) Uz'(AB) fi(B) ui(B)

ZB

ZA

Fig. 4.9 Interpretation of the decoupling problem

ZBu? =5 (4.49)

can be computed from
ZABuAB — fAB + gAB (450)

or
ZAB 7AB ulb 0 0

inia Tliab ia
AB AB AB AB _ AB __ ¢B
i Ly Ly, | |wp” | = |5, =1 |+ |],

AB 7 AB AB AB _ ¢B
0 Z7° Z:" | |u;, 7 =1 0
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where the subscripts i4 and i denote the internal DOFs in the A and B part of AB,
and where we assumed a special ordering of the DOFs.

The interface forces A that one has to apply as external forces to A B must annihilate
the effect of the coupling on B and thus must be minus the force that A B receives
through its interface from A. The opposite of the interface force on B is the interface
force on A (actio-reactio): it can be computed as the force that A experiences when

ufB is imposed on it, namely (see Fig.4.8),

A
A suchthat Z4 [:g‘] - m 4.51)
u, =u,’. (4.52)

Equations (4.4.1), (4.51), and (4.52) describing the dynamic of the uncoupled
substructure B can be summarized in the form

B 0] Tut®7 T[0T
250 | -1 uy® £}
0 uis 5
"l = . (4.53)
| 0 u? 0
0zt | u 0
[[-100][t0] o " || a] L[o]

This relation shows that the dynamics of the isolated substructure B can be obtained
by “assembling” A B and A, enforcing the compatibility on the interface, but applying
the interface force in the opposite direction on AB. In case the numbering on the
interface of AB and of B are not corresponding, the generalized form of the problem
is written as

ZAB 0 BAB llAB 0
0 74 —BA wt | =|fB], (4.54)
B4 B4 0 A

where BAZ and B4 are the compatibility constraint matrices as used for the assembly.
This relation can be equivalently written as

ZAB 0 BAB uAB 0
0 —ZA BA || u | =|tB], (4.55)
B4 B4 0 A 0

showing that the decoupling problem is equivalent to a coupling problem with A hav-
ing a negative impedance. Hence, one can apply the formula (4.11) of the frequency-
based substructuring to find the admittance of the uncoupled system if one considers
substructure A as having a negative impedance.
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Assuming again that the numbering of the interface DOFs in AB and A are
matching, one can easily work out the impedance of B by solving (4.53), resulting
in Voormeeren and Rixen (2012)

YB YBA YAB YA[B YAB 3
v =[ 5 } =[ y Z’;] —[ o ](Yaﬁ—mb) RERGA
Yi.b Yi,i Yi[,»,b Yi/,,iB Yi,,v,b

(4.56)

Remark 1: Post-processing of decoupled dynamics

Note that, due to the errors inherent to the fact that the method is based on measure-
ment data, the FRFs of the uncoupled system B are usually not fully accurate and
might exhibit nonphysical properties such as non-passivity or negative mass. Several
authors have proposed different cures to improve the FRFs obtained by decoupling
Carne and Dohrmann (2006), Mayes and Ross (2012). Other techniques to enhance
the consistency of the FRFs in state space are discussed in Sect.4.9.2.

Remark 2: Decoupling with overdetermined compatibilities

The decoupling method formalized in (4.55), exactly like for substructure coupling,
is very sensitive to small errors in the interface admittances of the components and,
therefore, it is desirable to weaken the interface compatibility using one of the tech-
niques described in Sect.4.3.4.

However, for decoupling, there is an additional manner to relax the strong com-
patibility (4.52) required between the assembly AB and the substructure A to be
removed. Indeed, instead of requiring that A applied to A B should be such that only
the interface DOFs of A and AB are equal (see (4.52)), one could require that all
DOFs measured in A and those measured in the part A of AB should be equal when
they experience the same A on the interface.

A AB
[3’;] = [32\3] (4.57)

i ip

Requiring that also the DOFs inside A must be identical in A and AB is, in theory,
unnecessary since if all interface DOFs in AB and A are identical, the internal ones
will automatically be identical. However, in practice, measurements are not perfect
and thus the data used for Y4 might not be fully consistent with the information
about A contained in A B. Hence, requiring also explicitly the compatibility inside
A helps mitigating inaccuracies when computing the interface forces A.

With the extended compatibility requirement (4.57), the decoupling problem
(4.58) is written as
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0 74 _[0] | = : (4.58)

100710
_[0-10”01] 0 LA

Note that, although compatibility is required for all DOFs of A, only interface forces
A are considered. Therefore, the interface problem will be overdetermined and will
be solved using a pseudo-inverse, meaning that one computes the interface forces
that guarantees the best compatibility for all DOFs on A in a least square sense.
The admittance of B, given by (4.56) for the basic decoupling form, now becomes
Voormeeren and Rixen (2012)

B B AB yAB AB AB A T\t AB vyAB
B _ |:Yb,b Yb,i] B [Yh,h Yh,i3:| B |:Yb,bj| ([Ym,b} 3 |:Yi,bi|) |:YiA.,h YiA,iB:|
=|vB vB | = |vAB yaAB AB AB A AB vAB |
Yoy Yii Yo, Y Y; Y, Yip Yy, Y

igb Tip,ip ip.b b,ip

oo o9

In that way, inaccuracies in Y42 and Y4 will be mitigated. This idea was already
proposed in Sjovall (2006), although in a different form.

Here, only one variant of the different possibilities to impose compatibility and
equilibrium for a decoupling problem was outlined. Other approaches modifying the
basic decoupling form (4.55) are discussed in Voormeeren and Rixen (2012), where
also application on an analytical example and on a hardware example can be found.

Remark 3: Transmission simulator and interface substitute

The substructure decoupling technique is very useful also when applying the FBS
methods to assemble measured components. Indeed, the results obtained from the
FBS techniques are significantly improved when the components are not measured
with free boundary conditions on the interface, but when the measurement is per-
formed with a so-called transmission simulator introduced in Allen et al. (2010);
Mayes and Arviso (2010), Mayes and Ross (2012) for the modal domain coupling (see
Sect.4.4.3). The methodology is also sometimes called interface substitute van der
Seijs (2013) when used in the physical domain. The idea s illustrated in Fig. 4.10. The
coupling substitute must be removed from the assembled system using a decoupling
method as discussed in this section, assuming that the substitute is a well-defined
system for which a very good (numerical or measured) model exists.

Such a procedure seems useless since in theory adding a coupling substitute to
obtain the component dynamics, then removing it in the assembly does not affect
the final result. In practice, however, this can make a very significant difference and
dramatically improve the accuracy of the assembled system obtained by FBS, the
two main reasons being the following:

e the dynamics of the component measured with a substitute on its interface exhibits,
during the component measurement, dynamics that are similar to the dynamics it
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Direct coupling Coupling with a coupling substitute

Fig. 4.10 The idea of the transmission simulator (coupling substitute) van der Seijs (2013)

will exhibit in the assembly later. Therefore, when inverting the interface flexibility
to compute the assembled dynamics (see 4.11), the local admittance has much
better accuracy for the problem to be solved.

e the model of the component, when the substitute has been decoupled, contains
in practice not only the dynamics of the isolated component but includes also
the dynamics of the interface as it was present in the assembly with the substitute.
Hence, this interface dynamics (stiffness and damping) will also be included in the
model of the final assembly. This is essential, for instance, for assemblies where
a significant part of the damping comes from joints.

In practice, the substitute should be designed such that it exercises the interface of
the component in a manner similar to what the component will experience in the
real assembly, i.e., the substitute should have similar dynamics as the components
connected in the final assembly and it should be attached through the same physical
connections (e.g., bolted, riveted..).

4.4.2 Inverse Substructuring

The inverse substructuring technique can be applied to problems where components
are assembled through bushings (see Sect.4.3.6) and when one assumes that the
bushings have no significant inertia. The method then allows to find the admittances
of the bushings and of the individual components, based only on the admittances
measured on the assembly (hence, contrary to the substructure decoupling techniques,
not requiring any pre-knowledge of the dynamics of any of the substructures).

The inverse substructuring techniques were developed several years ago and the
formulation improved over the years (see, for instance, Zhen et al. 2004, Zhen et al.
2004, Wang and Wang 2011, Wang et al. 2018). Many of those publications are
rather difficult to follow due to the cumbersome algebraic developments and the
ad hoc approach of the problem. A more structured manner to derive the equations
was proposed in Keersmaekers et al. (2015). Recently, the inverse substructuring
technique was written in a very clear and intuitive way Moorhouse et al. (2013);
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Meggitt et al. (2015), Meggitt et al. (2018), Meggitt and Moorhouse (2018). We
shortly outline the method based on the approach of those latter publications.

Referring to the schematic representation of Fig.4.6, let us consider the primal
form (4.33) of the dynamic problem where two substructures (called 1 and 2) are
connected by a bushing, recalled here for convenience:

1 1
z)  z{) 0 0 ™7 e

() (1) | o (bush) (bush) ! !

7, 7 Z Z 0

Z(+bush+2)  (+bush+2) _ | ~b1 “bb T b1,b2 upr || fp
oAy ARl g ||| 7
@ @ | [u?] [£?

0 0 Zy Z; ! '

(4.60)
If a substructure decoupling approach as explained in Sect.4.4.2 would be used,
one would consider the bushings as a third component, measure Y!*7%$/+2) and the
admittances Y" and Y®. Then one would decouple the admittances of substructure
1 and 2 by assembling to Y +?45"+3) the negative admittances —Y") and —Y® .
In the inverse substructuring, only the measurement of the admittance Y T0us#+2)
of the assembly is used and inverted to obtain

7 (1+bush+2) _ (Y(1+hush+2))_l ) 4.61)

Inverse substructuring then uses the fact that the off-diagonal terms in the measured
impedance (4.61) (comparing with the theoretical form (4.60)) are properties of the
bushing alone, namely, bnsiea -
Zg,fb;” 2 — Zl(jlf‘[fz ). (4.62)
Let us assume now that the DOFs at the two sides of the bushing are connected
with the topology shown in Fig.4.11, i.e., each DOF on one side of the interface is
only coupled to one DOF on the other side and there are no cross couplings with any
other DOF. Additionally, it is assumed that the joint element (i.e., the rubber) has
negligible mass. If these assumptions hold, then the stiffness matrix of the rubber
isolator has the following properties:

Fig. 4.11 Schematic

representation of the inverse

substructuring assumption Qe Gy Q- GLe. G0, 010
5 : = q1,0. 91,0, 916

for a bushing %

P2a 92y 92,2 920, 112,0,, q2,0.
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bush bush bush bush
ZZI’:{;I) = Z;zlf;z) = _Zg,l’fbsz) = _ZZZITZI ), (463)
where Zgl’”glh ) s actually a diagonal matrix. Thus, by simply inverting the measured

FRF matrix of the assembly, the whole rubber isolator can be identified from just tak-
ing the off-diagonal blocks of the matrix (provided that the above-stated assumptions
hold). Hence, the name “inverse substructuring”. In this case, it is straightforward
to derive the dynamic stiffnesses of the two separate substructures 1 and 2 from the
measurements:

0z 0 o 0 0 0 0
(1) (1) (bush) ry(bush)
Zbi be 0 0 _ (Y(l+bu$h+2))*1 . 0 Zb‘,bl Zb‘,b2 0 4 64)
Q@ 7@ | (bush) ry(bush) ( :
0 0 be Zbi 0 Zhl’b] sz,b2 0
0 0 z>zZ? 0 0 0 0

This comes with the great practical advantage that it is not necessary to know anything
about the dynamic properties of the two structures A and B which are joint by
the isolator. Thus, one is able to identify the dynamic properties of all involved
substructures 1, 2 and the bushing separately from only one set of measurements
performed on the assembly.

> Application to the identification of a rubber bushing

To illustrate the inverse substructuring and the substructure decoupling tech-
niques, we summarize the results obtained for a rubber bushing as reported in
Haeussler et al. (2018). In that work, the dynamic stiffness of the rubber bushing
depicted in Fig.4.12 is looked for.

(b) (©)

mp [ qi,mp

=5 _w, My~ q2,1my
‘-N o

Fig. 4.12 Test and identification of a rubber bushing Haeussler et al. (2018)

The idea is to attach two well-defined and modeled rigid crosses on each side
of the rubber and consider them as substructures 1 and 2 connected by the
bushing. The crosses can be considered as very rigid for the frequency range
considered and, since the masses and inertias of the crosses are accurately
known (from a CAD model), their admittances are accurately known so that
the substructure decoupling techniques can be applied (using the rigid body
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behavior of the crosses to define virtual points and assemble the model of the
system, see Sect.4.6). The results obtained from the substructure decoupling
method for the dynamic properties of the bushing are then compared to the ones
obtained by applying the inverse substructuring technique.

The experiment is further described in Fig. 4.12 which shows (a) the actual
measurement setup of the assembly: rubber isolator between upper and lower
fixture hung up with rubber bands, (b) the schematics of the free-free measure-
ment of bushing between fixtures 1 and 2, and (c) the substructure of the rubber
isolator which is to be determined. The DOFs q; and q, represent the rigid
body DOF on the top and bottom of the rubber isolator, respectively, m; and
my,, containing the translational and rotational resulting forces on each side.
The results of the substructure decoupling and inverse decoupling are illustrated
in Fig. 4.13. It shows the impedance values obtained for the axial DOF of the
rubber. One clearly sees that both methods give very similar results up to 100 Hz,
but differ significantly for higher frequencies. In fact, the substructure decou-
pling yields the dynamic properties of the rubber including the bolts attached to
its ends (see Fig.4.12c), whereas the inverse substructuring approach assumes
that the entire bushing is massless (Fig.4.13).
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Fig. 4.13 Example of results from testing a rubber bushing Haeussler et al. (2018)
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4.4.3 The Transmission Simulator Method for
Substructuring and Substructure Decoupling

(The material in this section was taken from Paper 161 at the 2012 IMAC.)

The modal constraint for fixture and subsystem (MCFS) method was introduced at
IMAC in 2007 for the component mode synthesis approach Allen and Mayes (2007)
and the frequency-based substructuring approach Mayes and Stasiunas (2007). It uses
a fixture in the experimental dynamic substructure called the transmission simulator,
so is also called the transmission simulator method. An analytical model of the
transmission simulator is generally required with this method (or a very accurate
modal model).

Physically, the transmission simulator is mounted to the experimental substructure
with exactly the same joint geometry and material as that to which the experimental
substructure will ultimately be connected. Because of this, the resulting experimental
substructure inherently includes the linearized stiffness and damping in the joint,
which classical methods neglect, to their peril. The fixture is also designed to provide
accessible locations to mount response sensors and to apply input forces. Often
the actual connection points are poor locations to mount sensors. For example, the
connection point may be at a bolt or a threaded screw interface. Special features can
also be included to provide good driving point measurements, which are extremely
important to obtain accurate modal mass for scaling the mode shapes.

The analytical model of the transmission simulator is used in multiple ways. It is
generally mounted with an assumed welded connection to the analytical substructure
(often a finite element model) to which the experimental substructure is to be con-
nected. By constraining the transmission simulator on the experimental substructure
to have the same motion as the transmission simulator on the analytical substructure,
the systems are joined. Then the mass and stiffness of the analytical and experimental
transmission simulators are subtracted from the assembled system. The analytical
model of the transmission simulator can also be thought of as an aid to interpolate
from the measurement sensor locations back to the actual connection degrees of
freedom (DOFs). A truncated set of the mode shapes of the transmission simulator is
used that spans the frequency bandwidth of interest. The sensor set can be chosen to
provide a set of sensor locations for which all chosen transmission shapes are linearly
independent. These sensors can all be translational—no rotations are required. The
rotations at the connection points are inherently carried out in the modal coordinates
of the transmission simulator. The connections can actually be continuous, not just
discrete, as long as the transmission simulator mode shape set spans the space of the
connection motion reasonably well. In addition, the transmission of simulator mass
stresses the joint. This stress across the joint provides a much better Ritz vector shape
basis than simple free modes where there is no stress at the joint. It provides enough
improvement in the basis vectors that residuals, which are difficult to measure, do
not need to be added to the basis set.

Although this method requires fabrication of a fixture and generation of its asso-
ciated.analytical model,.it provides.extensive benefits for the investment. One does
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not have to measure exactly at the connection points. One does not have to measure
rotations because they are inherently included in the analytical model modal coor-
dinates (so they are not just being neglected). The stiffness and damping of the joint
are inherently included. No residual measurements are required.

One problem that can result in this method is that the mass matrix can be indefinite
when the transmission simulator is subtracted. However, methods to correct the mass
matrix have been developed recently Mayes et al. (2012). This has cleared the way
so that in practice, refinements can be made without theoretical roadblocks.

An example from Mayes et al. (2012) shows conceptually how the method was
implemented for one actual hardware case in Fig.4.14. The transmission simulator
hardware, which is a ring with tabs, is mounted to the experimental substructure with
eight bolts, just as it will be attached in the real system to the cylinder substructure,
so it contains the joint. An analytical model of the transmission simulator is welded
into the flange of the cylinder analytical model. The transmission simulator and the
cylinder flange actually occupy the same space, which can be done with an analytical
model. Then transmission simulators for each substructure are forced to have the same
motion, which connects them. Finally, the stiffness and mass of the two transmission
simulators are analytically subtracted.

The free-free experimental modal test setup is shown in Fig.4.14 with 12 triaxial
accels on the transmission simulator and 2 triaxial accels at points of interest on the
beam. Twenty-five rigid body and elastic modes were extracted out to 4 kHz. This
structure had eight discrete bolted attachments, which would require 48 discrete
constraints for the three rotations and three translations at each connection. Twelve

D

an2

E 1000y

301z

Fig. 4.14 Coupling of experimental substructure C with analytical substructure D to generate full
system E after transmission simulators (A, and A,y2) are subtracted. Reproduced from Allen
et al. (2010)
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Fig. 4.15 Experimental substructure free modal test setup with 36 sensors on the transmission
simulator ring and a few sensors at points of interest on the substructure. Reproduced from Allen
et al. (2010)

triaxial accelerometers were placed on the TS, as shown in Fig.4.14 none of which
were at the eight connection points. The sensor locations are shown in Allen et al.
(2010). Then, 18 modes of the transmission simulator analytical model were used
to span the connection space motion, using 36 measurement points to describe the
mode shapes. The method thus reduces the number of constraints down from the
classic 48 connections to 18. The 18 modes covered a frequency bandwidth of 2 kHz
(Fig.4.15).

Component Mode Synthesis Theory Using Primal Formulation In A General-
ized Framework

Following the notation outlined previously and in Klerk et al. (2008), and assuming
that each substructure has been approximated with a reduced model, whether experi-
mental or analytical, the displacements are approximated with the modal substitution

as
u = Ry, (4.65)

where u is the vector of physical displacements, 7 is the vector of generalized coor-
dinates from a modal test or eigenvector analysis, and R is the truncated mode shape
matrix relating the generalized coordinates to the physical coordinates. Then, the
equations of motion for the substructure can be written as

M(S)Rﬁ(s) 4 C(S)Rﬁ(s) 4 K(S)R"(s) =f® ¢ g(S) 4 r(S)’ (4.66)
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where M, C, and K are mass stiffness and damping matrices, the superscript (s)
denotes the particular substructure, ) denotes the external forces applied to the
substructure, g represents the equilibrium joining forces from another substruc-
ture that will be applied to the substructure, and r'®) is the residual force due to the
mismatch caused by the approximation of the displacements in Eq. (4.65). Premul-
tiplying by R” yields

RTM(S)Rﬁ(S) + RTC(S)Riy(S) + RTK(S)RU(S) =RTt® 4 RTg(S) +RTr®,
(4.67)
It can be shown that, because of orthogonality of the mode shapes with respect to
M, C, and K,

R’r® =0, (4.68)
which leaves
RTM(S)Rﬁ(s) + RTC(S)Rﬁ(s) + RTK(s)Rn(S) = R7Tf® 4 RTg(S), (4.69)
or in a renamed form
MY+ CO7® + KO =19 + g%, (4.70)

where subscript m denotes modal quantities. The matrices are, if the mode shapes

are mass normalized,
M,(,f) =RTM®R =1

CY) =RTCYR = [\2¢, 0,

K;) = R'KOR = [\o],] (.71)

£ =R7t

g(x> — RTg(S).
At this point, let us concatenate the various substructures together in the uncoupled
form as . )

M,i +C, 01+ K,n =1, +8,. (4.72)

Compatibility is now enforced with a constraint equation from

Bu, = 0, 4.73)

where B is a Boolean matrix of ones, zeros, and negative ones, and for convenience
we will include only connection DOF in the displacement vector. Take the partition
of Eq. (4.65) for only the connection DOF and again make the modal substitution

BR.p =0, (4.74)

where the subscript ¢ indicates taking only the partition of R necessary for the
connection DOF.
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Up to this point, we have followed the generalized framework rather strictly, but
at this point, the transmission simulator method affects the rest of the development.
It is assumed that there is an analytical model of the transmission simulator; one uses
a truncated set of its mode shapes, ¥ ., as a basis to span the space of the connection
motion for each substructure. Now we use the pseudo-inverse (denoted with a super-
script +) to project the constraint on the space of the transmission simulator vector
space by premultiplying both sides by the block diagonal pseudo-inverse as

wEPTBR, g = wiPH, 4.75)
where
vio o0
wEPr 1 0 .. 0 (4.76)
0 0w

will have as many block rows as there are substructures. The right-hand side of
Eq.(4.75) is still a vector of zeros, although the number of constraints (rows) is
reduced since the matrix ¥, is selected so that it always has more DOF than modes.
The final constraint is

By =0, (4.77)

where ~
B = w2P*BR.. (4.78)

There are multiple reasons for premultiplying by ¥ 5P First, it softens the con-
straint (reduces the number of constraints). The advantage of this is that it gives a least
squares fit through the measured motions of the transmission simulator at the DOF to
which the constraints will be applied. The mode shapes of the transmission simulator
provide a smoothing effect through the measured motions, which always have exper-
imental error. The modified matrix greatly improves the conditioning of the problem.
Also, one does not HAVE to use motions measured directly at the attachment points
and also does not HAVE to measure rotations, which are inherently carried along in
the generalized DOF of the transmission simulator. The generalized modal DOF of
the transmission simulator is y in the following

v,y =R, (4.79)

but can be expressed as
y SW RO, (4.80)

which can be seen in the left-hand side of Eq.(4.75) as converting the constraint to
the transmission simulator modal coordinates.

Now continue the development in the general framework from Eq. (4.77). We
perform another modal-like substitution with
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n = Lq. (4.81)
Substitute Eq. (4.81) into Eq. (4.77) to give
BLq = 0. (4.82)

If one chooses L such that it is in the null space of B, then Eq. (4.82) is guaranteed
to be satisfied because
BL =0. (4.83)

All the rows of B are orthogonal to all the~columns of L. Since B is known, a one
line command in MATLAB can provide L. Substituting Eq.(4.81) back into the
uncoupled equations of motion in Eq. (4.72) and premultiplying by L gives
L'M, Lg+L'C,Lq+L'K, Lq=L"f +Lg,, (4.84)
which couples the equations of motion, reducing the number of rows in Eq. (4.72)
by the number of constraints (rows) in Eq. (4.77). This leads to the primal coupling
formulation in this framework. In this formulation, L7g = LTR”g = 0, since the
rows of L are orthogonal to a linear combination of the columns of R” , leaving

M, i+C,q+K,q=f, (4.85)
where ~ ~
M, =L'M, L
C,=L"C,L
om = o 4.
K, =LK L" (4.86)
f, =L"f,

Frequency-Based Substructuring Dual Formulation In The General Frame-
work

Again following Klerk et al. (2008), for the physical DOF, the uncoupled equations
of motion, the compatibility and the equilibrium are written as

Mii+Ca+Ku="f+g (4.87)
Bu=0 (4.88)
L'g=0, (4.89)

where M, C, and K are block diagonals with as many blocks as substructures. The
constraint forces g between the substructures can be written as

g — —B’L (4.90)
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where A are Lagrange multipliers corresponding physically to the interface forces.
Equations (4.87) and (4.88) can now be written in matrix form as

MO||u CoO||u KB"|[u f
ol BBV IR] o) e
Taking the Fourier transform to bring this into the frequency domain, where each
quantity is now a function of frequency, gives

[lzslﬂ [ﬂ - [3] (4.92)

where Z is the block diagonal impedance matrix resulting from the mass, stiffness,
and damping. The frequency response function matrix, H, which is often measured
experimentally is the inverse of Z. The dual formulation coupled formulation in
terms of H is derived from Eq. (4.92) by eliminating X, yielding

a = Hf — HB” (BHB”) 'BHf. (4.93)

The transmission simulator method modifies the B matrix in Eq. (4.88) as

wBPtBa =0 (4.94)
So one has .
Bu =0, (4.95)
where .
B = wiP+B, (4.96)

Now simply substitute Eq. (4.96) into Eq. (4.93) to give the frequency-based trans-
mission simulator equation as

i = Hf — HB” (BHB”)'BHT. (4.97)

The B matrix transforms the physical connection DOF frequency response functions
(FRFs) into generalized DOF FRFs cast on the space of the transmission simulator
mode shapes. This collapses the size of the physical connection DOF FRFs down
to the size of the number of modes of the transmission simulator, providing some
least squares smoothing, and makes the matrix inversion in Eq.(4.97) much better
conditioned.

» Example Combining Experimental Plate-Beam Substructure with Analytical
Cylinder Substructure Using the CMS approach

The example is based on the hardware and analytical finite element models
depicted in the first three figures. In the equations below, the finite element (FE)
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substructure is considered to have the analytical model of the transmission sim-
ulator attached, and the experimental (EXP) substructure has the physical trans-
mission simulator attached. Two transmission simulators must be subtracted. In
this example, 100 modes were utilized from the finite element substructure, 25
modes from the experimental substructure, and 18 modes from the transmission
simulator giving 143 uncoupled equations of motion. Consider only the eigen-
value equations of motion, and then the final coupled modal parameters can
be used to analytically form any desired full system response FRF. Damping
will be predicted in a simplified method later. The undamped frequency-domain
equations of motion using modal coordinates when forces are removed are

“’%E 0 0 NrE ILp 0 0 rEe
0 wixp O Nexp ( —® | 0 Iexp 0 fiexp (=0
0 0 —2w2TS Nrs 0 0 -—2I 7
(4.98)
and the physical displacements, y, on each substructure are
YrE Rpp 0 0 NrE
YExp = 0 REXP 0 NExp (4.99)
yrs 0 0 Ry Nrss

where R are a truncated set of the mass normalized mode shapes of each sub-
structure coming from experiment or analysis. The motion of the transmission
simulator in all three substructures should be the same when all the substructures
are coupled, so two sets of physical constraints can be written

YFrEmeas = YEX Pmeas and YEx Pmeas = YT Smeas- (4 100)

Just consider the first of these constraints, invoke the modal substitution from

Eq.(4.99), and premultiply by the pseudo-inverse of transmission simulator
mode shapes, R7 sto give

R]J':SRFEmeas Nrpg = R;SREXPmeaS NExp- (4 101)

Or moving everything to the left-hand side gives

R;SRFEmeas"FE - R-TFSREXPmeasnEXP =0. (4102)

A similar process can be applied to the second constraint of Eq.(4.100). The
constraints can now be written in the form given in Egs.(4.76)—(4.78) as
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Rj; 0 |[T-T0 F‘;meas . ’ Nre 0
0 R;s oI —1 EXPmeas Ngxp (= 0

L 0 Ry Nrs
(4.103)
where W 5P in Eq.(4.75) is REP* and B is the Boolean matrix here, thus
~ R;fs 0 I-10 RFEmeas 0 0
B= |: 0 R;S:| |: 01 I } 0 REXPmeas 0 . (4104)
4 0 Ry

Repeating Eq. (4.81) and (4.82) here for clarity gives
7 =Lq (4.81)

and .
BLq=0 (4.82)

and L is the null space ofﬁ, which is known. Substitute Eq. (4.81) into Eq. (4.98)
and premultiply by L7 to give

0ty 0 0 I, 0 0
LT 0 o2,, 0 |Lq—e’L”| 0 I,,, 0 [L{=0,
0 0 —20i 0 0 —2I,

(4.105)
providing the coupled equations from which the eigenvalue problem can be
solved yielding. The solution will provide a set of eigenvectors, @, frequencies,
?, and modal coordinates, B. Now the coupled displacements will be

y = RL®8. (4.106)

The resulting new damping matrix is formed by

ZCFEG)FE 0 0
o LT 0 20,yp@exp 0 L&, (4.107)
0 0 _4;TSwTS

from which we usually just take the diagonal values to give 2,0y Wpew (Fig. 4.16).
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Fig. 4.16 Transmission simulator method FRF of coupled system (red) versus truth model
(blue)—Driving point response at tip of beam in Fig.4.14

In Fig.4.16, one can see the axial FRF at the tip of the beam (see Fig.4.14).
The red FRF was constructed from the modal parameters of the coupled sys-
tem mode shapes, frequencies, and damping using the transmission simulator
method with the CMS approach. The blue FRF represents the truth data con-
structed from the modal parameters of a highly validated finite element model

of the full system. «

» Example Combining Experimental Plate/Beam Substructure with Analytical
Cylinder Substructure Using the FBS approach

Generally, the author does not execute Eq.(4.97) in a single step, since it
makes the matrices very large and the resulting inversions are computationally
too intensive. For this example, assume we have one step where systems C and
D in the figure are too be joined. (Another step can be taken to subtract the
transmission simulators, which will not be done here). Define HC and HD as
the frequency response function matrices for substructures C and D, respec-
tively. HT is the FRF matrix of the total system after C and D are coupled. Each
substructure has a two-dimensional FRF matrix for every frequency line of the
FRFs. The first subscript on any of these matrices represents the output response
DOF and the second subscript represents the input force DOF. Perhaps, the two
most useful equations from partitions of the classical method in Eq.(4.93) are
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HT,; = HD,. (HD,. + HC..) ' HC,;, (4.108)

where the force input is on substructure C and the response output is on sub-
structure D, and

HT, = HC,, — HC,. (HD, + HC..) ' HC,;, (4.109)

where the force input is on substructure C and the response output is also
on substructure C. Here, the subscript r represents the output response and
the subscript i represents the input force, and the subscript ¢ represents the
connection DOF between the two substructures. With the transmission simulator
method, the Boolean matrix B is replaced with B to convert all the connection
DOF to modal DOF of the transmission simulator in Eq. (4.97), so that

HD,. = HD,, R} (4.110)
HD.. = R/ (HD, R} ¢ (4.111)
HC. = R{HC,, R} (4.112)

HC, = R} HC,, (4.113)

HC,. = HC, R} } (4.114)

in Egs. (4.113)—(4.114), the subscript p represents the DOF at the transmission
simulator measurement locations on either substructure. The pseudo-inverse of
the mode shape matrix Ry of the transmission simulator reduces the size of
the physical measurement FRF matrices down to the number of modes kept for

the transmission simulator at all the connection DOFs. P

4.5 Measurement Methods for Substructuring

‘When developing experimental substructures, the measurements can “make or break”
the experimental model. The requirements for the measurements are much more
exacting than those for a modal test being used for model validation for which mode
shapes may be acceptable with a bias error in the modal scaling. In the case of
substructuring, such errors have a more dramatic effect when coupled to another
structure. The FRF measurement importance can be appreciated when one considers
FBS with FRFs. Basically, at any frequency line, one is coming up with a weighted
sum of the substructure FRFs. Two great principles for the case of real modes arise
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from this. If a frequency line is supposed to have a resonant response in the coupled
system, then the real part of the coupled FRF has to go to zero, and the imaginary
part of the FRF will be a drastic amplification (on the order of the quality of the
resonance, Q = 1/(2 * ¢)). Restating this, if one is to get the coupled natural fre-
quency correctly, the real part of the connection FRFs must be accurate. If one is to
get the coupled amplitude of the resonant FRF correctly, the imaginary part of all the
FRFs of concern must be accurate. Consider the real part of a FRF obtained from an
impact test. On first consideration in the left figure below, it look good. Let us assume
that when the substructures are coupled, the first resonance will drop down to about
100 Hz. When one zooms in on the real part between 0 and 300 Hz, one sees that there
is a significant amount of uncertainty in the real part of the FRF. This could affect
the substructured FRF so that it crosses zero at the wrong place, or even multiple
places, yielding the resonant response at wrong frequencies (Figs.4.17 and 4.18).
Consider the imaginary portion of the drive point FRF below. The response at left
looks good. However, if a new mode is destined for the region just above 3000 Hz,
look at the zoomed response in that bandwidth on the right. In theory, a drive point
FRF should never have an imaginary part less than zero. Clearly, there are many
frequencies with response below zero. This could not only give inaccurate estimate
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of the amplitude of the imaginary portion of the FRF, but even the wrong sign! For
this reason, structures with higher damping are typically easier to perform FBS than
lightly damped structures as shown here.

1. Response Sensor Measurement Errors and their Sources
Here is a list of common sources of measurement error, approximately ranked for
probability of occurrence. Also included are some recommendations for correct-
ing these.

a.

Bookkeeping errors

(Wrong sign, wrong DOF, crossed wires, wrong sensitivity/gain, local coor-
dinate system errors) Administrative double checks by multiple people on
the mounting, channel table, label checks, and coordinate system definitions
can help eliminate these. For “free” configuration tests, a great engineer-
ing check to identify such errors is to compare the low-frequency real part
response of each FRF with the analytical response for that DOF using just
the rigid body modes. Usually, they will be within about 10% of each other.
Choosing too wide a bandwidth

In general, the difficulty of developing an accurate experimental model
increases with frequency. Minimize the bandwidth as much as possible to
meet the requirement. Push back when customers ask for “the moon.”
Undetected overloads, especially in drive point sensors

Undetected overloads where the sensor response, amplifier response, or the
band edge of the DAQ hardware is beyond, the rated range can ruin or pollute
the data, but the digital anti-aliasing filter can disguise it so that it looks
“fine”. Set the DAQ and filter bandwidths wide open, and collect at-level
data in the time domain to verify that the sensors or signal conditioning
equipment is not being driven beyond its rated voltage range (a typical
integrated electronics sensor maximum is 5 volts)

Cross-axis sensitivity

In very lightly damped systems, the out-of-axis response to a strong res-
onance will have a peak in the real part and the imaginary part will cross
zero, out of phase with a normal acceleration response. This is not easily
corrected.

Base strain sensitivity

Base strain sensitivity allows strain in the surface of the structure to which the
accelerometer is mounted to produce false acceleration voltage output. It can
sometimes be observed as a large uncharacteristic low-frequency response
sloping downward as frequency increases. This can be remedied by putting
the accelerometer on a block, or (less preferably) on tape with an adhesive
layer.

Mounting or mounting block resonances

At some high frequency, tape-mounted accelerometers will see phase shift
from the true response and block-mounted accelerometers will have a mode
of the block mass oscillating locally on the structure. If possible, testing an
accelerometer. mounted without tape and comparing the FRF mounted on
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the tape will provide observation of this error. Mounting block resonances
will change frequency if the size of the mounting block is changed. Beware
of mounting accelerometers on a screw head or a nut as one may measure
the fastener response instead of the desired structure response.

. Sensors with wrong amplitude sensitivity or broken sensors

Sensors that are not responding can often be diagnosed by observing their
time- or frequency-domain response, especially in relation to the noise floor
with no stimulus applied. Sensors that have wrong sensitivity, for example,
from a cracked crystal that is still partially functional, are difficult to identify
by simple observation of the response. The check in the Bookkeeping errors
section above is of value here for free systems. Another similar check for
free systems is to excite the structure at a low frequency below the elastic
modes in each rigid body direction and extract the real part of the FRF at
that frequency as a shape. The shape should be an appropriate rigid body
response shape.

2. The Most Critical Sensor Locations for Substructuring

By far the most critical sensors for experimental substructures are the connection
DOF sensors. Those are the ones used in computing inverses or pseudo-inverses
and ultimately determine the coupled modal frequencies as well as having large
bearing on the amplitude of the coupled responses.

a. Drive point sensors are the most critical

In FBS, all the connected DOFs require drive point responses. In CMS sub-
structuring, the drive point FRFs determine the scaling of the mode shapes,
so they are very important. A low-frequency check of each connection DOF
response as previously mentioned above in bookkeeping errors is a great
first check of these FRFs for free substructures. If one performs the sub-
structuring and the rigid body modes are appropriately coupled, one should
obtain the correct coupled low-frequency response. There is no approxima-
tion with coupling of rigid body modes and no singularities if mass properties
are appropriate, so this should always work. As mentioned before, if there
are errors in this coupling, it may help identify bookkeeping or some other
error in the setup.

. Neglect connection DOF (including rotations) to your peril

As previously mentioned, 3/4 of the FRF matrices contain rotation terms. In
many cases, rotations cannot be neglected without significant degradation of
the results. Approximation of the connection DOF is better than elimination.
The transmission simulator method inherently includes rotation estimates.
The virtual point transformation is another approach to include the estimate
of rotations.

. For CMS substructuring check synthesized FRFs against measured

data for each substucture

Once the measured FRFs are obtained, the modal parameters must be
extracted for CMS substructuring. Errors in the extraction will cause detri-
ment to.the substructured results. A good first check is to compare the ana-
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lytical Complex Mode Indicator Function (CMIF) with the CMIF from the
measured data. They should compare “well”. One can compare each ana-
Iytical FRF with its measured counterpart as well.

In particular, the drive point FRF from which certain modes are extracted is
very important. The drive point mode shape and modal mass are estimated
from the drive point FRF. If the modal mass is not estimated correctly, the
drive point mode shape will be estimated inversely proportional in error. The
same is true if the damping is estimated incorrectly. If the drive point shape
is in error, generally all the cross point mode shapes will be inversely pro-
portional in error to the drive point mode shape error. This can be observed
by considering the fit to the FRF with an error considered in each of the
various terms singly (modal mass, damping, drive point shape, cross point
shape). See the standard real modes FRF equation below:

N

— 2. b
H;j (w) = Z ik

mr(a)rz -+ 2j ¢ ww,) )

r=1

3. Placing sensors to minimize theoretical errors with the transmission simu-
lator
The transmission simulator method is very amenable to analysis using the free
modes of the FE model of the transmission simulator. One chooses at least 1.5
times the number of sensors as the transmission simulator has modes in the desired
bandwidth. The mode shape matrix of a large number (perhaps three to ten times
the number of modes) of candidate DOF is obtained. Then one optimizes down
to the desired number of sensors with an algorithm to minimize the condition
number of the mode shape matrix. This can be done iteratively. Condition num-
bers around 3—4 have been used successfully with the final sensor set. Since the
pseudo-inverse of the mode shape matrix is required, the condition number is a
good metric to ensure the matrix is easily invertible. Remember that these shapes
may all be translations as the modal DOF that are inferred from these calculations
will inherently contain the rotations as well.

4. Force Sensor Measurement Errors and their Sources
Drive point measurements are the ones from which modal mass is determined from
the ratio of force/acceleration. Therefore, the force must be measured accurately.

a. The force is assumed to be co-located with the drive point response
accelerometer.
Often this can be approximated with a force that is co-linear with the
accelerometer. Often fixtures can greatly increase the probability that the
force is co-linear with the accelerometer. For example, force caps over the
accelerometer can be drilled to receive the force gage (for shaker testing) or
with a normal surface and markings for hammer impact. Stubs or blocks can
be incorporated in the transmission simulator fixture to allow for applying
non-normal forces.
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b. Use of shaker versus hammer for force measurements

Shakers and impact hammers each have advantages and disadvantages for

different situations. Here are some of the advantages of each with the dis-

advantages of the other listed beneath.

i. A shaker can produce a more linear result and better signal-to-noise
ratio for the same peak force on a nonlinear system
A hammer will produce an FRF that is less easily fit with modal param-
eters because of additional nonlinear distortion. In the CMIF below,
one can see the chop just to the right of the 120 and 500 Hz resonances
showing the nonlinear distortion of the typical FRFs due to hammer
excitation.

ii. A shaker has more precise input direction, location and amplitude
A handheld hammer may miss the target, induce shear as well as nor-
mal force on the strike and has about three times more uncertainty in
the calibration sensitivity. Pendulum fixtures may improve the impact
location and direction.

iii. A hammer can provide much higher frequency input
The shaker begins to uncouple above the frequency of the armature
resonance. The stinger also has lateral modes that uncouple the response
and can also introduce false modes into the FRF.

iv. Fixtures associated with a shaker may provide unmeasured mass
The force gage associated with a shaker, with its additional fixturing,
can also pollute the FRF by adding undesirable shear and rotation mass,
which may be very significant for small test structures.

v. A hammer provides strong input at the resonances
The shaker force will tend to drop at the resonances, especially for
lightly damped systems. For example, see Fig.4.22a, where the circled
regions are the force input at the resonant frequencies of the system.
The autospectrum from a hammer does not drop out at resonance, as
shown in Fig.4.22b (Figs.4.19, 4.20 and 4.21).

4.6 Virtual Point Transformation

4.6.1 Interface Modeling

Dynamic substructuring requires that compatibility is satisfied between the displace-
ment of the interfaces of two components, and that the interconnecting forces are
in equilibrium. This is easily established for a discrete dynamical system using the
coupling equations as outlined in Chaps. 2 and 3, namely, by imposing the two cou-
pling conditions on the respective coupling nodes of the substructures. In practice,
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Fig. 4.19 Complex mode indicator function example. The figure compares the first singular value
in a CMIF for the experimental data, the fit modal model, and a substructuring prediction
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Fig. 4.21 Force gauges may induce a non-negligible shear force
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Fig. 4.22 Shaker autospectrum (left) versus hammer autospectrum (right)

however, components are often connected by bolts, welds, or adhesives, that physi-
cally show more resemblance to a line or surface connection than to a single point.
Modeling such connectivity by experimental measurements requires more thoughtful
contemplation of what is really going on at the interfaces between two structures.

In general, one can distinguish two categories of connectivity between substruc-
tures, of which one is normally the most appropriate for a given case:

1. The components are connected at a handful of points that can be regarded as
discrete nodes (Fig.4.23a). These points are permitted to displace with respect to
each other, thereby allowing for significant deformations in the structures. The
connection points themselves, however, behave fairly rigid in the area near the
interfaces. Deformations in the connecting points are of minor order and not
contributing to the coupled vibrations. Examples are truss structures in bridges
and a steering system mounted in a vehicle subframe.
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(a) Discrete interface points. (b) Continuous interface surface.

Fig. 4.23 Two examples of substructure connectivity

2. Theinterface resembles a continuous line or surface (Fig. 4.23b). The deformation
of the interface is strongly coupled to the internal vibrations of the structure, and
can therefore not be discretized to a small number of nodes. Examples include
the coupling of a gearbox to an engine, glued carbon-fiber panels of a vehicle’s
bodywork and the partitions of an aircraft’s fuselage.

This next section focuses on the discrete interface situation. Each connection point
can be appointed linear and rotational DOFs for the nodal displacement and forces,
which have a clear physical interpretation. In order to solve the second situation, one
would instead define a set of deformation modes for the interface region and assign
DOFs to their modal amplitudes and forces.

Discrete Interface Modeling

Let us consider a single bolted connection as illustrated in Fig.4.24. The pretension
in the bolt causes friction to occur at the interfaces, which prohibits the two structures
to have relative motion with respect to each other. If both structures were represented
by an FE model, the substructuring task amounts to coupling the displacements and
interface forces of the coinciding nodes, as illustrated in Fig.4.24b. By coupling a
sufficient number of nodes over a larger area, any rotational coupling is implicitly
accounted for.

Let us now consider the procedure of experimental modeling. An admittance
measurement needs to be conducted on each substructure in order to obtain the
respective FRF matrices. To facilitate substructure coupling, the simplest way would
be to mount a single triaxial accelerometer on the connection point of each substruc-
ture and excite in X-, Y-, and Z-directions close to the sensor. This yields a 3-DOF
description which is sometimes called a Single-Point Connection (SPC). In this way,
one obtains a 3 x 3 FRF matrix for the substructure’s interfaces, which can be used
for substructure coupling.
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(a) Friction at the full contact area. (b) Discrete coupling with coinciding
nodes.

(¢) EMPC: multiple points, only trans- (d) Virtual point transformation: 6 col-
lational directions (9 DoFs). located translations and rotations (9 —
6 DoFs).

Fig. 4.24 A bolted connection: four ways to consider the interface problem

The SPC method does not account for rotational coupling, which is known to be
essential in many cases of substructuring Liu and Ewins (1999), Montalvao et al.
(2004). Measurement and excitation (or in fact observation and controllability) of
rotations has been an active topic of research among experimentalist and has led to
several approaches:

1. Direct measurement. Rotation sensors and transducers can be thought of, but
have not been the practical standard over the past. Some examples of unconven-
tional hardware for rotation measurement or excitation can be found in Petersson
(1987), Bello et al. (2003), Liu et al. (2013).

2. Modal expansion. If modal information of the structure is available, for instance,
from static FEM analysis, rotations can be obtained from extrapolation of the
measured data. This is the concept of the system equivalent reduction and expan-
sion process (SEREP) O’Callahan et al. (1989).

3. Finite differences. Rotations can be approximated from translations measured
at known distances from each other Duarte and Ewins (2000), Bregant and
Sandersons (2000). Simple finite difference approaches suchas 6 = (ug — uy)/d
may suffice for simple plate or beam problems Sanderson and Fredo (1995),
Elliott et al. (2012), but can be cumbersome for obtaining full 6-DOF kinematics.

4. Multiple translations. The equivalent multi-point connection (EMPC) method
Pasteuning (2007), de Klerk et al. (2008) accounts for the rotations implicitly,
by coupling translational FRFs of multiple points in the proximity of the inter-
face. This is illustrated in Fig.4.24c. In practice, a minimum of three triaxial
accelerometers (not in line) is sufficient to couple all translational and rotational
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directions,® introducing a total of NINE DOFs per coupling point. However,
this condition can be too stringent: if the structure between the three connection
points is very stiff, any discrepancy in motion (due to measurement errors) will
be overcompensated for in the coupling equations. This unwanted “stiffening”
of the interface results in spurious peaks in the coupled FRFs Rixen (2008).

5. IDM filtering. By defining six rigid interface displacement modes’ (IDMs) per
connection point and projecting the 9-DOF (or more) admittance matrix onto
this subspace, one only retains the dynamics that load the interface area in a rigid
manner Helderweirt et al. (2001), de Klerk et al. (2008). If substructuring is now
performed with this “filtered” receptance, one only imposes compatibility and
equilibrium on the motion of those nine or more DOFs that obey local rigid
behavior, while the residual flexible motion is left uncoupled. The interface
problem is thereby “weakened” and, due to the least square reduction step,
measurement errors are averaged out.

A common problem of abovementioned methods is the practical difficulty to
collocate applied forces with measured displacements/accelerations. Indeed, one
can never excite exactly at the point where a sensor is located, which is required
to measure a true “driving point” FRF. This already poses a problem for the class
of academic structures, as reported, for instance, in Nicgorski (2008), Nicgorski
and Avitabile (2010), Nicgorski and Avitabile (2010), Harvie and Avitabile (2013),
making real-life structures even more formidable. In addition, it is difficult to define
measurement points in such way that they appear identically on both structures and
can be measured and excited in all required directions.

Concluding, it seems justified to not question if, but rather how much uncertainty
is introduced in the experimental determination of substructure FRFs Ewins and
Inman (2001), de Klerk and Voormeeren (2008), Allen et al. (2010). One assurance
is that the effects of experimental errors become more apparent at higher frequencies.®
Hence, it stands to reason to first “message” the raw FRF data of a measurement into
a format that is better suited for substructuring.

Toward Collocated Virtual Point Dynamics

Let us look at the previously discussed IDM filtering method from a modal reduction
point of view. By defining the IDMs for a single connection point, one confines
the dynamics to 6-DOF-per-node kinematics instead of the nine or more DOFs of
the measured FRFs (rows of the matrix). In particular, if the IDMs are defined to
represent the three translations (X, Y, Z) and three rotations (6x, 6y, 67) with respect
to a single point in a global coordinate system, this kinematic description is similar
to a node in an FE model. In that case, the IDMs can be used to transform the

SThis is a similar reasoning as a chair being stable on three legs.

"The original definition of IDM is interface deformation mode de Klerk et al. (2008). However, as
we are primarily interested in the modes for which the interface behaves rigid, the wording interface
displacement seems more appropriate.

8This applies to most sources of errors. An example of a frequency-independent error is an offset
in.sensorsensitivity.due.to.bad calibration.
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measured translational displacements to 6-DOF motion of a single point. A similar
approach can be followed to extract concentrated 6-DOF forces and moments from
the excitation forces of the FRF measurement (columns of the matrix).

The concept is illustrated in Fig. 4.24d. The resulting 6 x 6 FRF matrices describe
the dynamic responses of so-called virtual point motion to virtual point loads, or in
other words the admittance of an interface concentrated in a virtual point. The point
is said to be virtual, because no actual measurements need to be performed on the
point itself. In fact, it can be chosen anywhere in the proximity of the interface,
allowing to locate the virtual points identically for two substructures to couple.

Interesting is now how to set up an experiment that leads to a complete and recip-
rocal 6 x 6 virtual point FRF matrix, including proper driving point admittance on
the diagonal. The next two sections propose a methodology to achieve this, based
on de Klerk et al. (2008), van der Seijs et al. (2013). Section4.6.4 introduces use-
ful quality assurance criteria and Sect.4.6.5 addresses practicalities such as sensor
placement and impact locations.

4.6.2 Virtual Point Transformation

For the derivation of the virtual point transformation, let us consider the coupling
problem of two experimental substructures A and B as illustrated in Fig.4.25. The
substructures have non-collocated interface DOFs by nature: neither sensors nor
excitation points appear identically. The measured FRF matrices are denoted by
Y*(w) and YB(w). The governing equation of the uncoupled dynamics is of the
admittance FRF form:

u=Y({f+g). (4.115)
We shall concentrate on the interface DOFs, respectively, denoted by Y5, and Y5,. As

the interface DOFs are non-collocated, they cannot be equated directly by definition
of a Boolean matrix. In other words, there is no direct relation between uy < ub and

A A B B
qQ,m; — (q;,m

Fig. 4.25 The virtual point transformation workflow for coupling of substructure A (left) and B
(right). Each substructure is instrumented by three acceleration sensors (blue, only four of the six
sensors are visible here). The excitations of the FRF measurements are depicted by red arrows
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ng & gB. In what follows, the assumption is used that the structures behave rigidly
in the area close to the coupling point. The derivation focuses on the interface DOFs
of a single substructure, denoted for simplicity by u € R".

Interface Displacement Reduction
Let us express the n interface displacements u by m < n interface deformation modes
(IDMs) q. The IDMs are contained in the columns of the n x m matrix R, which
is a frequency-independent mode shape matrix (the actual construction of the IDMs
is discussed in Sect.4.6.3). As the number of IDMs is smaller than the number of
interface DOFs, a residual on the displacements is added, denoted by p. This residual
captures all displacements not in the subspace of the IDMs, which is normally the
“flexible” motion.

u=Rq+p qeR" (4.116)

To find q in a minimal-quadratic sense, one could apply the standard Moore—Penrose
pseudo-inverse of R, minimizing the norm of the residuals on the displacements and
enforce R” i = 0. To gain more flexibility, we introduce a symmetric weighting
matrix W acting on the measured set of DOFs. The residual displacement shall then
satisfy:

R'Wu =0 WeR"™, 4.117)

The coordinate transformation u — q follows from standard application of a
weighted least square procedure, namely, by premultiplying (4.116) by R W and
solving for q. In addition to the IDM coordinates q, the “filtered” displacement can be
retrieved by substituting q back into (4.116). The resulting displacement is denoted
by u. The residual, finally, is simply the remainder of u minus u:

q = (R"WR) 'R"Wu (4.118a)
i =R (R"WR) 'R"Wu (4.118b)
i =[I-R(R"WR) 'R"W]u (4.118c)

To simplify notation, let us introduce the following two substitutions:

q="Tu with T 2 (R"WR) 'R'W (4.119a)
it = Fu with F 2 RT (4.119b)
p=_I0—-F)u (4.119¢)

Matrix T is the essential operator of the virtual point transformation. It performs
a linear combination of the n measured DOFs so that m virtual point coordinates
are retained. A minimum condition for the existence of T is to have an IDM matrix
of rank m, which can theoretically be realized by n = m displacement DOFs. This
implies in practice that the physical DOFs u are located and orientated properly to
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describe all m modes independently.’ As a consequence, . = 0 and @i = u, meaning
that no filtering is applied.

Any n > m implies that modal filtering is performed on the displacement space,
which means that the residual g may become nonzero. The filtered displacement
u — U can be obtained directly using the n x n filter matrix F defined by (4.119b),
which differs from identity if n > m. The virtual point transformation procedure
becomes a least square fit that minimizes the weighted error in the residuals:

q = argmin (0" Wp). (4.120)
qeR’"

If W is chosen to be identity, the standard pseudo-inverse is found, which leads to
a minimization of the quadratic residuals of the displacements. In general, if W is
a diagonal matrix, it assigns weighting to the individual displacements in the error
minimization. This provides control over the importance of a certain measured sensor
DOF for the transformation or allows to temporarily exclude a particular DOF by
setting its weighting to zero. Alternatively, if W is chosen to represent a (dynamic)
stiffness matrix, one is nullifying some local residual energy. Finally, it shall be noted
that W can be defined per frequency line, allowing to make different choices for the
low-, medium-, and high-frequency range, for instance.

Most important is that the virtual point motion q can be obtained from an overde-
termined set of measured translations u using an IDM matrix R. The transformation
employs a spatial reduction that does not require inversion of measurement data.
Several properties can be assigned to the quality of the transformation, which is
further elaborated in Sect.4.6.5.

Interface Force Reduction

The reduction of interface forces follows a similar procedure, although in a reversed
manner. Unlike displacements, forces are not uniquely defined by virtual point forces
and moments m (from here on simply called virtual loads). In fact, the other way
around is true.

» To exemplify this, consider a rigid beam hinged around a point of rotation,
i.e., the virtual point. If the beam rotates, every point on the beam has a dis-
placement u which can be uniquely determined from the rotation of the virtual
point q. In other words, ¢ — u is a unique transformation, whereas q can be
determined/averaged from u, provided that a sufficient amount of displacements
is measured (two in case of a simple rotation).

Let us now consider a set of forces acting on the same beam. If a resultant
moment m is known in the virtual point, there is no unique transformation
m — f, as multiple combinations of forces exist that generate the same moment.

9To determine a 6-DOF virtual point with just n = 6 translations, one should consider a triad of
points.and register, for instance, the directions XY7Z, XY, and Z, respectively.
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However, one can always calculate a resultant moment m in the virtual point
due to the applied forces f, if their locations and directions are known.

Hence, the reduction of forces is performed inversely. A similar IDM matrix can
be constructed, relating the measured forces to virtual point loads. This is again
denoted by R; distinction with the displacement IDMs will be made later on. Note,
however, that the matrix needs to be transposed in order to write the relation between

m virtual loads and n (interface) forces':

m = R’f. 4.121)

As m is typically smaller than n, (4.121) is underdetermined and the inversion shall
take the form of a weighted right inverse of R” . This inverse seeks for the minimum-
quadratic set of forces that realizes a given vector m. In order to prioritize the elements
in the force vector, a symmetric weighting matrix W is again introduced:

f=WR (R"WR) 'm. (4.122)

The resulting set of forces fis automatically admissible, i.e., in the space of R.
Analogue to the displacements, let us introduce the following substitutions:

f=T'm with  T” £ WR (R WR) ! (4.123a)
f=Ff with F 2 T'R” = RT (4.123b)
v=~1I-Ff (4.123¢)

Equations (4.123b) and (4.123c) allow to calculate the IDM-filtered forces and
residuals (here denoted by v) in case that the forces are the input. For the virtual
point transformation of admittance, these are normally not used.

Virtual Point Assembly

The interface reduction steps as derived above allow us to assemble only the part of
the dynamics of substructures A and B that can be described by the subspaces of their
respective IDMs. The remaining displacements and forces are left free. From here
on, the transformation matrices for the displacements and forces are clearly denoted
by T, and Ty.

Let us now continue the assembly of (4.115) by coupling only the part of the
displacements and forces that is admissible with respect to the IDMs. The following
definitions are used:

A A A
us gh Y%, 0
! [uB2j| ’ |:gB2j| |: 0 Ysz]

10The calculation of m in (4.121) shows resemblance with the modal participation factor calculated
from a vector of applied forces.
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q* . m*, ] T.* 0 . T 0
e o N R RS ke

The virtual point transformations of (4.119a) and (4.123a) are now used to write com-
patibility and equilibrium. Whereas the measured displacements a3, ub are incom-
patible by nature, the virtual points are in fact compatible so it is permitted to require
q? = ¢5. This means that the IDMs used to express the kinematics of substructure
A and B are defined the same way, for instance: both describe three global-frame
translations and three rotations with respect to a unique point in space, i.e., the vir-
tual point. The virtual point DOFs are collocated and can thus be used to write
compatibility and equilibrium.

The same holds for the virtual interface loads, allowing to write the following
dual coupling equations:
TpT
{“‘Y(Hg)_Y(f_TfB Y it B2 [-11L] (4.123)
Bq=BT,u=90

Lagrange multipliers are substituted for the virtual point interface forces of A and
B, enforcing equilibrium on the (rigid) part of the forces in the subspace of the
IDMs. Likewise, compatibility is enforced by the second equation onto the admissible
displacements. The assembly procedure continues in a familiar LM-FBS fashion,
namely, by solving for A:

BT,Y (f—T{B"1) =0
BT,Yf = BT, YT; B\
A = (BT, YT{B") 'BT,Yf (4.124)

Now that the virtual point coupling forces are known, the full virtual point coupled
solution is found by substitution back into (4.123):

u=Yf—YT{B" (BT,YT{B") "'BT,Yf. (4.125)

Let us now examine (4.125). At first sight, one recognizes the same ingredients as
for standard LM-FBS coupling. The response consists of an uncoupled response,
i.e., the first term on the right-hand side, and a coupled response to the applied
forces f. The coupling, however, takes a “detour” through a total of four virtual point
transformation matrices. To better comprehend this procedure, let us expand (4.125):

virt. point
admittance

——
u=Yf — YI{B” (BT,YT{ B")~' BT,Yf.
~—~— —_——  ——— ——
response to virt. point incomp.
virt. point A int. admittance inq

uncoupled
response
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Reading from right to left, we first recognize the incompatibility caused by the
uncoupled responses. These are transformed to the virtual point space by the operator
T,. Between the brackets, we observe the combined interface admittance. This is put
in the virtual point space by pre- and post-multiplication of the measured FRFs by
T, and TfT . Hence, the term in the center constitutes the virfual point admittance
of the interface, which will be elaborated on later. The Boolean matrices on both
sides of this term function as expected, namely, to select and sum up the admittance
at the interface DOFs in the virtual point space. Lastly, the term to the left of the
inverted admittance governs the response to the virtual point interface forces that are
in front of it. These forces are transformed back to the measured DOF space by the
operator Ty .

This section has demonstrated how interface FRFs, incompatible by the nature
of experimental measurement, can be coupled by use of appropriate virtual point
transformations. Having clarified all the terms in (4.125), let us now define two
approaches to proceed.

Virtual Point Coupling

The coupling detour explained above can be simplified by grouping the respective
pairs of B and T matrices. This yields two new, yet familiar operators that carry out
the actions of virtual point transformation and DOF selection at once:

{ B. £ BT, compatibility at virtual point (4.127a)
B, £ BT; equilibrium at virtual point (4.127b)

Note that these matrices can be fed straight into the LM-FBS algorithm. The sub-
structures’ admittance matrices can be left untouched and, as a consequence, the
resulting coupling FRFs are found in the original dual space of the measured DOFs.

Virtual Point FRFs

In the introduction of this chapter, the need for a nodal model was highlighted: a
dynamic model, composed from collocated FRFs, that is compatible for coupling
with FE or other experimental models. Indeed, for the purpose of dynamic sub-
structuring or transfer path analysis, it may be preferred to transform the entire
measurement into a virtual point admittance matrix. Such matrix can be stored in a
database and easily retrieved for modeling purposes, in the capacity of a dynamic
super-element.

The virtual point admittance was already identified above, namely, as the com-
bined subsystems’ admittances pre- and post-multiplied with their respective trans-
formation matrices. This may as well be computed on a substructure level, for
instance, to obtain the nodal admittance FRFs of substructure s:

s s ) T
Yo, =TOYOT . (4.128)

The subscript *qm 18 used here to denote the virtual point DOF space of the new
admittance:matrixsAsswill-berdemonstrated later, the IDM matrices R have a block
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diagonal structure and so do their resulting T matrices. This means that, given an
arbitrary structure s, the subset of FRFs used for transformation of coupling point
1 is not being reused for transformation of coupling point 2. In addition, the block
diagonal structure makes it easy to keep measured points of interest or additional
excitation points untouched, by mixing in identity elements in the substructure’s
transformation matrices. Let us demonstrate this for the DOFs of the substructures
A and B:

>

10 A
u “1:| A A A
a| |OT, [“‘? .

"B T2 0| |ub
q; u, 2 B B. B
= ——= =T u".
i| 0 I||uf 4 "

The coordinate sets q* and q® now contain a mix of original internal DOFs and
virtual point interface DOFs. With respect to the interface conditions, one can now
define Boolean matrices in the traditional fashion, as all interface DOFs are already
collocated due to their matching IDMs. The principles as demonstrated here can be
employed in a customized fashion to serve the needs of the substructuring or TPA
job in prospect.

4.6.3 Interface Displacement Modes

In the preceding section, it was shown that the virtual point transformation relies on a
spatial reduction of coordinates. The interface connectivity is reduced to virtual points
using a predetermined set of interface displacement modes (IDMs) R. This section
elaborates on the construction of the 6-DOF IDMs for a virtual point. The example
of Fig.4.26 is used to illustrate the theory. Virtual point v is surrounded by n; = 3
triaxial acceleration sensors, registering a total of nine translational displacements'!
in the local (x, y, z) frame of the sensors. A hammer impact is indicated by a thick
red arrow.

Displacement IDM

The sensor IDM matrix R (the subscript is dropped in this section) translates the local-
frame displacements to six virtual point displacements and rotations plus a residual.
Let us write out this equation for a single triaxial sensor k. The orientation of the
sensor is determined by three measurement directions, specified as orthonormal unit
vectors:

[ et e’; et 1=E"

n fact the sensors measure accelerations, but for simplicity of notation displacements are con-
sidered.here.
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Fig. 4.26 The IDMs associated with the virtual point (green) can be constructed from the positions
and directions of the measured displacements (blue) and impacts (red)

The distance from the sensor to the virtual point is given by vector r. The respective
local displacements along these directions are denoted by u*. The six DOFs of virtual
point v comprised of the set q”. The following kinematic relation can be established
between the virtual point q” and the sensor displacements u*:

qx
k ko ko Lk k k qy k
Y
u’ €rx €y €z 100 0 ry —ry ! Wy
k| | bk Lk k k qz k
uy | = ey x ey ye€ 010-r; 0 ry o + | uy |- (4129)
k ko ok k k _ .k Ox k
u; e, x €y €z 001 ry —ry O i s
9o,
v
_qez_

This relation states how much displacement is measured on the channels of sensor
k for a given displacement and rotation of the corresponding virtual point v. Any
residual displacement ends up in .

Introducing R*” as the 3 x 6 global-frame IDM matrix associated with sensor k
and virtual point v, we can write this relation for each sensor:

ut = EkTRkqu + pk
uf = Rq" + b with RE 2 gF RF (4.130)
R* is the local-frame IDM matrix. For a typical configuration of three sensors

per virtual point, the R’ matrices can be stacked to form the following system of
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u=Rq+p with R= RS2 . (4.131)
R6,2

. Rnk,nL.
Equation (4.131) has the same form as (4.116). Alternatively, one may prefer to
describe the virtual point relation for each measurement channel individually. A
single displacement DOF u¥ with local direction vector e} can be related to the
associated set of virtual point coordinates in q":

ut = [ef.‘T (rf x ef)r ]q” + pf =RPYqY + k. (4.132)

The single-DOF row vector between the block brackets is of size 1 x 6. The full
matrix R can be constructed row-wise per sensor channel i and column-wise for the
different virtual points.

Regardless of the construction method, the resulting IDM matrix R is block diag-
onal, or at least contain IDMs that are uncoupled with respect to the various virtual
points and sensor groups. Although not treated here, R may be augmented with flex-
ible IDMs if desired.!? In any case, care should be taken that R is full rank, which
implies that sufficient measurement points are considered to compute an inverse or
pseudo-inverse T using (4.119a).

Force IDM

The transformation of the forces can be performed in an analogue way. The following
relation can be written for the set of virtual forces m" as a result of a single impact
f" in the direction of e" and at a distance r" from the virtual point v:

m% ] r1 0 0 7

my 0O 1 0 .\

"z 00 LT (4.133)
= e .

mi |0 s (|G

mgy rg 0 —rﬁ'(

_mgz_ _—r¢ rﬁ’( 0 |

Note that the virtual point forces are indeed the direct result of applied forces; hence,
we do not need to add a residual.

12Eor a definition.and.application.of flexible IDMs, see Pasma et al. (2018).



4.6 Virtual Point Transformation 141

Now, to remain consistent with (4.132), the transpose of R™ is defined:

h
m’ = [ L C h] fi=RrmT ph (4.134)

X e

Every impact adds a single column to the transposed IDM matrix R”. Assuming
nine impacts per virtual point, the system for the complete set of DOFs reads

Rl,l

m=R’f with R= ) ) (4.135)

R”ha”v

Note that the IDM matrix of the forces takes the same form as the IDM matrix of the
displacements from (4.131). In fact, if one decides to excite only on the sensor faces
(which is generally not advised, see Sect.4.6.5), one has obtained the exact same
IDM matrix, apart from some sign changes.

With more than six independent excitations per virtual point, (4.135) becomes
underdetermined, which means that there is no unique combination of the excitation
forces f from which a certain m can be constructed. The solution is found using the
pseudo-inverse of (4.123a). Instead of minimizing a residual (which was the case for
the displacements), this operation finds a set of excitation forces that minimizes the
W~ !-norm of f:

f = argmin|| 7 WIf|.

This again has advantageous properties for interface weakening and error suppres-
sion, as discussed in Sect.4.6.2.

4.6.4 Measurement Quality Indicators

An important feature of the virtual point transformation is the ability to quantify
the consistency of the measurement. Note that the classical coherence function can
be used to assess properties of single FRFs, but does not tell if a set of n FRFs is
dynamically plausible. The quality functions introduced here are a by-product of the
transformation and reveal important practical aspects of the whole measurement.
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Sensor Consistency

The sensor consistency function is an indicator of the consistency of the measured
response channels with respect to a certain load case. It compares the measured
responses with the responses after projection onto the IDMs. It was originally pro-
posed in de Klerk et al. (2008) as an indicator of the “rigidness” of the interface, but
has additional, generally useful properties.

For the evaluation of the consistency of the sensors around virtual point 1, let
us consider their responses to a load case f,, denoted by u; 5. This load vector is
composed from one or more excitations at coupling point 2, reasonably distant from
virtual point 1. This way, the responses in u; due to f; are probably more global
(showing some signal in all directions) than when considered for one ore more
excitations near the sensors around point 1. The filtered responses are found by
premultiplying the responses with the IDM projection matrix F, for the respective
coordinates:

u 2 =upp = Yb (4.136a)

up, = FiiYiofs. (4.136b)

> 1>

uj

As mentioned before, Fy is a rank-m filter operator. It differs from identity if the
transformation is overdetermined, namely, for n > m. The filtered responses are in
that case limited by the m modes of the IDM; F, implements the reduction and
expansion step, (4.119a)—(4.119b) in a single operator.

The responses 1 5 shall now be compared with u; ; to evaluate to what extent the
responses are affected by IDM filtering. Two criteria are discussed next.

Overall Sensor Consistency

To get a quick feeling of the consistency of all sensor channels, the norm of both
vectors can be compared. This yields a frequency-dependent function bounded by
zero (no consistency) and one (full consistency):

a2 (w) |l

. 4.137
a2 (@) ( )

pll].z (w) =

A function value p(w) = 1 means that the amplitude of all filtered sensor channels
is left unchanged, suggesting that all sensor responses can be fully described by
the m IDMs (6 for a rigid interface) at the specified frequency. Mathematically, it
implies that the singular value decomposition Y, = U ¥ 12V2Tz only comprises m
significant singular values and that the associated left singular modes Uy, are all in
the subspace of R,. In practice, it indicates that all sensors are correctly positioned,
aligned, and calibrated, as otherwise at least one channel would “swing” out of line
and reduce the overall value of p.

If the value drops down above a certain frequency, it is often an indication of the
presence of a flexible interface mode. This can be verified by looking at mode m + 1
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in Uy;. If the associated singular value is significant, one could consider to augment
the IDM basis by a flexible mode, e.g., based on mode m + 1 in Uy;.

Specific Sensor Consistency

For evaluation of the consistency per measurement channel, we introduce a variation
of the spectral coherence function. Essentially, this is an expansion of the spectral
coherence function Bendat and Piersol (1980) when evaluated for a total of two
spectra”:

()@ +y) | =y
coh(x,y)éw x,yeC — Lifx Ly
2(xx* + yy*) 3 ¢
X =—Yy.
(4.138)

This equation compares two values with respect to their amplitude and phase. It is
again bounded between zero and one and can thus be used to objectively compare two
complex response spectra with each other. For evaluation of the specific consistency
of measurement channel u;, we write

Pus, (@) = coh (it (@), uix(®))  u; € uy. (4.139)

If the overall sensor consistency is poor over the full frequency range, it may very
well be a problem of just one incorrect sensor direction or calibration value.'* (4.139)
allows to evaluate the consistency of each measurement channel with respect to the
full transformation. This way, the problematic sensor can be identified and the entries
in R, corrected if needed.

Impact Consistency

Similar to the sensor consistency, it is possible to define a consistency function for the
applied forces. This value is particularly useful to assess the accuracy of the excitation
positions and directions—crucial aspects of impact hammer measurement.

We now consider the effect of the force filter matrix F¢ on the responses. In order
to provide a methodology analogue to the sensor consistency, a linear combination
of responses is considered for the evaluation, denoted by scalar y,. Vector w; is
introduced to compute a (weighted) sum over the response channels of virtual point
2:

Y2 = W2Tl12 Wy € R™,

Note that the quantity y, has very little dynamical significance; it only allows to
assess the effect of the force filtering with respect to some responses in u,, selected

13Note that other similarity functions may be used here that penalize differences in amplitude and
phase of the two spectra.

14For instance, if one sensor is rotated by 90° along the z-axis, a rigid interface motion in the
x, y-plane will appear as a partly flexible motion. The effect will be visible as a low consistency
over.the full frequency range.
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and combined using w;. Let us again define an original and force-filtered set of
responses, namely, for all forces f; € f; corresponding to virtual point 1:

Yor 2l vy . 1=W Yy (4.140a)
Vo120 Vog o 1=wWo Yo Fyy (4.140b)

Here, y, | is arow vector comprising the summed responses as aresult of all singleton
impacts associated with the columns of Y3;. Row vector §, | comprises a similar set
of responses, yet for the forces filtered by the force IDM matrix. This can be reasoned
as follows: for every single impact f; € f|, Fy; looks for an equivalent combination
of impacts f; that produces the same load on the virtual point. This allows to evaluate
if there is any difference in response between the direct application of a single impact
and the compound excitation suggested by the IDM matrix.

Overall Impact Consistency

Comparing the norm of the original and filtered set of responses, a measure is obtained
for the overall consistency of the impacts:

133, (@)

. 4.141
3, (@)l @-14D

P, (@) =

This frequency-dependent function quantifies how well the full set of impact forces
f| can be represented by three translational forces and three moments (in case of a
6-DOF IDM matrix). If some excitations points have been positioned too far away
from the virtual point, they may load the interface in a flexible manner, which is
reflected by a low value. More often actually, the value drops because of position
and direction errors in the impacts.

Specific Impact Consistency

The specific impact consistency is used to spot individual impacts that are “non-
consistent” with respect to the transformation. Using the definitions of (4.138) and
(4.140a—4.140b), the following function can be defined:

P, (@) = coh (2 (@), y2.; (@)  fj €fy. (4.142)

A low consistency value can have multiple causes, for instance,

The impact position was off;

The impact was not in the expected direction;

The impact was not properly executed (e.g., double pulse, too little energy);
The impact resulted in a signal overload at one or more channels in u,.

Like the specific sensor consistency, the specific impact consistency may assist in
finding troublesome impacts and fixing entries in the force IDM matrix. This can
greatly improve the transformation results.
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Virtual Point Reciprocity and Passivity

Evaluating sensor and impact consistency is useful to troubleshoot errors in the mea-
surement setup and validation of the assumptions with respect to interface rigidness.
However, a high sensor/impact consistency does not guarantee a truthful virtual point
FRF matrix Y¢m. Two additional properties are discussed for quality assessment of
the two-sided transformed data.

FRF Reciprocity

Reciprocity of the original measurement data is in most cases not very meaningful
as the location of sensors and impact positions do not nicely coincide. In contrast,
the virtual point motion and loads are actually collocated, meaning that the virtual
point FRF matrix should be reciprocal. Reciprocity can thus be used to assess the
transformation quality.

Leti and j denote two different DOFs from the set of virtual point DOFs. Then
a frequency-dependent reciprocity function between zero and one is defined by

x(@)ij = coh (Yi; (@), Yji(w))  Yij,Yji € Yqm. (4.143)

This function quantifies the similarity in both amplitude and phase between the two
reciprocal virtual point FRFs. Note that for the diagonal of the matrix, i = j and
xii = 1 by definition. The reciprocity function is therefore only useful for evaluation
of the off-diagonal terms.

Driving Point Passivity

One of the lesser known properties of the FRF matrix is driving point passivity.
Driving point FRFs, i.e., the FRFs on the diagonal of the matrix, need to be minimum-
phase functions. This means that an applied force at DOF i shall always result in a
displacement in the same direction at that point.! If the function is not minimum
phase, it implies that energy is added after the impulse, which contradicts system
passivity Sjovall and Abrahamsson (2007), Liljerehn and Abrahamsson (2014). As
a consequence, the phase of driving point FRFs shall be bounded as follows:

€ [—180,0] for receptance FRFs
ZY;i 3 €[—90,90] for mobility FRFs (4.144)
€ [0,180] for accelerance FRFs

This property allows to assess the diagonal of the virtual point FRF matrix, which
are the only entries that must demonstrate minimum-phase responses. Conveniently,
those are also the only entries for which the reciprocity criterion does not apply.
Hence, the two criteria are complementary, in some practical way.

15Sign changes only occur at a minimum distance of half the wavelength of the underlying modes.
This.can.be understood from modal synthesis.
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4.6.5 Instrumentation in Practice

This section discusses some more practical issues related to the virtual point exper-
iment. Proper positioning of the measurement and excitation points is essential to
obtain a high-quality model. Care should be taken to ensure that all six DOFs per
virtual point can be described independently. This has implications for both sensor
placement and impact positions. The following preparation and post-processing steps
are presented in the order as they normally appear in time.

Sensor Placement

The use of triaxial accelerometers has become standard practice in experimental
testing. A single accelerometer hosts three sensing devices in orthogonal directions,
which can be assumed to be collocated. Although one pair of those sensors measures
a total of six channels, it is normally not sufficient to describe all six DOFs of
the virtual point. One linear dependence will appear in the virtual point DOFs: the
triaxial sensors are unable to describe the rotation over the axis spanned between
both sensors, as illustrated in Fig.4.27b. This is regardless of the position of the
sensors relative to the virtual point. Introduction of a third triaxial sensor, such that
the three sensors span a surface (Fig.4.27¢), enables the three sensors with a total of
nine DOFs to describe all six DOFs of the virtual point properly.

The additional benefit of the third triaxial sensor is the overdetermination of
the interface problem. Applying the virtual point transformation as discussed in
Sect.4.6.2, the effects of uncorrelated measurement noise, as well as bias errors due
to misalignment of the sensors are reduced, which is generally considered as good
practice. The use of at least three triaxial sensors per virtual point can therefore be
held as rule of thumb, if the aim is to describe the virtual point by six independent
coordinates.

Finally, considering the rigid interface assumption, it seems logical to place the
sensors as close as possible to the virtual point. The smaller the distances are, the
lesser the effects of flexible interface motion compared to the rigid interface motion.

,‘;}

(a) Two sensors spanning a line: one dependency (b) Three sensors spanning a surface: all
exists between the rotational axes. rotations are fully determined.

Fig. 4.27 Sensor placement for measurement of accelerations in an arbitrary structure
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On the other hand, for smaller distances, the virtual point transformation gets more
sensitive to absolute errors on the position. In general, one should approach this
aspect with some engineering judgment or a priori knowledge about the system and
measurement equipment.

Excitation Positions

Unlike the six accelerations measured by two triaxial sensors, six well-positioned
hammer impacts are potentially sufficient to fully determine the six generalized loads
of the virtual point. Still, for the same reason, it is preferable to use more excitation
points and overdetermine the force transformation. Similar to the sensor placement,
three impacts in each direction (x, y, z) can be used as minimum, creating nine
columns in the FRF matrix for each coupling point. However, as one is not restricted
by the available measurement equipment (as is the case for the simultaneous sensor
positions), it is advised to excite at much more points. Care should be taken to include
excitation directions that do not point straight to the virtual point, in order to generate
“moment” along the rotational axes.

In some studies, the faces of the acceleration sensors were suggested as possible
impact locations de Klerk (2009), van der Seijs et al. (2013). As the impact locations
and directions are equal to the locations and orientations of the measured responses
of the sensor, the same IDM matrix can potentially be used for both transforma-
tions. However, practice shows that FRFs obtained at the sensors’ faces exhibit poor
coherence, especially for the cross-directional FRFs of one sensor. Also, the sensor
is easily driven in overload. As the virtual point transformation does not require
physical driving point measurement (driving point FRFs are correctly rendered by
the two transformations), this type of excitation is discouraged.

With respect to the distance of impact points from the virtual point, a similar
reasoning applies as for the sensors. However, remind that the uncertainty of hammer
impacts is highly subject to the skill of the experimentalist.'® Position errors are
always made, typically in the order of a few millimeters. To minimize their effect
for the transformation, it is advised to excite at some more distance from the virtual
point. This is possible as long as the local rigidness assumption is still justified, which
is normally a matter of the targeted frequency bandwidth.

4.7 Real Applications

This section shows an example of experimental modeling of two substructures, fol-
lowed by coupling by means of frequency-based substructuring. The example is
taken from the IMAC paper van der Seijs et al. (2017).

16This only applies to manual impact hammer testing. Automated hammer or shaker measurements
probably reduce these uncertainties, but are far more elaborate in practice. Considering the sub-
stantial amount of measurement points for our applications, impact hammer measurement is the
preferred method for using the virtual point transformation.
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4.7.1 Experimental Modeling of a Substructure Using the
Virtual Point Transformation

In this section, nodal FRF models will be obtained from impact hammer measure-
ments on the two substructures as depicted in Fig.4.28. Let us introduce them one
by one and briefly touch upon some design considerations:

e Substructure A is welded together from three pieces of solid aluminum
(30x30mm). It forms an evenly sided triangle and loosely resembles the character
“A”, but was made asymmetric to avoid double resonance modes. It comprises a
number of 10 mm diameter holes, at the corner points and along the length of the
members, evenly spaced at distances of 75 mm. It hosts a vibration source (not
further discussed here) and can therefore represent the active source system in a
TPA or source characterization problem. The combined weight is circa 2.5kg.

e Substructure B is constructed from two plates of stainless steel with a solid piece of
steel welded in between. The plates are produced using precise laser cutting. Five
holes are placed spanning a total distance of 300 mm, again with 75 mm spacing
in between. A honeycomb-like pattern of cuts was introduced to reduce weight, as
well as to provide a pattern to align sensors for an observability investigation. As
such, substructure B represents a receiving side into which the source vibrations
of substructure A may propagate. The total weight is circa 10kg.

FRF Measurement

All substructure FRFs have been obtained by impact hammer testing. Figure4.28
depicts how hammer impact points (red arrows) and triaxial accelerometers (gray
cubes) have been positioned and oriented on substructures A and B. Besides some
internal points, the main interests for both substructures are the three coupling points.

VP3 VP2

(a) Substructure A. The three coupling points  (b) Substructure B. The three coupling points

are each instrumented by 3 tri-axial ac- are each instrumented by 3 tri-axial ac-

celerometers and 16 impact points. celerometers and 16 impact points; 2 addi-
tional sensors register target responses in the
structure.

Fig. 4.28 Acceleration sensors (indicated by gray cubes) and impact locations (red arrows) visu-
alized.on.the substructures
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Overall sensor consistency of VP2 w.r.t. VP1 Overall impact consistency of VP1 w.r.t. VP2
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(a) Overall sensor consistency of 9 sensor (b) Overall impact consistency of 16 (light
channels around VP2 with respect to excita-  blue) and 13 (blue) impacts out of 16 around
tions around VP1. VP1 with respect to responses around VP2.

Fig. 4.29 Sensor and impact consistency checks for substructure A

Each coupling point has been instrumented by three triaxial accelerometers of type
PCB 356B21. To determine forces and moments, 16 impact hammer positions are
chosen per coupling point. Altogether, this results in sufficient overdetermination of
the virtual point transformations.

FRF Consistency

In order to evaluate the above assumption on rigidity and obtain insight into the
contribution of single force impacts or displacements to the VP dynamics, several
consistency checks can be done. Let us illustrate the various consistency checks
for substructure A. Figure4.29a shows the overall sensor consistency of VP2 for
excitations around VPI1. This operation takes the accelerances of all nine sensor
channels (FRF matrix rows) around VP2 (u) for a combination of hammer impacts
(FRF matrix columns) around VP1, transforms these to the virtual point q, and
expands the accelerances back to their original sensor channels (). The score of
100% over the full bandwidth of 5S000Hz indicates that all sensor channels are
perfectly consistent, i.e., i = u. This is obvious as the region between the three
sensors is very stiff; values below 100% would probably indicate incorrect placement
of a sensor.

Figure4.29b shows the overall impact consistency for VP1 with respect to
responses around VP2. The light-blue area was computed for all 16 impact points,
which is clearly not optimal. Looking into the specific impact consistency for each
16 impacts, three impacts had significant lower score than average. By discarding
these 3 from the set of 16, the full 6-DOF set of virtual point forces/moments can
still be determined. The dark-blue area was computed for the optimized set, clearly
showing an improved overall impact consistency.

FRF Reciprocity

The VP transformation allows to validate reciprocity of the obtained virtual point
FRFs, as computed by Eq. (4.128). Note that this is possible as the VP displacements
(i.e., translational and rotational accelerations) are perfectly “vectorially associated”
with the corresponding VP loads (i.e., forces and moments). In other words, the
virtual point FRFs behave as if they were computed for nodes of an FE model.
Figure4.30 shows two typical virtual point FRFs: response VP2Y over force
VP3Y of substructure A (left) and response VP2Z over force VP3Z of substructure
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(a) Substructure A: Y-direction of VP2 to VP3  (b) Substructure B: Z-direction of VP2 to VP3
and its reciprocal. and its reciprocal.

Fig. 4.30 Reciprocity of the virtual point FRFs of the experimental models of substructures A and
B

B (right). The FRFs reciprocal FRFs are displayed in red. It can be observed that
reciprocity is indeed satisfied, especially up to 2 kHz.

4.7.2 Experimental Dynamic Substructuring of Two
Substructures

Now that VP-transformed FRFs are available for substructures A and B, both struc-
tures are coupled using the LM-FBS algorithm. To do so, the substructure FRF
matrices of A and B are put in block diagonal form and an appropriate Boolean
matrix B is written as follows (not discussed here, see Sect.2.3 for guidelines):

YAO]

0 Y" (4.145)

Y=Y-YB' (BYB")"'BY Y2 [

The two-point coupling configuration is considered, which means that coupling is
performed by requiring strict coordinate compatibility and force equilibrium for the
FRFs of virtual points 2 and 3. We now focus on the frequency range of 0—1600 Hz.

Some results of the substructured FRFs of AB are depicted in Fig.4.31. First
in Fig.4.31a, a driving point FRF on the coupling interface is shown, namely, for
VP2 in Z-direction. The phase is shown as well to assess the passivity!” of the FRF.
Figure4.31b shows a transfer FRF from an internal force impact point on structure
A to an acceleration response internally on structure B. Both points are not part of a
coupling VP; hence, the transfer FRF is realized by coupling over the interface. The

17Eor an.accelerance, driving point ERE, the phase should be bounded by 0 and +180°.



4.7 Real Applications 151

s DS coupling - Driving point FRF VP2Z /| VP2Z DS coupling - Transfer FRF 10Z / 3Z
0

Measured results Measured results

102 F
—— DS results. 102 — DS results

Accelerance ((m/s 2)/N)

SR
Lo

200 400 600 800 1000 1200 1400 1600
180 . ‘ P . ) -
90| M ) S A

-90
-180
0

Accelerance ((m/s 2)/N)

Phase (deg)
o

200 400 600 800 1000 1200 1400 1600 0 200 400 600 800 1000 1200 1400 1600

(a) Driving-point FRF for VP3 in Z-direction. ~ (b) Transfer FRF for an internal impact point
on A to an internal acceleration response on B,
both in Z-direction.

Fig. 4.31 Application of dynamic substructuring: assembled FRFs of AB (blue) in two-point
coupling configuration, compared against the validation measurement (red)

substructured FRFs (blue) are compared the measured FRFs of the coupled structure
AB.

The first substructuring results, although not perfect yet, are by all means encour-
aging. It can be seen how resonance frequencies are created at roughly the right
frequencies. The phase around antiresonances is not fully stable; however, the over-
all amplitude of the FRFs matches quite well. Note that no filtering or processing has
been applied to the measured FRF data, except for transformation to virtual points.

4.8 Finite Element Model Updating for Substructuring

In this era of simulation, computational solid mechanics is playing an increasingly
important role in the design and performance of engineering systems. Automobiles,
aircraft, bridges, and high-rise buildings are examples of engineered systems that
have become more and more reliant on computational models and simulation results
to predict their performance, reliability, and safety. For these models to be truly
credible, they need to be validated against experimental data obtained by physical
testing. Because of many, far from trivial, modeling issues in computational structural
dynamics, the model validation is most often made in conjunction with a model
calibration (also known as model updating or white-box system identification) to get
a better fit to test data. In this calibration, the model is parameterized for parameters
that are to some degree not certain and these are allowed to adjust for better fit
between simulation and test data to possibly better fulfill setup validation criteria.
A finite element model for a mechanical system is most often developed from
first principles. Such are Hooke’s law for material behavior and Newton’s laws for
equilibrium. In the linear regime, it is usually found that components manufactured
from a solid piece of material are almost trivially modeled to a very high accuracy
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with the finite element method. However, the modeling becomes much harder when
parts (substructures) are put together into an assembly by riveting, bolting, gluing,
or welding. It is often at the modeling of joints and component interfaces that the
modeler’s skill and experience come to a severe test. A vast part of the contribu-
tion to system damping is often attributed to the physical processes occurring in the
interfaces between parts. This poses one challenging problem in the dynamic sub-
structuring since it is at such interfaces the system is normally divided to make the
submodels more manageable. It normally takes a very good insight into physics and
precise information about the details of the system to get the damping models right
at first time. The system damping is therefore most often obtained by testing. After a
model calibration, this damping can usually be mapped to the system model without
precise knowledge about the physics of the damping processes.

This section describes to some detail a frequency response-based calibration pro-
cess that has been found to work on large-scale finite element models and an industrial
example will be given. It starts with defining the concept of a model structure which
regards the parameterization of the calibration problem and some concepts related to
that. It continues with the imprecision of the estimation of the calibration parameters
that is the result of unavoidable noise in testing. Thereafter, it briefly treats the data
processing that leads to the data split that is used for validation with calibration and
cross-validation for assessment of model prediction accuracy. It finishes with the
specifics of calibration and cross-validation, and in particular treats some concepts
and tricks that have been found useful in the calibration of large-scale FE models
with many calibration parameters. However, it does not cover the important topics
of best preparing for an accurate and informative validation test, how to best conduct
the test or to best process the test data for possible inaccuracies and outliers.

Finite element model structure. A finite element model is often specified by an
input file with a given structure with data for the analysis. In that file, the system’s
physical properties are assigned numerical values. The constitutive models for the
used materials are given material property data. The structure’s geometry is given by
nodal point locations of the established discretization grid and the selected element
types. The modeler might have chosen lower dimension elements to represent all or
parts of the structure. Such may by simple scalar elements such as discrete springs
or lumped masses, it may be one-dimensional rod or beam elements, and it may
be two-dimensional plate or shell elements. Such simplistic elements also need to
be described in the input file as plate thicknesses, beam cross-sectional properties,
lumped mass weight, etc. All such numerical data are required to describe the struc-
tural model. The numerical data given can be seen as one specific realization from
a general parametric model structure given by the structure of the input file. Let us
call that model structure 21(p) with parameter vector p. Two models 9t; and 91,
are meant to be equal, i.e., M, (p1) = DM (p2), if they share the same input-to-output
relation but not necessarily the same parameters. If the parameters of the model
parameter vector p were let free, they may be adjusted to the parameter setting that
gives a better fit to the input-to-output relation obtained as experimental data. If the
ideal situation would occur in which the experimental data were free from noise and
bias errors, an exact fit of a model of a proper model structure would be possible. If
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that situation would occur (in practice it never will), it is said that a consistent model
structure or a true model structure is at hand and the associated parameter setting
of the associated perfect model is denoted p*. This parameter setting is sometimes
referred to as the oracle parameter setting.

An optimization scheme can be used to adjust the model parameters to best fit
the test data, that is, the process of model calibration. The calibrated model is thus
one specific realization from the given model structure. If it is found, then find,
eventually after unsuccessful calibration or validation attempts, that it was impossible
to calibrate or validate the model to an acceptable accuracy one needs to choose
another model structure or give up and accept defeat. A validation attempt that
resulted in a negative outcome can often be scrutinized to give some hints to what
model structure changes that are required. A change to another constitutive model
for the material constituents, such as changing from an isotropic material description
to an orthotropic, is an example of changing the model structure. Another possibility
might be to do a more precise modeling of parts that join structural components
together. There are endless other possibilities. However, all such model structure
changes have to be made with good scientific/engineering judgement to be truly
successful. Besides data of the structural model, the input file of the finite element
simulation code also includes a load model and a boundary condition model. The
process of validating the load model is a topic of its own and is not further treated here.
Itis assumed that the loading in the associated calibration and validation experiments
are measured with such high precision resulting in load uncertainties that are too small
to matter.

However, the boundary condition model may require some considerations. The
boundary conditions for the structure under study might be different in the test labo-
ratory than in the real-world application for which the model should be made valid.
In commonly used finite element models, the structural boundaries are most often
considered to be perfectly free or perfectly rigid. These are conditions that are never
met in practice or in the test laboratory. Any nonideal boundary condition may cause
bias effects for the model calibration if not properly accounted for. An assessment
of the mobility of the structural boundary that is connected to the surrounding via
hardware may be required. The remaining surfaces of the structure that tend toward
open-air normally play an insignificant role to the observed structural behavior, but
might be of importance for very lightweight (meaning small weight in relation to the
enveloped volume) structures. For submerged structures, the wet surface boundary
conditions can have a great impact on the structural response and should be modeled

properly.

4.8.1 Finite Element Model Parameter Statistics
and Cross-Validation

In the model calibration, the test data that are available are used in the estimation of
model parameters. These test data are always associated with some randomness. If an
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experiment is repeated under seemingly identical conditions in multiple realizations,
more-or-less different results will be obtained that will affect the parameter estimates.
If the tests are set up carefully and performed with proper hardware and skilled test
engineers in a low-noise environment, the estimation differences will be small but
still present. Identical calibration procedures applied to these different realizations
will render different calibration outcomes. The calibration parameters estimated from
test data will then seemingly have random character because of variations in test data
even if they represent some property that is constant at test. Some basic aspects of the
associated statistical data obtained from the parameter estimation in the calibration
process are described in the following.

Test data for parameter estimation and validation. The topic of parameter
estimation deals with the problem of extraction information from observations that
have randomness. The observations are then realizations of stochastic processes
where noise is really the random part that affects the parameter estimation. Suppose
that the observations are represented by processed test data as random data in z €
RY. These observations may be processed time-domain data r € R", that is, the
response output recorded in the vibration testing. In vibration testing, often with a
high channel-count data acquisition system, high sampling rates and long duration
testing, the collected discrete-time data vector sizes may be in the order of billions.
These data are most often processed with frequency analysis and averaging into
transfer function estimates or further via system identification to eigensystem data
as system eigenfrequencies and eigenvectors. This process is then a mapping of r
into z. Although the statistical properties of the collected output data r can often be
easily assessed, the statistical properties of the processed data are often less known.
However, let us assume that the joint probability density function (pdf) of the elements
of zis

pdf(zi, z2, ..., ZN 1P, (4.146)

i.e., the probability function depends on the parameter setting p that is believed
to represent real-world physics. But that parameter setting is hidden and implicitly
embedded in test data. The probability of the test outcome to be within the domain
Z (z € 7) is then

P(zeZ) = / pdf(z1, 22, ..., znIP)dz1dz2 . . . dzn. (4.147)
zeZ

In (4.147), p is the n ,-dimensional parameter vector that describes properties of
the process that we observe. These parameters are unknown, and the purpose of the
observation is to estimate the vector p using observation data z. This is accomplished
by an estimator p(z) which is a mapping function from R" to R"». If the observed
value of z is z*, then consequently the resulting estimate of the parameters is p* =
p(z").

Various estimator functions p(z) are possible. A particular estimator that maxi-
mizes the probability of the observed data is the maximum likelihood estimator [4.5].
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It is based on the joint probability density function (4.146) for the random observa-
tions z. The probability that the observed realization indeed should take value z* is
thus proportional to jpdf(z}, 23, . .., zy|p). This is a deterministic function of p once
the numerical values z* are inserted. This function is called the likelihood function.
It reflects the likelihood that the observed realization should indeed take place. A
reasonable estimator of p could then be to select it so that the observed realization
becomes as likely as possible. That is to seek

Py (2) = arg mng(pdf(Z*lp)), (4.148)

where the maximization is performed for the processed test data z*, which is one set
of data of the infinitely many realizations possible. The function py; is known as
the maximum likelihood estimator (MLE) for p.

The Cramer-Rao Inequality. The credibility of an estimator can be assessed
by its mean-square error matrix

C = E([p — pollp — pol"). (4.149)

Here, py denotes the true (but hidden) value of p, and (4.149) is evaluated under
the assumption that the joint probability density of z is pdf(z|po).

An estimator that make C small seems to be a natural choice. It is then interesting
to note that there is a lower limit to the values of C that can be obtained with various
unbiased estimators. This is given by the Cramer—Rao inequality that states the
following.

Theorem 5.1 (Cramer-Rao inequality) Let p(z) be an estimator of p such that
E[p(z)] = po, where E evaluates the mean, assuming that the joint probability of z
is pdf(z|po), and suppose that z may take values in a subset of RN, whose boundary
does not depend on p. Then

E([p—pollp —pol") = F, (4.150)
where
§ = E({d(log pdftz|p)) /dplld log pdflp) /AP p=p, = (4 1511
—E([d*(log pdf(z*|p))/dP*]) |p=p, - '
Proof See reference [4.8]. O

Since p is an n,-dimensional vector, d(log pdf(z|p))/dp is a n,-dimensional
column vector and the Hessian in (4.151) is an n,-by-n, matrix. This matrix § is
known as the Fisher information matrix. Notice that the evaluation of § normally
requires knowledge of py, so the exact value of § may not be available to us.
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The Asymptotic Properties of the Maximum Likelihood Estimator. It is usu-
ally very difficult to exactly calculate the statistical properties of the parameter esti-
mates of any given estimator. However, for the MLE estimator there is a classical
theorem, see reference [4.9], that is valid for data that are statistically independent
and in a number that tends to infinity. The theorem states the following.

Theorem 5.2 Suppose that the random data p € RV are statistically independent

so that
N

infzi, 22, anlp) = [ [infalp)- (4.152)

n=1

Suppose also that, in particular, the distribution of z for a given setting of the param-
eters p = po is given by jnf(z|po). Then the random parameter variable pysr(z)
tends to po with probability 1 as N tends to infinity, and the random variable
VN (PmL — Po) converges in distribution to the normal distribution with zero mean
and covariance matrix given as the Cramér—Rao lower bound, i.e., the covariance
matrix is the inverse of the Fisher information matrix.

Proof See Ljung (1998). O

Thus, when the number of data N tends to infinity, the MLE p,,;, are distributed
N(po, § ). According to the Cramer—Rao theorem, this is the best an estimator can
do and therefore it is said that the MLE is an efficient estimator.

The Case of Normally Distributed Data. Consider the special case when the data
zf , as obtained from evaluation of test data (eXperiment), can be predicted without
bias with a parameterized model in its calibrated setting p*. Let the predicted data
from the model be z,,. The relation

zy = Z(p") + &, (4.153)

introduces ¢, being the residual that cannot be explained by the model. Assume that
the residuals are statistically independent variables distributed ¢, € N (0, onz) with
known standard deviation o,,. In that case, the Fisher information matrix, and thus
the parameter covariance lower bound, can be shown to be

N o .
) 02,(p), 02, (P) T

= o . 4.154

5(");"[31,”3[3] (4.154)

This result simplifies matters much. As can be seen, test data are not explicitly part

of the equation, but only implicitly through the data variance o2. The identifiability

of the parameters of a given model can thus be evaluated provided assumptions

on residual variance. Different model structures can thus be compared against each

other to find out which gives the best parameter identifiability. For a derivation of
Eq. (4.154), see Ljung (1998).
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Model Distinguishability and model selection. In structural dynamics modeling
of complex systems, the possiblity to vary the model structure seems endless. It is
then natural to ask whether the test to be performed on a physical item will make
it possible to decide which model structure is the best. This question is that of the
distinguishability of model structures, which receives a partial answer in the same
idealized framework as model identifiability. One thus assumes that the physical
item is a model with true model structure 90t represented by a model has the model
structure 1. The parameter vector associated with 91 is p and that associated with
M is P. Since the physical item and its model are not necessarily consistent with
the same model structure, it may become impossible to tune the parameters p of the
model so as to obtain the same input—output behavior as that of the real world. It is
this impossibility that may permit the falsification of model structure 901, in favor of
another model structure 9%,. More precisely, 9t will be structurally distinguishable
(s.d.) from m if, for ahgost any feasible values of P, there are no feasible values
of p such that M(p) = Djl(’p\). Note the asymmetry of the previous definition. The
fact that 2t is s.d. from M does not imply that the converse is true. One class of
model structures may include the other as a subclass. Whenever 971 is s.d. from 99t
and 9 is s.d. from M, they are said to be mutually structurally distinguishable. In
model selection, the objective is to find that model structure 9t* that is the least
distinguishable from the true model structure M. This is made by maximizing the
plausibility that the model structures are indistinguishable, often by use of Bayesian
statistics, see, e.g., Beck and Yuen (2004).

Data split for calibration and validation. The full set of processed test data z* is
normally split into one subset z; for calibration and another subset z;, for validation
with z* = z; Uzj. The analysis data Z are set up accordingly into Zs and Z, and
the deviation vectors § = z5 — Zs and y = z,, — Z, can be used to form metrics for
calibration and validation respectively. In cross-validation, described next, multiple
data split realizations are used to obtain model prediction and model parameter
statistics.

Model Cross-Validation. The cross-validation (XV) technique is normally used
for estimating the prediction capacity of a model. It is a statistical tool that has been
used for a long time, but since it requires intense computing it has not been used
much for large-scale problems until recent years. It normally requires much more
computation than a single calibration since it makes use of repeated calibrations on
subsets of available data. XV targets the expected squared prediction deviation of
the n:th data, i.e.,

PD, = E[(z) — Z:(p))’]. (4.155)

The expectation refers to the mean value obtained after repeated sampling of
same experimental data entity z2. Closely related to the P D is the residual squared

deviation (RS D) of the prediction defined as

RSD = (z* — z(p))" (z* — z(p))/N., (4.156)
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where N, is the number of data, i.e., the length of the data vectors zX and 7. The
RS D may be evaluated separately for validation data and calibration data as

RSD, =y" (p)y(p)/N, (4.157)

and
RSDs = 8" (p)8(p)/Ns, (4.158)

where usually RSD,, is larger than RS D; since the model has been calibrated with
an effort to minimize 878. To truly evaluate the P D; would require experimental
data that are fully independent on calibration data and thus require repeated tests.
Usually, however, test repetitions are not always available for reasons of cost or time.
To circumvent that and give a reasonable substitute of the true prediction deviation,
XV uses part of the available data to calibrate the model, and a different part to
evaluate the RSD of it. This splitting of data is repeated multiple times with different
data in the validation and calibration data sets each time to give useful RSD statistics.
The following describes one possible strategy to do the data splitting.

K-Fold Cross-Validation. In K-fold XV, the available data set is split into K parts
(folds) of roughly the same size. Let k = 1,2, ..., K be the index of the k:th such
fold with the N, data values divided into N, validation data and Ns;y = N, — Nk
calibration data. The union of the two data sets thus constitutes the entire data set. The
validation sets are mutually unique and the union of them spans the entire data set.
The validation deviation of the kth setis RS D, and the corresponding calibration
deviation is RS Dygy.

For the XV, the calibration is made K times using the deviation metric Q;(p) =
8[8  to obtain a parameter estimate associated with the kth split as

pc = argmin Qi (p) (4.159)
P

resulting in a validation RSD for the k:th fold to be

RSD,; =yl (00)y+(Pr)/ Ny (4.160)

with the XV estimate of the statistical mean prediction deviation as

K
1
RSDxy = — ; RSD,;. (4.161)

A popular K-fold XV scheme is to do ten data splits, thus after 10 calibrations
leading to the associated tenfold XV statistics. Another special case of K-fold XV,
when the number of folds K is taken to the extreme, is the leave-one-out cross-
validation. In leave-one-out XV, K = N, splits are made which leaves one single
data for validation while the remaining Ns; = N, — 1 data are used for calibration in
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N calibration runs. While the leave-one-out XV have certain advantages, a distinct
disadvantage in a FEM setting is the large number of costly calibrations that have
to be made which makes the leave-one-out cross-validation practically infeasible.
Other popular XV splitting techniques are based on bootstrap data splitting or Monte
Carlo data splitting.

Cross-Validation Estimates of Parameter Statistics. The XV procedures above
are seen to involve multiple runs for finding the calibration parameter setting that
minimizes the calibration deviation metric for various splittings of available data. It is
natural to use the multiple parameter estimates for statistical evaluation. Evaluation
of mean and covariance of the parameter estimates p; can be done with ease. This
can then be made without explicit knowledge of the noise properties of experimental
data. Compared with the parameter covariance estimate by the Cramer—Rao bound,
which requires explicit knowledge of the noise properties, this is a distinct advantage.

4.8.2 Finite Element Model Calibration

Most calibration problems are solved by gradient-based minimization techniques.
A calibration scheme that uses a gradient-based minimizer needs to work with a
smooth deviation metric for high likelihood of success. That is to obtain convergence
in the search for the parameter’s optimum settings from start settings of the parame-
ters. A well-calibrated model should give high accuracy in simulation of test output
quantities, and ideally predictions with high credibility of other output quantities not
tested. In a frequency-domain context, this often translates to that model which accu-
rately captures the strong response a structural resonance and possibly also the small
response at its antiresonances. A metric that does not discriminate against deviations
at frequencies where the structural response is small is the quadratic functional Q(p)
in

0 =68"8 & =log(vect(H”(p))./vect(HY)). (4.162)

Here H* and HY are the frequency response functions established by FE analysis
and provided by experiments, respectively, see Eq. (3.85). The function vect(.) is the
vectorizing operation that makes all frequency response function elements of the
transfer function, at all discrete frequencies used for evaluation, into a column vector
and the/ operator denotes the element-by-element division.

Since finite element model calibration tends to be very computationally demand-
ing, calibration criteria that lead to computational efficiency are strong of the essence.
If operations can be spared and therefore reduce calculation times, it can mean that
the calibration issue can move from being an interesting theoretical concept to being
practically useful. However, all computations need to be optimized to provide as
much useful information as possible with as little effort as possible.

Such optimization targets the sampling strategy for the discrete frequencies that
are selected for frequency response function evaluation. The half-bandwidth Aw; of
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a damped structural resonance at frequency w; and modal damping ¢; is given by
Aw; = ¢;w;. One observes that the half-bandwidth increases linearly with increasing
resonance frequency. It then seems to be a good frequency sampling strategy to utilize
frequency steps that increase linearly with frequency and thus not oversample the
high-frequency modes or under-sample the low-frequency modes. Such sampling
keeps the number of samples over one half-bandwidth constant over the range. That
is to take steps such that the logarithm of the frequency steps over the frequency range
is constant which makes the frequency steps in direct proportion to frequency. That
sampling strategy seems reasonable, provided that relative damping of all modes
in the range are equal, which rarely happens for experimentally found eigenmodes.
However, the damping can be equalized by a procedure that is treated below. The
influence of the density of discrete frequency steps and damping level can be seen
in Fig.4.32. It can be noted that the smoothness of the calibration metric is affected
by damping and varying frequency steps.

Damping equalization. A central issue for FRF-based model calibration is that
of model damping. Since, in general, damping has been found to be very difficult to
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model using first principles, it is most often assigned a simple representation for mod-
eling convenience. Such are the Rayleigh damping and the modal damping models.
These simple representations of all physical dissipation mechanisms that contribute
to the system damping often render a model with prediction accuracy that is suf-
ficient for its intended purpose. In case of modal damping modeling, the model’s
damping is set using the outcome of experimental modal analysis of a modal test of
the structure under investigation, or using engineering judgement in the mapping of
modal damping data from other similar systems. The modal damping found in exper-
iments is normally used for FE simulation without further attempts to understand
their physical background. Physically based parameterization of damping phenom-
ena such as friction, radiation, and dissipation is therefore uncommon. The nature
of the damping mechanisms is normally such that the modal damping varies from
mode to mode. That makes a mapping of experimentally obtained modal damping
into modal damping of FE modes cumbersome. The difficulty arises since the map-
ping of modal damping relies on mode shape pairing, meaning that the same amount
of modal damping should be assigned to modes that are similar with respect to their
deformation pattern.

Mode pairing of experimentally found modes and FEM modes are usually made
through correlation analysis using MAC correlation quantification. Such MAC-based
pairing is normally not straightforward, especially for systems with high modal den-
sity and with sparsely distributed experimental sensor layout. Eigenmode pairing for
the purpose of damping mapping would be unnecessary if the modal damping was the
same for all modes. To overcome the problem of mode pairing, a method of damping
equalization has therefore been suggested, see Abrahamsson and Kammer (2015).
If all modes have the same amount of damping, there is no need for mode matching.
The damping equalization is achieved by imposing the same modal damping on all
experimentally found system modes by perturbation of a mathematical model of the
experimental data found from system identification using raw frequency response
function data.

Using efficient system identification methods, such as the state-space subspace
method N4SID, these experimental data can be used to obtain a mathematical state-

space model. The experimentally found system transfer function HX  can then be
represented by the identified system
x = Ax+Bs, r=Cx+ Ds, (4.163)
such that
H* = C(iwI — A)"'B+D. (4.164)

The experimental state-space system can be brought to diagonal form by a simi-
larity transformation as seen in Eq. 3.139. We thus have that

z2=Y7z+ A"Bs, r=CTz+Ds (4.165)
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with ¥ = diag(o;) in which o; are the complex-valued system poles as given by the
experimental data. The relative modal damping ¢;, obtained from these poles, are

¢i = —sgn(Jm(o;))Re(0;)/Im(0;). (4.160)

In the process of damping equalization, the real parts of the poles are perturbed
such that the damping is made equal for all modes. The modal dampings are then set
to a single fixed value &, i.e.,

&i = %o (4.167)

The effect of such damping equalization is that the oscillatory imaginary part of
the poles is preserved and the real damping part is modified such that the perturbed
system poles are now

0; = —{¢o|Re(o;)| + 1Tm(o;), (4.168)

and the modified state-space realization is
2=Az+ A"Bs, r=CTz+Ds (4.169)

with

A = diag(5;). (4.170)

This in turn gives a modified transfer function for the experimental model, such
that the transfer function used for calibration with damping equalization is

HY = CT(iwl — A)"'T'B +D. (4.171)

At this stage, it should be obvious that the application of the system identification
procedure on the raw test data HX  has led to a mathematical model which can
be evaluated for any frequency w. In particular, it means that equal log-frequency
increments can be used for transfer function evaluation. In addition to that, also
fictitious modifications of the system under test can be made. A particular use of such
modification is that the system damping level can be adjusted, leaving stiffness and
inertia properties intact, such that all system modal damping are set equal. The model
calibration of the FE model can then be made toward this fictitious experimental
model for calibration of parameters that relate to mass and stiffness only.

For the FE-based system representation, the modal damping allows for a simple
representation. For a system with given mass and stiffness matrices M and K, the
viscous damping matrix V is (see Craig 2000)

V = MXdiag(m;)~'diag(2¢om;w;) " diag(m;) "' X"M (4.172)

with eigenfrequencies w;, modal masses m;, and the modal matrix X given by the
undamped system’s eigenvalue problem



4.8 Finite Element Model Updating for Substructuring 163
KX = MXdiag(w;) diag(m;) = X"MX. (4.173)

In a calibration procedure, the mass- and stiffness-related parameters p of the FE
model {K(p), M(p)} can be searched for that render the transfer function H* given
by Eqgs. 3.85 and 3.110 and that let the criterion function of Eq.4.162 to be minimal.
The discrete frequencies used to evaluate Eq.4.171 do not have to match the discrete
frequencies used in testing.

In model calibration processed test, data are available and a parameterized FE
model can be used to calculate the same entities. The calibration task is then to
minimize the metric Q, i.e., by searching for the parameter values that give a “best
fit” to experimental data. This is normally a nonlinear minimization procedure in
the sense that the metric is nonlinear in the parameters. The following chapter treats
some well-known procedures to do such minimization. It leads up to the celebrated
Levenberg—Marquardt algorithm much used in model calibration.

Minimizing a Quadratic Functional. In all calibration situations, it is possible
to formulate a quadratic deviation functional from the deviation metric, termed the
residual at p as

R S YCHE v
o(p) = 2;&- () = 5875, (4.174)

Calibration problems of the type p* = argmin(Q (p)) with the quadratic structure
of Q are nonlinear parameter estimation problems. If the calibrated model should be
thrustworthy, Q (p*) should be small, and the number of deviation vector elements
M should be greater than the number of variables n,,. If the latter was not true, then
an arbitrary model could give a close fit to the data.

Although the function in (4.174) can be minimized by a general unconstrained
minimization method, in most situations, the properties of it make it worthwhile to
use methods designed specifically for nonlinear least squares minimization problems.
In particular, the quadratic form leads to a Hessian matrix of Q that has a special
structure. Let the M x n, Jacobian matrix of 8 (p) be denoted J(p), and let the matrix
H; (p) denote the Hessian matrix with respect to the deviation vector element §; (p).
Then, the Hessian of Q is

M
Hp) =J@ I + Z Si(PHi(p) =J(P) J(p) +S. (4.175)

i=1

From (4.175), we observe that the Hessian of the least squares objective function
consists of a special combination of first- and second-order information. Least squares
methods are typically based on the premise that eventually, as the iterative search for
the minimum go on, the first-order term J(p)” J(p) of (4.175) will dominate over the
second-order term S as the deviations §; shrink. This assumption is not justified when
the residual at the solution Q(p) is large, i.e., in the order of the largest eigenvalue of
J(p)" J(p) or greater. In such a case, which might be due to a poor model structure or
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noisy test data, one might as well use a general unconstrained minimization method.
However, for many calibration problems, the residual is indeed small enough to
justify the use a special method that uses the smallness of S(p) to the advantage.

The Newton Method. Let p; be the current estimate of the solution at the kth
algorithmic iteration step. Any quantity subscripted by k will indicate that it is evalu-
ated at this step. A Taylor series expansion of to second order about the current point
P« With a perturbation q gives

1
O+ @) ~ O +Jia+ 39" Hig, (4.176)
The search is for the optimizing step q* that minimizes Q, i.e., p* = px + q*. The
minimum will be achieved if q* is a minimizer of the quadratic function

1
o) =Jq+ EqTHkq, 4.177)

where q satisfies the linear system
do(q)/dq = +Hiq; =0 (4.178)

A minimization algorithm in which the stationary point is defined by (4.178) is
called a Newton method, and the solution qj of (4.178) is called the Newton direction.

If H; is positive definite, only one iteration is required to reach the minimum of
the function (4.176) from any starting point pg, i.e., p* = pr + Arqr With the step
length parameter A, = 1. Therefore, a good convergence rate can be expected from
the Newton method when the quadratic model (4.176) is accurate and higher order
Taylor series terms are indeed small. For a general nonlinear function Q, the Newton
method converges quadratically to p* if p; is sufficiently close to p* and the Hessian
matrix is positive definite at p*. Also the step lengths A; then converge to unity.
However, for many problems in model calibration, the deviation metric Q is highly
nonlinear in the parameters and other higher order methods suit better.

The Gauss—Newton Method. Gauss developed the Newton method further. From
(4.174), the Newton equation (4.177) become

AT T +Soar = —J7 8. (4.179)

Let qi denote the solution of (4.178), also called the Newton direction qy. The
kth step minimization of the function is then made by a one-dimensional search for
the minimum along p = px—; + Apn for the search factor A. The minimum at p;_; +
A*pn is then given by A* = argmin Q(p(})). If Oy tends to zero as p; approaches
the minimizing solution, the matrix Sy also tends to zero. Thus, the Newton direction
can be approximated by the solution of the equation

Jidiqe= —J! 8;. (4.180)
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Note that Eq. (4.180) involves only the first derivatives of §. The solution of (4.180)
is the solution of the least squares problem

q; = arg min [IJeqi + 813 (4.181)
k

and is unique if J; has full rank. The vector that solves (4.181) is called the Gauss—
Newton direction and will be denoted qgn. A method in which this vector is used as
a search direction is known as a Gauss—Newton method.

If J is of full rank, the Gauss—Newton direction approaches the Newton direction
as S; tends to zero in the sense that if ||Si|| < ¢ for a sufficiently small positive scalar
g, then

llax — goxll/llanl| = O(e). (4.182)

Consequently, if [|8(p*)|| is zero and the columns of J(p*) are linearly indepen-
dent, the Gauss—Newton method can ultimately achieve a quadratic rate of conver-
gence, despite the fact that only first derivatives are used to compute (gn.

In implementations of the Gauss—Newton method, great care is taken to estimate
the rank of J. It is seen in Eq. (4.180) that a rank-deficient J; cause a singular equa-
tion system, and a close-to rank-deficient matrix J; will make the equation system
ill-conditioned rendering errors in determining the search direction. Ill-conditioning
is a common feature of nonlinear least squares parameter identification problems if
parameter identifiability has not been ascertained. It often manifests itself by that
the deviation metric is practically independent of variation of one or more model
parameters or along a variation of a combination of parameters. Algorithm robus-
tification is normally made by involving the singular value decomposition in the
solution of (4.180) in which the determination of the rank of J; plays an important
role in estimation good singular value rejection. The rank estimation is determined
by approximation methods. When Q is actually close to an ill-conditioned quadratic
function, the best strategy is normally to allow the maximum possibly estimation of
the rank. However, when J; is nearly rank-deficient, a generous estimate of the rank
tends to cause very large elements in the solution of (4.180) for the search direction.
This causes large parameter variation for even small steps along the search direction
along which the quadratic deviation function vary very little. This is an unwanted fea-
ture in the parameter estimation process in which the solution should preferably stay
at the nominal configuration for insensitive parameters. This has motivated the intro-
duction of parameter regularization as is done in the Levenberg—Marquardt method
that is described next.

The Levenberg-Marquardt Method. A good alternative to the Gauss—Newton
method for ill-conditioned Hessian is the Levenberg—Marquardt method. It is also an
alternative to the commonly used regularization method of augmenting the criterion
function by penalizing deviation from the nominal parameter setting po into

Oree = @+ k(P —po) (p—Po), (4.183)
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where « is a regularization parameter. In the Levenberg—Marquardt method, the
downside of modifying the criterion function by augmentation is avoided, but the
upside of regularization of the search direction is still utilized. The Levenberg—
Marquardt search direction is defined as the solution of the equation

LI + D = —J] 8y, (4.184)

where the regularizing parameter «;, is a nonnegative real scalar. It can be noted that it
differs from the calculation of the Gauss—Newton search direction of (4.180) in that
the approximation to the Hessian is augmented with the Hessian of the regularizing
term in (4.183).

A unit step is almost always taken along qy, i.e., Pr+1 1S given by pr+1 = Pr + k-
It can be shown that, for some scalar «( related to «;, the vector qy is the solution of
the constrained subproblem

q; =arg min ||Jeqx —|—8k||§. (4.185)

[laxll2=xo

By that a unit step in the Levenberg—Marquardt direction is taken at each iteration
step, it makes it a so-called trust-region method. As such a good value of «; must be
chosen in order to ascertain descent. If «y is zero, qy is the Gauss—Newton direction
and as kx — o0, ||qk|| — O then q; becomes identical to the search direction of
the well-known steepest-descent method. This implies that Q (px + qx) < Qi fora
sufficiently large regularization parameter k. As an alternative, the regularization
parameter k; may be fixed to k; = k¢ and the iterate minimum be found by one-
dimensional line search from p; along the direction qrm = qj.

The usefulness of the Levenberg—Marquardt algorithm for the calibration of com-
putational structural model is because that these models are often overparameter-
ized. This, or other reasons, normally makes some parameters very little identifiable
from test data. That manifests itself by large parameter covariance estimates and is
related to the Fisher information. By the use of the Levenberg—Marquardt method,
the marginally identifiable parameters do not change much from iteration to iteration
and the calibrated solution is close to the initial parameter setting for such parame-
ters, which is, by many, considered to be a sympathetic property of the method. This
is in contrast to the results obtained by the Gauss—Newton method under the same
circumstances.

All methods here considered are seen to use function value and gradient informa-
tion only. None uses the Hessian and are thus Hessian-free, which is a huge benefit
over Hessian-based methods, since the numerical methods of obtaining the Hessian
come with a very high cost. An example of using this calibration procedure is given
as an industrial size application example in Sect.5.8.
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4.9 Substructuring with State-Space Models

As shown in Sect. 3.4, a state-space model X = Ax + bs, r = Cx + Ds submitted
to a transformation of variables x = Tz preserves its input-to-output relation. One
such transformation, which is suitable for coupling of components on state-space
form, is described next. With that, a transformation can be made to efficiently reduce
the redundant degrees of freedom that are common to the coupled components.
The elimination can be done using compatibility at the component intersection and
is described after an outlook to identification procedures that lead to a state-space
model deduced from test data.

4.9.1 State-Space System Identification

State-space system identification (SSSI) methods are usually split in two categories
out of which one is the stochastic SSSI category (a.k.a. output-only system identifi-
cation) relating to a sub-calls of state-space models of the full state-space model of
Eq. (3.82). For this subclass, one has

x = Ax + Ew (4.186)
r=Cx+v

for which no known stimuli s exist. In stochastic SSSI approximating assumptions
need to be done for the unknown stochastic system loading w and the stochastic sensor
noise v as a way forward in the system identification. The stochastic SSSIis not further
treated here as calibration needs more precise models with lesser approximations.
The other category is the deterministic SSSI relating to the state-space equation

x = Ax + Bs (4.187)
r=Cx+Ds

for which both the system stimuli s and response r are considered being fully known
test data. For the deterministic SSSI category, the system transfer function H* (w) can
be estimated from experimental data. Central to the two categories is the estimation
of the system’s observability matrix

C
CA
o _ | CA?

Il
1
o a
| IN—

Il

[CA?H} . (4.188)

CA™~!



168 4 Experimental Substructuring

Since the true model order n; of the tested system is hidden (for a continuous sys-
tem, the order is infinite), a system identification user needs to specify the model order
n, that he believes best capture the model as seen through test data. Discrete-time
data for the SSSI are from the n, steps of the stimuli sequences (s;, k = 1,2, ..., n,)
and response sequences (ry, k = 1,2, ..., n,). The data projection method used for
the estimation of O* is at the core of the method but is beyond the scope of this
text with good reading provided by van Overschee and de Moor (1996). For a given
9%, an estimation of the system’s output matrix C is given by the upper n, rows of
©*. The shift property © = DA is exploited to give an estimation of the system’s
dynamic matrix A as

A=90, (4.189)

where ()' denotes the Moore—Penrose pseudo-inverse. For a given couple {A, C},
one notes that the system transfer function (3.85) is linear in {B, D} and estimates
{B*, D*} for these can be obtained by the least squares solution from data given at
discrete frequencies wy, k = 1,2, ..., K as

ClioiI—A)"'B+D —H"(»)
Cliwyl —A)"'B+D — H" ()
{B*,D*} = arg min | .
{B,D}|{A,C}

112, (4.190)
C(iwgI —A)"'B+D — H* (wk)

Since, for a given set {A, B}, the system transfer function (3.85) is linear in {C, D}
a better estimation of these {C*, D*} can be obtained by solving the complementary
least squares problem

CiwI—A)"'B+D—H(0))

(€. D) . CliwnI—A)""B+D—H'(w)
. = arg min .

<c,rg>mA,B1

112, (4.191)
Cliwgl = A)"'B+D — H* (wg)

The procedure using Egs. (4.190) and (4.191) in an iterative fashion usually ren-
ders a quick convergence to a good model {A, B, C, D} = {A, B*, C*, D*}.

4.9.2 Physically Consistent State-Space Models

A second-order structural dynamics finite element model as that given in Eq. (3.103)
is physically sound. Its bases are well-known first principles and well-established
discretization techniques. The corresponding state-space companion can therefore
also be considered as physically sound.
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On the other hand, state-space models identified from test data can suffer from
errors made in testing and errors and approximations introduced by signal processing
of test data as the result of pure mistakes, nonideal sensors, and others. Such errors
may lead to state-space model behavior that is not motivated by the physics of the
tested real-world system. Typical such errors are related to stimuli measurements.
Vibration testing is usually made by either impact stimuli by use of hammer-like
impactors or by electromagnetic or hydraulic shakers. In hammer testing, the system
is hit repeatedly at the same location in the same angle of attack toward the system
surface and averages are made to minimize noise effects on estimated frequency
response functions. Ideally, these impacts are exact repetitions which they never are
in practice. For shaker-induced vibrations, the stimuli force obtained by the motion
of the vibrating piston of the shaker, through a tension/compression rod called a
stinger, is measured by a force cell. The stinger should ideally transmit only the
force component in the direction of the stinger and the force cell should be ideal
with sensor output-only linearly proportional to that force transmitted by the stinger.
These ideal conditions do not occur in practice, and unmeasured shear forces and
bending/twisting couples are always transmitted from the shaker through the stinger
sensor into the tested system and spuriously affect the measured system response.
These are just a few examples of the many potential error sources that may lead to
identified state-space models that are not truly valid for their intended purpose. Due to
the unavoidable imperfections introduced by the testing procedure the fundamental
laws of physics can be violated by the identified model. If that is the case, that
model is thus physically inconsistent. If proper actions are not taken state-space
models describing the relation between force/couple input and motion output (such
as displacement, velocity, or acceleration) may violate various physical laws such as
follows.

Stability law. A linear system is stable if the response due to any excitation
is bounded. A system is said to be asymptotically stable if its free motion con-
verges to a fixed equilibrium state. All system poles of an asymptotically stable
system have negative real parts. An unstable system, on the other hand, has one or
more system poles that are positive real which leads to exponential response growth
from arbitrarily small stimulus. A system is said to be marginally stable if it is nei-
ther asymptotically stable nor unstable. An undamped structural dynamics system
Mii + (K 4 AK,)u = F with A < A, is stable but not asymptotically stable since it
will vibrate about an equilibrium point for eternity after impact. On the other hand,
a damped system Mii 4+ Vu + Ku = F with a symmetric positive definite viscous
damping matrix V is asymptotically stable. An identified state-space model, stem-
ming from test data of a stable system, that has system poles with spurious positive
part thus needs trimming. A well-established technique is to mirror any unstable
model poles in the imaginary axis and thus bring those poles being negative real
instead of positive real. This trimming will usually just lead to a small effect on the
system’s frequency-domain transfer functions.

Passivity law. System passivity relates to the flow of energy over a system bound-
ary.. The energy conservation principle stipulates that
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Es(t) + Ein(t) — Eous(t) = Es(f0) VI > 1o (4.192)

with E being the system’s internal energy and E;, and E,,,,, are the energies provided
by outside energy sources or absorbed by outside energy sinks. These energies are all
positive quantities. The system is isolated by a system boundary that clearly encap-
sules the inside (the system) from its outside. For a system to be long time passive in
the mechanical sense (LTP) the outside energy influx E;, is purely mechanical and
the system energy at ¢ = 1, is bounded. Assume that there exists a stationary periodic
solution (period T'), to a stationary periodic system stimuli such that

Ey(t + nT) 4 Ep(t +nT) — Epu(t + nT) =
Es(t+nT +T)+ E,(t +nT) + AE,(T) — Eout(t +nT) — AEy,(T)
(4.193)

with E,, = E;, being the energy provided by the mechanical input. Over one full
cycle T, the internal energy has thus been changed the amount of AE,, (T) —
AE,,;(T). For the LTP system, the energy is bounded 0 < E;(0) < oo and thus
it is required for long time stationarity that this amount of change needs to be posi-
tive and thus

AE,(T) > AE,(T) = 0. (4.194)

If not positive, it would require nonpositive energy E(t +nT + T) < 0 after
long time ¢ + nT + T, which is unphysical. A periodic solution under the condition
that AE,,(T) = 0 can only persist until the system’s initial energy E;(fy) (such as
elastic energy, kinetic energy, potential energy, chemical energy, electromagnetic
energy and heat) is fully drained. For a system to be LTP, it is thus necessary for the
net energy provided by the mechanical stimuli over a fyll cycle to be positive.

The instantaneous power P(t) supplied by a force stimuli F(#) with energy-
conjugate velocity response v(¢) is P(t) = F7v(z). For a stationary harmonic
(and thus periodic) force F(¢) = ﬁ'(t)ei ®! and stationary harmonic response v(z) =
V(t)e'®!, the mechanical energy provided to the system over a full cycle T = 27/
is

T
AE,(T) = / P(t)dt = Re(F" 9} = Re(F" HF), (4.195)
=0

~H A
where H is the system transfer function for force-to-velocity. The real part of F HF
evaluates to

AE(T) = Re{F}T Re(HIRe(F} + Im{F} Re{H}Im{F, } (4.196)

which is seen to be positive for all positive definite Re{H}. For an LTP system,
the real part of the transfer function thus needs to be positive definite. This puts a
constraint on any system model that should truly mimic such a system. Since the
system is passive only if the real part of the mobility frequency response function
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C(iwl + A)~'B is positive definite, the passivity constraint is related to the positive
real (PR) lemma, see Anderson (1967). The lemma states that for a system model to
be PR for all frequencies w there needs to be a symmetric positive definite matrix P
for some L such that there is a solution to the Lyapunov equation

PA+A"P=-L"L <0 (4.197)

under the condition that
B’P=C (4.198)

holds. It has been experienced to be far from trivial to find a solution to (4.196) and
(4.197) for the general MIMO system, and no successful attempts have been made
to the authors’ knowledge. Therefore, attempts have been made to prove PR under
less general SISO conditions instead. The general problem is hard to solve since it
requires the search for a solution {P, L} if such at all exists (the PR case) or to prove
that no such solution exists (the non-PR case).

Reciprocity law. Many mechanical systems obey the principle of reciprocity
which manifests itself in symmetric coefficient matrices in the second-order differ-
ential equations. One exception is the spinning mechanical system that generates
unsymmetric Coriolis forces and another exception is the aeroelastic system for
which the aeroelastic forces cause unsymmetry. A common practice to avoid that a
state-space model identified from test data violates the law of reciprocity is to process
the data such that reciprocity results. Say that MIMO transfer function data H(w)
are taken from a system that is judged to be reciprocal with energy-conjugate stimuli
and responses. The matrix H(w) is thus square. A simple procedure to modify test
data to be symmetric, and form reciprocal transfer functions H, (w), is then to make
averaging of non-diagonal elements of the transfer function matrix as

H, (0) = (H(w) + H (w))/2. (4.199)

Other methods rely on weighted averages in which test data quality indicators,
such as test data coherence of the individual elements in H, are used.

Displacement—velocity consistency. Newton’s second law gives a direct relation
between force and acceleration. A state-space model for acceleration response can
therefore include a direct throughput term in the output equation, i.e., the output
equation for acceleration may read r, = C,x + D,s with D, # 0. However, there is
no direct relation from force to displacement or velocity; these are indirectly related to
force and needs to be integrated from the dynamic equation X = Ax + Bs. The output
equation for displacement output thus must read r; = C,x. Since the velocity output
is related to displacement output as r, = ry; = C;(Ax + Bs) = C;Ax + C;Bs, it
must also hold that C;B = 0. With C;B = 0, one also notes that the acceleration
output may be written r, = r, = C;A(AX + Bs) = C;A%x + C,ABs which leads
to the conclusion that C;AB is not necessarily zero.
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For accelerance data H*, the procedure to improve the estimates of the pair {B, C}
described in Sect. 4.9.1 can be modified to take account for such physically motivated
constraint by iteratively improve the estimates of first B and then C, in a augmented
least squares sense in the sequence

CyA%(io)1 — A)"'B + C4,AB — HY (w))
C, A%(iw] — A)~'B + C,AB — HY (w»)

B* = arg min|| : 113 (4.200)
BIACH 1 €, A2(ian] — A)~'B + C,AB — H (o)
C,B
and
C A%(iw I —A)"'B + C,AB — H (w))
C A% (iwp] — A)"'B 4+ C4,AB — HY (w))
C}; = arg min|| : 112, (4.201)

B € A2 (i = A)'B + C,AB — HY ()

C;B

Mobility and accelerance constraints. If the mechanical system under study is
not free to undergo rigid body motion its mobility and accelerance transfer functions
in statics (w = 0) need to be zero. With the velocity output equation r, = C,x and the
acceleration output equation r, = r, = C,x = C,Ax + C,Bs, the mobility matrix
at statics thus needs to be C,A~!B = 0 and the accelerance matrix at statics needs
tobe 2C,B =10

Augmented least squares solutions that enforce such constraints for accelerance
data H* can be obtained by the iterative solutions of

CoAGio I —A)~'B+ C,B — H' ()
C,A(iwn] —A)~'B + C,B — H' (w)

B* = arg min|| : I3 (4.202)
B{A,C) | CLAGwd —A)"'B+D+ C,B — H" (wy)
C,A°'B
i C,B |
and
C Ao I —A)"'B+C,B—H'(w))]
CsA(im] —A)7'B+ C,B — H (w;)
C} = arg min|| ' 2. (4.203)

CiAB) | CyA(ianI —A)"'B + C,B — H" (wy)
C,A°'B
C,B
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4.9.3 State-Space Realization on Substructuring Form

Consider two state-space components (I and II) that are subjected to coupling. The
motion of the interface between the components is represented by the displacement
vector r € R". To the displacement, the vectorially associated (energy-conjugate)
stimuli vectors s’ € %" that act on the two components are s’ and s’/. For dis-
placement output, a proper state-space representation of the two models i = I, I']
is

x = Alx! + Bis' (4.204)

r=Cx".

Displacement compatibility at the common interface leads to that the . displace-
ment outputs r are same for both components. For an energy-conjugate system, a
state-space model structure {A’, B, C'} without a direct throughput term is proper
since such a system lacks direct throughput in consistency with the following lemma.

Lemma 1 An energy-conjugate state-space system {A, B, C, D} for which the
instantaneous power P provided by the stimuli s amounts to P = s'¥, the direct
throughput matrix needs to be D = 0.

Proof With the response r = Cx + Ds, the response rate is r = Cx+ Ds$ =
CAx + CBs + D$ and thus the instantaneous power is P = s’ (CAx + CBs) +
s”Ds. To be independent on the stimuli rate $, it requires that s” D = 0 for which the
only possible solution for arbitrary stimulus s is that D = 0. (]

Let further the two systems be such that they could alternatively be represented
by second-order differential equations. Then, the relation between the matrices of
the triple {A, B, C} is given by the next lemma.

Lemma 2 For a state-space realization x = Ax + Bs, r = Cx of a second-order
system Mii + Vu + Ku = P;s with response r = Pyu being a linear combination
of u only and with nonsingular mass matrix M, (a) the relation between B and C is
such that CB = 0, and (b) the relation between A, B and C is such that CAB # 0.

Proof For a second-order system, one possible state-space realization pair is, see
Eq. (3.110),

B— [M_‘{Ps], C=P,[10],

from which it follows that, also after an arbitrary similarity transformation x = Tz,
the relation of the pair {T~'B, CT} is such that

(CT)(T™'B) =P, [1 0] [M‘OIPJ =0,
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which proofs part (a). With the structure of A given by Eq. (3.110), it can eas-
ily be verified that CAB = P,M~'P;. Since M is full rank thus CAB # 0, unless
under the trivial condition that P; = 0 and/or Py = 0, which concludes the proof
of (b). O

4.9.4 State-Space Model Coupling

Let the interface loads of the components be decomposed of two parts, the external
force ;s and the interaction force between the components f;S. The interface of the
two components is then loaded by the total external stimuli s = «;s + «;;s (thus
oy + oy = 1). For the interaction forces 8;S and S, it holds that 8; = —f8;;
according to Newton’s law on action and interaction. Further, assume that the models
can be brought to coupling form with a model structure like

0 I 0 0
X = [A, AL AL X + | B | (s+ B8 r=[100]x (4.205)
ALy Apy Ay 0
with state vector
r
xX=1r (4.206)
X},

and with nonsingular B! with inverse B;/. The two systems are thus

i 0 I 0 0
B, /¥ | =|B,/A!, B;JA! BJIA! | x' + | ass+ BiS (4.207)
X, A AL A 0
r= [I 0 0] x!
and
i 0 I 0 0
B /¥ | = | B /AL B TAIL BT AL [ X"+ | s+ BiiS | (4.208)
Al Al Al 0
r=[100]x""

Adding the two systems together results in the coupled system equations with the
expanded state vector X’ = [r I x} x//] as
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¥
I p-Iye
By, +1Bvu Ry (4.200)
X}
x!!
0 I 0 0
B /AL, +BTAL BAL +B YA B AL B TAL
Al Aj, Ay 0
AL A, 0 A}
0
(o +oar)s+ (Bir + Bii)s
0
0

r=[1000]x.

Since oy +o;; =1 and B; + B;; = 0, this results in the coupled state-space
model

0 I 0 0 0
A Ay A A B

x= | v e b Db g 1 T g r=[1000]X, (4.210)
Aby Ap, Ay, 0 0
Ay A 0 AL 0

I B!I'and B,/ + B!’ = I'"! are nonsingular and
its following matrix partitions can therefore be formed

for which it is assumed that B’

Ay =TB AL, + B A @211
A, =T[B /Al +BTA] (4.212)
Al, =rB;/Al, (4.213)

Al =B A!l (4.214)

B, =1T. (4.215)

Then, a state-space model structure on coupling form is realizable, under certain
conditions on A and C, for the energy-conjugate state-space system follows from the
proof of the following lemma.

Lemma 3 (Coupling form lemma)
A state-space system x=Ax+Bs, r=Cx (A € R"",B € R"",C € R"*")
stemming from a second-order system Mii + Vu +Ku = P,s can be transformed
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to a system with state-space triple {A, B, C} on the coupling form according to Eq.
(4.205) provided that [C; CA] is of full row rank 2n. and that n. < n.

Proof Let T be a transformation for {A, B, C} with inverse Z be such that

C
T=|CA| and Z =[Z Z, Z3]. (4.216)
N

Let further N € R"~2"<*" be the projection of the nullspace N € R" <" of B
on the nullspace N¢ € R"=2xn of [C; CA] as

N = NcNE(NGNL) NG, (4.217)
with the nullspaces N¢ and Ny defined by
[C; CAIN¢c =0 and NgB = 0. (4.218)

The nullspace N is of full row rank n — 2n, and thus the combined nullspace
N is also of full row rank n — 2n, because B is not in the nullspace of [C; CA]
since CAB # 0. Since both [C; CA] and N are full row rank and N is a nullspace of
[C; CA], it implies that T is full rank and thus nonsingular. Using that TZ = I, one

has
Cz, CZ, C(CZ;

CAZ, CAZ, CAZ; | =1,
NZ, NZ, NZ;

which, in particular, imply that CAZ; = 0, CAZ_2 =1, and CAZ; = 0. The first
block row of the system matrix on coupling form A = TAT~! = TAZ is thus

CA[Z, Z, Z;] = [CAZ, CAZ, CAZ;] =[010],

which concludes the proof of the coupling form structure of A. The structure of B is
given by

) C CB 0 0
B=TB=|CA|B= CAB —|CAB|=|B, |,
N NeNEL(NsNT)-'NgB 0 0

since CB = 0 and NzB = 0 which thus proves the coupling form structure of B. The
structure of C on the other hand is given from the definition of Z by

C=CT"'=CZ=[CZ CZ, CZ;]=[I 0 0],

which ends the proof. O
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Chapter 5 ®)
Industrial Applications & Related oo
Concepts

Abstract This section highlights some specialized substructuring methods, such as
methods for estimating the fixed-interface modes of a substructure from measure-
ments of the free—free structure with a fixture attached at the interface, and also
highlights some industrial examples. Transfer path analysis is reviewed, elaborating
some of the similarities in the theoretical foundations. Most information about TPA
has been obtained from van der Seijs et al. (2016), please refer to the original paper
for a more elaborate discussion. — Chapter Authors: Maarten van der Seijs, Randall
Mayes and Matt Allen.

5.1 Introduction to Transfer Path Analysis

Transfer Path Analysis (TPA) has been a valuable engineering tool for as long as
noise and vibrations of products have been of interest. An TPA concerns a product’s
actively vibrating components (such as engines, gearing systems or turbochargers)
and the transmission of these vibrations to the connected passive structures. TPA is
particularly useful when the actual vibrating mechanisms are too complex to model
or measure directly, as it allows to represent a source by forces and vibrations dis-
played at the interfaces with the passive side. In this way, the source excitations
can be separated from the structural/acoustic transfer characteristics, allowing to
troubleshoot the dominant paths of vibration transmission. The engineer can then
anticipate by making changes to either the source itself or the receiving structures
that are connected to it.

An TPA often rises from the need to reduce some sort of undesired noise or
vibration, for instance, to improve product comfort or lifetime, ensure safety, or
preserve stealthiness. Aside from automotive development, applications are also
seen in industries such as marine and airplane engineering, building acoustics, and
acoustic modeling of musical instruments. An TPA is generally motivated by one of
the following desires:
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1. Secrecy: perhaps, the earliest TPA studies were triggered by the need to reduce
the transmission of engine vibrations in military ships and submarines in order
to make them stealthy. Many publications in the 1950s and 1960s document on
isolation of ship engines by means of absorbers and decoupling mechanisms (Har-
rison et al. 1952; Ungar and Dietrich 1966; Plunkett 1958; Soliman and Hallam
1968; Snowdon 1979) to minimize the transmission through the interfaces.

2. Safety: along with the rapid development of airplanes and spacecraft in the 1960s,
TPA concepts started to be of use to study fatigue and stability (flutter) problems
due to active or induced vibrations. As sources of vibrations are much more per-
sistent in aeronautics—think of vortex-induced vibrations—focus was on char-
acterizing the passive transfer paths by means of modal analysis (Bisplinghoff
et al. 1955; On 1967).

3. Comfort: over the past decades, TPA tends to be particularly associated with
Noise, Vibration, and Harshness (NVH) engineering as commonly encountered
in the automotive industry. The majority of recent developments and commercial
solutions have been tailored toward this engineering society or related industries,
driven by the increasing customer expectations on acoustic comfort (Penne 2004;
Plunt 2005; van der Auweraer et al. 2007; Zeller 2009; Cerrato 2009).

In response to the evolving demands, TPA methods have been under continuous
development and their family members have grown numerous. Some designations
that found their way into literature include Operational TPA (OTPA), Operational
Path Analysis with exogenous inputs (OPAX), blocked-force TPA, Gear Noise Prop-
agation, in situ Source Path Characterization and Virtual Acoustic Prototyping. Very
often, those methods are presented from highly case-specific derivations. Not surpris-
ingly, as the underlying physical concepts are similar, some of the abovementioned
show strong similarities or are even identical.
An TPA workflow can typically be subdivided into the following steps:

1. operational measurement on the active component;

2. determination of the passive (sub)system characteristics (commonly by means of
FRFs);

3. identification of interface loads;

4. calculation of path contributions.

The steps are shown schematically in Fig.5.1. Depending on the TPA method at
hand, some or all of these steps may be performed in arbitrary order. The opti-
mization actions that follow from such an analysis are generally not considered part
of the workflow.

The next section presents a unified framework for derivation of a large range of
TPA methods. It is chosen to present and classify the methods separate from their
typical fields of application, such that the underlying physical concepts are exposed
and can be compared. In Sect. 5.2, a general framework for TPA is introduced, start-
ing by depicting the transfer problem using the Dynamic Substructuring paradigm
(de Klerk et al. 2008). Hereafter, the TPA methods are derived and classified along
three families, namely the classical (Sect.5.3), component-based (Sect.5.4), and
transmissibility-based (Sect.5.5) TPA methods, as depicted vertically in Fig.5.1.
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(a) operational test (b) FRF measurement (c) interface loads (d) path contributions
dassical TPA assembly AB passive subsystem B int. forces specific product of int. forces
for assembly AB for AB and FRFs of B
component-
based TPA active subsystem A assembly AB eq. forces specific product of eq. forces
for subsystem A for A and FRFs of AB

transmissibility-
based TPA assembly AB transmissibility from operational responses on AB partial responses from
transmissibility of AB

Fig. 5.1 The TPA workflow, depicted stepwise for the three TPA families

5.2 The Transfer Path Problem

Let us consider the dynamic system AB as schematically depicted in Fig.5.2a. Two
subsystems can be distinguished: an active subsystem A containing an excitation
at node 1 and a passive subsystem B comprising the responses of interest at node
3. The subsystems are rigidly interconnected at the interface node 2. For simplicity
of derivation, the Degrees of Freedom (DoFs) in this example is restricted to three
distinct nodes. These may, however, represent a larger set of DoFs, representing,
respectively:

(1) source: internal DoFs belonging to the active component that causes the opera-
tional excitation but are unmeasurable in practice;

(2) interface: coupling DoFs residing on the interface between the active and passive
component;

(3) receiver: response DoFs at locations of interest at the passive component, pos-
sibly including acoustic pressures and other physical quantities.

Hence, the example of Fig. 5.2a is illustrative for a wide range of practical problems,
provided that the structure of interest can be decomposed into an active and passive
part. In what follows, all methods assume that the operational excitation at node 1
is unmeasurable in practice, but transmits vibrations through the interfaces at node
2 to receiving locations at node 3. The responses shall then be built up from a
certain description of the vibrations measured at the interface (node 1 — 2) and
an appropriate set of transfer functions relating these vibrations to the receiving
responses (node 2 — 3). The fundamental choices herein dictate to which TPA family
the method is classified.

5.2.1 Transfer Path from Assembled Admittance

Let us first approach the transfer problem top-down for the assembled system AB, see
Fig.5.2a. We are interested in the response spectra at the receiving locations usz(w)
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Fig. 5.2 The transfer path assembly AB

[

problem

(a) based on the admittance of assembly AB.

subsystem A subsystem B

uB
P
g A

(b) based on the admittances of subsystems A and B.

for source excitations at node 1, given by the force spectra f; (w). For the assembled
problem, this is simply obtained from a superposition of the individual contributions,
i.e. the excitation force spectra multiplied with their respective linear(ized) transfer
functions, contained in the columns of admittance FRF matrix Y*B ().

w@) =Y Y = we=Yoh. 61
J

In the equations that follow, the explicit frequency dependency (w) will be omitted
to improve readability. Also note that the response set u can include displacements,
velocities, accelerations, or any other quantity, provided that the rows of the FRF
matrices are obtained accordingly. Furthermore, in order to keep the derivations
brief and understandable, it is chosen to only consider the structure-borne paths.
Nevertheless, Eq. (5.1) can easily be extended to include contributions of airborne
paths if the application so requires. In that case, Y and f need to be augmented with
a set of (responses to) acoustic loads such as volume velocities (m?/s) (van der Seijs
et al. 2016).

5.2.2 Transfer Path from Subsystem Admittance

The same transfer function is now derived for an assembly of the individual subsys-
tems, as depicted in Fig.5.2b. Let us first put the subsystem’s FRF matrices Y* and
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YE in a block-diagonal format. The force vector comprising the excitation force is
augmented with interface forces g, for both sides of node 2, that is yet to be deter-
mined. The obtained system of equations resembles the admittance variant of dual
assembly, which is a standard form of Dynamic Substructuring (de Klerk et al. 2008).

u YLYS 0 0 f 0

A A VA A
w | Y3 Y; 0 0 0 253 _
w3 0 0 Yg‘z Y3B3 0 0

The following physical explanation can now be reasoned to solve Eq. (5.2). The
excitation force at node 1 induces a motion at node 2 of subsystem A. As subsystem
B is not directly affected by forces at A (due to the block-diagonal form of the global
FRF matrix), an incompatibility is caused between uy and ub. This is denoted by the
interface “gap” §, which can conveniently be written using a signed Boolean matrix'
B as shown by Egs. (5.3a) and (5.3c). Next, assuming that no additional mass is
present between the subsystems, the equilibrium condition is satisfied, requiring the
interface forces g, on both sides to be equal in magnitude and opposing in sign. The
interface forces are expressed by Eqgs. (5.3b) and (5.3c), using a Lagrange multiplier
A for the magnitude and the transposed Boolean matrix to account for the interface
force direction.

§=ul—u} or §2Bu, (5.3a)
with B =[0-110]. (5.3¢)

The interface forces A that pull the two subsystems together can be determined from
Eq. (5.3a) by requiring § = 0, which enforces the compatibility condition uy =
ub. Considering Eq. (5.3b), the interface forces that ensure compatibility can be
determined by equating the second and third line of Eq. (5.2) and solving for A:

Yoifi + Y%g? =Yye,
(Y5 +Y5) A= -Y)f
A= (Y5 +Y5) T YA
-1
g = (Y5 +Y5) Yufi. (5.4)
Equation (5.4) provides the interface forces at the coinciding interface DoFs caused

by the operational excitation f; inside subsystem A. The response at the receiving
side u? is found by substituting Eq. (5.4) into the last line of Eq. (5.2):

The signed Boolean matrix B establishes the relations for all interface DoFs of A and B that are
vectorially associated, e.g. ug_ and usz. Guidelines on the construction and properties of the signed
Boolean matrix are found in de Klerk et al. (2008).
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—1
u; =Yg = [Y?z (Y5 +Y3)) Y?l] f,. (5.5

AB
Y3]

Comparing with Eq. (5.1), it follows that the terms between the brackets indeed
represent the admittance of the assembly Y4F by coupling of the subsystems’ admit-
tances. It can be verified that this result is in accordance with Lagrange Multiplier Fre-
quency Based Substructuring (LM-FBS) assembly (de Klerk et al. 2008) as detailed
in Chap. 3.

So far, it has been assumed that the excitation at node 1 is measurable. In reality,
however, it is impossible or impractical to identify the exact force loading. This
is solved in TPA by assuming that the dynamics at the interface node 2 due to
this excitation are measurable and may very well represent the source excitation.
In what follows, different approaches are examined to describe the transmission of
vibrations, or rather, the response at the passive subsystem B for a nonmeasurable
excitation somewhere inside (or on) the active subsystem A. The notation of Dynamic
Substructuring is used to reveal the relations between the different approaches.

5.3 Classical TPA

The family of Classical TPA methods is essentially intended to identify transfer path
contributions in existing products. They have, nowadays, become standard prac-
tice to troubleshoot NVH problems in automotive engineering (Plunt 2005; van der
Auweraer et al. 2007). A classical TPA performs operational tests on the assembled
product AB to obtain interface forces between the active and passive side, namely A
in Eq. (5.4). It can be verified from Egs. (5.2) and (5.5) that these interface forces
fully determine the responses at the passive side and are thus representative for the
effects of the source vibrations at the receiver locations uj. To calculate the receiver
responses,”, the passive side interface forces g5 = —A are applied to the interfaces
of subsystem B, as shown in Fig.5.4a.

u =Yg (5.6)

Both steps pose some challenges in practice. The FRFs of the passive side are typically
determined from impact or shaker tests, or in a reciprocal fashion using, for instance,
an acoustic source at the receiving location and accelerometers at the interface nodes
(Ten Wolde 1973; ten Wolde et al. 1975; Fahy 1995, 2003; ten Wolde 2010). Either
way, it requires dismounting of the active part(s) from the passive side. With respect
to the determination of operational interface forces gl; , it could be impractical to

2In this framework, the resulting responses u3 are formulated as a matrix-vector product, namely
the sum of the partial responses. Techniques to evaluate the individual transfer paths contributions
are discussed.in.van.der.Seijs.et-al..(2016).
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mount force sensors between the active and passive part. Therefore, a number of
indirect methods have been developed to circumvent direct force measurement.

Hence, the variants of classical TPA are defined according to how ng is obtained
from operational tests, which are discussed next.

5.3.1 Classical TPA: Direct Force

The most straightforward technique to obtain the interface forces is from force trans-
ducers mounted directly between the active the passive side, as depicted in Fig. 5.3a.
It was demonstrated by Eq. (5.4) that the interface force caused by the operational
excitation is given by

-1
A=—(YH+Y5) Yafih = gh=-L (5.7)

This is valid under the assumption that u2B = u?, which requires the stiffness of the
transducers to be high enough (relative to the stiffness of the actual subsystems)
in the frequency range of interest. In fact, the main drawback of the method is the
inconvenience of placing the transducers between the active component and the
receiving structure. Lack of space, distortion of the original mounting situation,
and the incapability to measure all desired degrees of freedom at a connection point
render the method impractical, especially for typical automotive applications. In case
of large-scale systems such as ship machinery, this method may still be preferred
(Verheij 1982).

5.3.2 Classical TPA: Mount Stiffness

An effective way of reducing vibration transmission is by placing resilient mounts
between the components instead of rigid fixtures, as illustrated in Fig. 5.3b. By proper
tuning of the mount flexibility (stiffness) and absorption (damping) properties, a high
level of vibration suppression can be achieved. The mount stiffness method uses
these mount properties to determine the interface forces. Assumed that the added
mass of the mounts is negligible, the interface force equilibrium condition Eq. (5.3b)
is still satisfied. However, the compatibility condition of Eq. (5.3a) is “weakened”,
hence u? - u? is no longer zero. Instead, the m interface forces and coordinate
incompatibilities are related by the dynamic stiffnesses of the mounts, denoted by

Z;F‘/.t, J representing a single interface DoF:

A A
8 m| 1 —=1[|u; . _
=V = @egwad serm
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(a) Direct force. (b) Mount stiffness.

gz—Y

g

(c) Matrix inverse.

Fig. 5.3 Three approaches to determine the operational interface forces in Classic TPA

A spring-like stiffness matrix can be recognized, however, with a minus sign because
the interface forces g; act on the connected subsystems A and B instead of the mount.
Introducing the diagonal mount stiffness matrix Z™, the full set of m interface forces
g5 can be estimated from the differential interface displacements between the source
and receiver side, i.e. the measured displacements at both sides of the mounts:

g =Z™@u) —ud) with Z™ = diag(z]}, ..., z™). (5.8)
In most cases, the flexible mounts are already integrated in the design to attenuate
the vibration transmission. If they are, however, placed in the system for the mere
purpose of TPA, it can be shown that the interface forces and thus the vibrations of
the coupled system are altered significantly (Reuss et al. 2012; Barten et al. 2014),
namely:

2 = (YA + Y5 +Y™) " YAR with Y™ =(z™) "

Although the mount stiffness method can be powerful and easy to conduct, the
accuracy is highly subject to the terms® in Z™. Typical absorbers exhibit amplitude-
dependent nonlinearities and directional characteristics (Harrison et al. 1952; Ungar
and Dietrich 1966; Thompson et al. 1998).

3Note that the terms in the dynarmc stlffness matrix Z™ correspond to differential displacements of
the assocmted interface DoFs u2 - u2 and not the coordinates of both A and B. Some implications
e te § meeren.(2012), Barten et al. (2014).
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5.3.3 Classical TPA: Matrix Inverse

The third and perhaps most popular classical TPA member is the matrix-inverse
method (Powell and Seering 1984; Dobson and Rider 1990; Thite and Thompson
2003a,b). It was observed from Eq. (5.6) that responses at the passive side are found
from application of the interface forces to the passive subsystem’s FRFs. Recalling

these responses from Eq. (5.2):
uy _ Y3, gB
us3 Y5 |

This problem can be inverted if the left-hand side contains sufficient independent
responses to describe all m interface forces and moments in g5. The set of receiver
responses U3 is typically too small in number and too distant from the interfaces to be
suitable for inversion. Inversion of the first row is theoretically sufficient, but requires
complete instrumentation of the assembled structure’s interfaces to measure all DoFs
u? associated with g5. In addition, a symmetric FRF matrix Y5, would be required
for the passive subsystem’s interfaces, which is challenging to obtain accurately.

In practice, the passive side is equipped with so-called indicator responses uy as
shown in Fig.5.3c. An amount of n > m responses shall be located in the proximity
of the interfaces, such that the full set of m interface forces is properly observable
from these points (this is addressed below). As these indicator DoFs merely assist
in the determination of the interface forces, the sensor type can be chosen rather
arbitrarily, although (triaxial) accelerometers are the most common choice.

Two sets of measurements are now required to reconstruct the interface force
spectra. First, responses u4 are measured on the assembled system AB during oper-
ational tests. These can be expressed in terms of subsystem admittances, similar to
Eq. (5.5):

wo= Y80 = Y5 (YA +YE) T YAL. (5.9)

g

Next, FRFs need to be measured for the passive subsystem B, relating the motion at
these indicator points to forces at the interface, namely YE’Z. Note that this requires
dismounting of the active components from the assembly. Nevertheless, the FRFs YZ,
(needed for the matrix-inverse force determination) and YE‘Z (to calculate responses at
the target locations, Eq. (5.6)) can be obtained from the same FRF measurement cam-
paign, as it only involves mounting of additional sensors. The operational interface
forces can be reconstructed from a pseudoinverse of the indicator response spectra
uy with the subsystem FRFs:

g5 = (Y%) u,. (5.10)
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If Y%, is full rank, it holds that (Y,) © Y%, = I, such thatin theory the correct interface
forces from Eq. (5.4) are obtained by subsequent application of Egs. (5.9) and (5.10).
Hence, the conditioning of the FRF matrix is crucial, which should have

1. sufficient rank to describe all interface forces g8 independently from the set uy
and;

2. areasonably low condition number in order not to amplify measurement errors
in the inversion.

As a rule of thumb, it is common to use at least twice as many response DoFs as
strictly required to fully determine the interface forces. Much attention has been
devoted to improving the conditioning of the inverse problem by means of singular
value decomposition, see for instance, the work of Thite and Thompson (2003a, b,
2006), Dobson and Rider (1990), Choi et al. (2007) or an early review of techniques
(Mas and Sas 1994). Time domain implementations have also been developed, such
as the inverse structural filtering methods described in Powell and Seering (1984),
Kammer (1998).

Recently, there has been an interest in the application of strain gages, instead of
the commonly used accelerometers at the indicator points. It is argued that strain
responses possess a more direct relation to interface forces and are better able to
capture the local phenomena of the structure. Consequently, it is expected that strain
measurements lead to better conditioning of the matrix to be inverted (Sachse et al.
2013; dos Santos et al. 2014). More research is currently needed to further verify
this assumption.

5.4 Component-Based TPA

A fundamentally different class of methods is that of the component-based TPA.
As shown in Eq. (5.7), the interface forces obtained from a classical TPA are not a
characteristic of the source alone but of the assembled dynamics. For that reason,
a classical TPA cannot predict the effects of subsystem modification, as one would
need to conduct a new operational test for every change in design. Hence, the interface
forces measured in an assembly AB are not transferable to an assembly with another
receiving side B.

Component-based TPA tries to characterize the source excitation by a set of equiv-
alent forces or velocities that are an inherent property of the active component itself.
The responses at the receiving side can be simulated by applying these forces to
the FRFs of an assembled system with the active part shut down, as illustrated in
Fig. 5.4b. Hence, the dynamic interaction with the passive side is accounted for in a
later stage, at least not during operational measurements. This allows defining a test-
ing environment that is ideal for operational measurement on the active component,
explaining the denotation component-based.

Interestingly, with respect to the origin of component-based TPA theory, literature
has been very unambiguous. Some researchers have found inspiration in acoustics or
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subsystem B
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(b) Component-based TPA: applica-
(a) Classic TPA: application of interface forces  tion of equivalent forces (measured un-
(measured under operation of assembled system  der operation of subsystem A) to the
AB) to the passive subsystem B. assembled system AB.

Fig. 5.4 Application of forces representing the operational excitation: classical TPA and
component-based TPA

electronic network theory (particularly the equivalent source identities of Thévenin
and Norton), such as Mondot and Petersson (1987), Petersson and Gibbs (1993),
Petersson and Gibbs (2000), Moorhouse (2001), Elliott and Moorhouse (2008),
Moorhouse et al. (2009), Bonhoff (2010). Others derived similar theories from a
structural mechanical point of view (Janssens et al. 1999; Janssens and Verheij 2000;
Gaudin and Beniguel 2012) or dynamic substructuring techniques (de Klerk 2009; de
Klerk and Rixen 2010). As a consequence, a wide variety of component-based TPA
methods have been derived, largely independent of each other. This section presents
a more generic derivation in order to unite all component methods and compare the
various concepts.

5.4.1 The Equivalent Source Concept

Approaching the problem top-down, one is looking for a set of equivalent forces f,*
that, applied to the interface of the assembled system AB at rest, yields the correct
responses at uz. This can be directly formulated using the admittance of the assembly
Y42, or expanded in terms of its subsystem admittances:

-1
u=YRh! = [Ylaaz (Y2 +Y3) Y?z] f,". .11
The response u3z, as a result of the equivalent forces, should equal the response
obtained when the active component is running in the same assembly, caused by f;
in Eq. (5.5). Comparing Egs. (5.11) with (5.5), it follows naturally that the equivalent

forces should take the form

Y5 (Y + Ysz)_l Yot = Y5, (Y5, + Ysz)_l Y5 ) ==




194 5 Industrial Applications & Related Concepts
-1
659 =(Y5) Y5 f. (5.12)

Equation (5.12) shows that the equivalent forces are indeed a property on the active
component A only. The existence of such an equivalent source problem offers tremen-
dous potential for practical component-based TPA methods. There is, however, one
important limitation: the equivalent forces only properly represent the operational
excitations for responses on the receiving structure or on the interface. Responses
obtained on the source will be different and therefore of no use. This limitation
was already mentioned in de Klerk (2009), de Klerk and Rixen (2010) and can be
understood by examining the system of Eq. (5.2): responses at the passive side B
are caused only by forces through or onto the interface, whereas the responses at
the source side A are a result of both the direct contribution of f; and its reflection
through the coupled subsystem B.

In the next section, several approaches are discussed that yield a set of equivalent
forces from operational tests, following the definition of Eq. (5.12).

5.4.2 Component TPA: Blocked Force

Consider the case where the boundary of subsystem A is rigidly fixed, as depicted in
Fig.5.5a. The operational excitation f; is entirely portrayed by the reaction forces at
the “blocked” interface ggl, such that the interface displacements u? = 0. A direct
relation is found, leading to the following equivalent force:

-1
[ u }: [Yf‘l Yi‘z][ f, } . g =(Y3) Yafi
w=0 Y) Y5 | |gh = —g) £9 = gbl.
(5.13)

The so-called blocked-force TPA is perhaps the most commonly known variant of
component-based TPA methods because of its straightforward applicability. It can be
seen as an application of the Thévenin equivalent source problem (Thévenin 1883),
that found its way into popular mechanics halfway the twentieth century (Hixson
1961; Ungar and Dietrich 1966; Rubin 1967). Mathematically, one can regard the
blocked-force method as imposing a Dirichlet boundary condition on the active
subsystem’s interface.

The blocked-force method assumes the boundary to be infinitely stiff in all direc-
tions, which is in practice rarely the case. Hence, the accuracy of the blocked forces
is highly subject to the stiffness of the boundary relative to the component at hand
(de Klerk 2009; van den Bosch et al. 2014; van der Seijs et al. 2014). An additional
difficulty is the measurement of rotational moments, as most commonly used sen-
sors are unable to measure collocated 6-DoF interface loads. As a consequence, the
blocked-force method is expected to perform best at the low-frequency end for which
the rigid boundary assumption is most valid and rotational effects are in practice least
prominent.
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(a) Blocked force. (b) Free velocity.
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(c) Hybrid interface on test rig. (d) In-situ in original assembly.

Fig. 5.5 Component-based TPA methods: various approaches to obtain equivalent forces repre-
senting the excitation

5.4.3 Component TPA: Free Velocity

The direct counterpart of the blocked-force method is the free velocity TPA as depicted
in Fig.5.5b. In this case, the component’s interfaces are left free, such that all vibra-
tions are seen as “free displacements” ul’* at the interface DoFs. From here on,
equivalent forces* can be calculated by invertmg the admittance measured at the free
subsystem’s interfaces, which can be understood by comparing the free displace-
ments with the blocked force definition of Eq. (5.12):

u Y4 Y’fz] [ fy ] uf* = YA\ f)
= = 5.14
|:“? = “gmi| [Y21 Y5 ||g =0 f2 — (Yzz) ugree. (5.14)

Analogue to the blocked-force TPA, this method can be seen as a strict application
of a Neumann boundary condition and is furthermore related to Norton’s equivalent
source theorem for electric networks (Norton 1926). Again, imposing free boundary
conditions can be troublesome as the vibrating system often needs to be mounted at
one or more connection points to be able to run in operation. Therefore, the method
is in practice expected to perform best for frequencies well above the rigid body
modes of the structure. Also note that effects such as friction and damping, which

4If the admlttances of the subsystems are available separately, one may also apply the free velocities
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would occur at the interfaces of the assembled system, are absent in the operational
measurement on the free component.

The fact that the method makes reference to free velocities rather than free dis-
placements has a historical motive, as the former quantity is commonly applied
in acoustical engineering in combination with acoustic pressure. For such acous-
tic problems, dynamic coupling of admittance is normally discarded. This is a fair
assumption, considering that the impedance of the radiating source is much larger
than the impedance of the receiving surrounding fluid, i.e. air. In structure-borne
vibrations, the source and receiving system often exhibit similar dynamics, hence
explicit coupling is needed. This was realized for a single-DoF problem by means
of a nondimensional coupling function in Mondot and Petersson (1987). Extensions
to multi-DoF systems and further discussion of this topic are found in Petersson and
Gibbs (1993), Petersson and Gibbs (2000), Moorhouse (2001). As a final note, the
free velocity concept has been standardized into an ISO norm for characterization of
structure-borne sound sources (ISO Technical Committee 1996).

5.4.4 Component TPA: Hybrid Interface

As both abovementioned methods pose their limitations in practice, one often prefers
to conduct operational tests on an appropriate support structure. Such a coupled
structure unavoidably displays its own dynamics on the interfaces, which need to be
accounted for in order to render the equivalent forces independent of any connected
part. Let us, therefore, imagine the active component fixed onto a test bench or test
rig R as illustrated in Fig.5.5¢c. Denoting the interface admittance of the test rig by
YZ%,, we obtain for the extended system of equations:

“/1\ Y?l Y/1\2 0 f1 A _ uR
wl=|Y3Yy 0 |lg| with {2 2, (5.15)
u; 0 0 Y| [g 8=

After enforcing the compatibility and equilibrium conditions on the interface DoFs, a
derivation similar to Sect. 5.2.2 can be followed to find the operational interface forces
gX. These forces are now dependent on the properties of both the active component
A and the test rig R. Substituting the forces back into the second row of Eq. (5.15),
the corresponding interface displacements u, are obtained as well (the superscript is
dropped because of compatibility):

-1
& =(Yu+Yy) Yifi (5.16a)
w = [1—3(2/*2 (Y4, +Y§2)’1]Y§1 f. (5.16b)
Equations (5.16a), (5.16b) hold for any YX,, as long as no external force is acting

on the test rig. The desired set of equivalent forces Eq. (5.12) is obtained by com-
bining Eqgs. (5.16a) and (5.16b) in such way that the dynamics of the test rig Ysz are
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eliminated.
—1 -1
Bl=(Y) Yafi = f'=g +(Y) w (.17

As it turns out, Eq. (5.17) forms the sum of contributions of both the blocked force
and the free velocity experiment, respectively Eqs. (5.13) and (5.14). One could
therefore speak of a hybrid interface condition, or Robin boundary condition in a
mathematical sense. It can indeed be verified that Egs. (5.16a)—(5.16b) converge5 to
the blocked forces for YR — 0 and to free velocities when YR — oo.

The hybrid interface approach combining force and motion was originally pub-
lished in de Klerk and Rixen (2010); the displacement term was regarded in this
work as the “non-rigid test bench compensation” to the imperfect blocked forces.
Although generally applicable in theory, it should be mentioned that the method can
be rather costly and time consuming in practice, as one needs to explicitly measure
collocated forces and motion in all directions for every interface node (van den Bosch
et al. 2014).

In lack of force measurement, one may substitute the third row of (5.15) for g5.
The so obtained approach was suggested in van der Seijs et al. (2014) and takes
displacement measurement only:

£59= (Y3) w + (V) w (5.18)

The price for not having to measure interface forces is that separate FRF measure-
ments should now be conducted, to obtain the subsystem admittances of the active
component and the test rig.

5.4.5 Component TPA: In Situ

Looking again at Eq. (5.18), we observe that the two inverted admittance FRF matri-
ces, in fact, represent the dynamic stiffness matrices of respectively component A
and R for the same set of collocated interface DoFs. They can be combined by simple
impedance addition®:

659 = (25, + 75) w, = 25X w,. (5.19)

The result of Eq. (5.19) is indeed indifferent to the dynamics of R or any other mount-
ing structure that component A is connected to. Transforming back to admittance
notation, we find that the blocked forces can be calculated inversely from the admit-
tance of the assembly’s interface or, in an overdetermined fashion, using a sufficient
set of indicator points us on the receiving subsystem:

5 A intuitive presentation of the range between the two limit cases is given in Moorhouse (2001).
OThis is standard practice for FEM assembly.
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~1 +
5= (Y5) w o £1= (YY) w. (5.20)

Obtained from a different derivation, the approach of Eq. (5.20) has first been pro-
posed by Moorhouse and Elliott (Elliott and Moorhouse 2008; Moorhouse et al.
2009) as the in situ method. As implied by the name, the operational measurement
may even be conducted in the target assembly AB, avoiding dismounting of any part,
namely:

£9=(Y2)  w or £59= (V)" w. (5.21)

The equivalent forces resulting from application of Eq. (5.21) are nonetheless a
property of component A only and thus transferable to an assembly with another
passive side.

The in situ force determination procedure is illustrated in Fig. 5.5d. Indeed, Eq.
(5.21) represents the inverse of Eq. (5.11), yet with an extended set of response DoFs
in order to render the system (over)determined and thus invertible. As a consequence,
the method shows great resemblance with the classical matrix-inverse method of Eq.
(5.10), the difference being the choice for the assembled admittance instead of the
passive subsystem’s admittance. Similar techniques regarding matrix conditioning
(e.g. overdetermination, singular value rejection) apply as well to the in situ method.
Most remarkable is that the receiving side can be chosen arbitrarily, as the equivalent
forces identified by Eq. (5.20) or (5.21) are theoretically invariant of any subsystem
coupled to it. In that respect, two important conditions need to be kept in mind:

1. Operational excitations f; may only originate from the domain of component A.
Any excitation coming from the passive side will disturb the determination of
equivalent forces.

2. Although the responses used for the matrix inversion (u, or u4) can be positioned
rather arbitrarily, they are bounded to the domain of the interface and the passive
side. This relates back to the remark made after Eq. (5.12): vibrations at the
source structure are not only caused by the interface forces but also by the source
excitations directly.

Physically, one could interpret the in situ method as follows: knowing the transfer
functions from the interface DoFs to several points on the passive side, Eq. (5.20) or
(5.21) seeks for a set of equivalent forces f;’q that, applied to the interface DoFs of
the assembled structure, generates the same responses uy at the passive side. Given
that this response set is overdetermined, the equivalent forces are calculated such
that they minimize the sum of the squared errors (or /2>-norm) in the extended set” uy.

Several numerical and experimental studies of in situ source characterization have
been reported (Elliott 2009; Bonhoff 2010; Elliott et al. 2013; Madsen 2014; van der

7Similar ideas are used in the field of experimental substructure decoupling: the identification of the
force that decouples the residual substructure can be improved by defining an “extended interface”,
adding some additional DoFs on the structure of interest distant from the interface (Sjovall and
Abrahamsson.2008; D’ Ambrogio.and Fregolent 2010; Voormeeren and Rixen 2012).
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Fig. 5.6 The concept of the pseudo-forces component TPA method

Seijs etal. 2014, 2015). A time domain force reconstruction algorithm was proposed
by Sturm et al. (2012, 2013). Further generalization of the in situ concept can be
recognized in the pseudo-forces method that is discussed next.

5.4.6 Component TPA: Pseudo-forces

The last member of the component-based TPA family to discuss is the pseudo-
forces method as proposed by Janssens and Verweij in the late 1990s (Janssens et al.
1999; Janssens and Verheij 2000; Janssens et al. 2002). It assumes the existence of a
nonunique set of pseudo-forces acting on the outer surface of the active component,
canceling out the effect of the operational vibrations transmitted through the interface
to the passive side. This is illustrated in Fig.5.6a. If those forces are now applied
in the opposite direction to the assembly with the source shut down, an identical
response at the receiving side should be obtained, see Fig.5.6c. In other words, the
pseudo-forces are supposed to represent the source excitation for responses at the
passive side.

The fact that it can be regarded as a component TPA method lies in the former
assumption: if there exists a set of pseudo-forces that cancels out the operational
i i beyond this interface shall be zero as well,
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hence, these forces are invariant of any structure attached to it. A similar reasoning
may as well be applied to the previously discussed equivalent force methods, yet the
locations of the pseudo-forces are not bounded to the interface but extend to the full
domain of the active component (see Fig.5.6).

The actual determination of the pseudo-forces is carried out slightly differently.
The first step is to define a set of s pseudo-forces fj,; on the active component that is
(a) sufficient to represent the excitation source and (b) easily accessible for impact
hammer or shaker measurement. One could think of a minimum of s = 6 forces
when the interface behavior can be considered as rigid, or a larger number in case of
more intricate connectivity. Second, a set of n > s indicator response DoFs has to be
chosen on the passive side from which the operational excitation is monitored. These
responses are denoted by uy and can be written as a result of f;, similar to Eq. (5.9):

we= YR £ = YE (Y +Y5) ul with uf 2 Y5 £ (5.22a)

A substitution is made here using the free velocity caused by the excitation f;, or in
other words: the theoretical motion at the interface of component A if the interfaces
were left free, see also Sect.5.4.3. This is by no means a quantity that needs to be
measured, but will prove useful for the derivation later on.

The next step is to determine pseudo-forces £, that best recreate the operational
responses at the indicator DoFs uy when the source excitation is shut down. Note
that the assumption is similar to the equivalent forces problem stated in Sect.5.4.1,
yet the pseudo-forces act on the outer surface of the active component rather than its
interfaces. Similar to Eq. (5.22a), the response at the indicator DoFs as a result of
the pseudo-forces reads:

w = Yilh = Y5 (Y3 + Y5) Tl with ul 2 YN f,.  (5.22b)

Now, the pseudo-forces £, that best describe the operational source excitations are
found from solving an overdetermined system with the response set uy that was
measured under operation (see Fig.5.6b):

£, = (Yf£>+ w. (5.23)

It can be shown that these forces, under certain conditions, are a property of com-
ponent A only. A sufficient condition is that the free interface velocities ul® as a
result of the original source excitation can be fully represented by the set of pseudo-
forces determined from Eq. (5.23). In that case the definitions of Egs. (5.22a) and
(5.22b) may be equated and one finds that the pseudo-forces are specific for the

source component:

; ; +
uff =uly = o= (Y5,) YAR (5.24)
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Applying these pseudo-forces to the FRFs of an assembled system of interest, i.e.
Yg‘fg, it can be verified that the correct receiver responses u3 at the passive side are
obtained:

—1 +
ws = Vilhe = [V5 (VA +¥2) YA ] (VA) ¥R =R 629)

The pseudo-forces determined from Eq. (5.23) are indeed transferable to an assembly
with another passive side. Equation (5.25) yields the responses for this new assembly,
provided that the columns of the FRF matrix Y3Aplz correspond to the same pseudo-
forces, i.e. excitation points at the source.

The previously discussed in situ method can be regarded as a special case of the
pseudo-force method, namely for the case where the pseudo-forces are located at
the interfaces. The pseudo-forces calculated from Eq. (5.23) shall then equal the
equivalent (blocked) forces from Eq. (5.12), namely f;,, = fzeq. With regard to the
positioning of the indicator DoFs uy, the same restriction holds as for the in situ
method, namely that they must be located at the passive system B or at the interface.®

5.5 Transmissibility-Based TPA

The two previously discussed families of TPA have in common that they attempt to
model the vibration transmission in a physically correct sense, namely by determining
as many forces and moments as required to describe the subsystem connectivity in
full. Consequently, both families explicitly require the corresponding FRFs for the
interface DoFs to the receiving response locations. It is evident that this approach
ultimately reveals a wealth of information on the particular functioning of the active
component, force distribution over the interface, resonances in the structure, etc. If,
however, the mere purpose of an TPA is to identify the dominant path contributions
in the assembled product, the efforts to set up and conduct the full experiment can
be fairly disproportionate and costly. This is, especially, the case when multiple
incoherent vibration sources are to be investigated.

The last family to discuss avoids the stage of explicit force determination. Instead,
the path contributions are determined from so-called “transmissibilities” between
sensors, possibly calculated from operational measurements. Various methods are
discussed in the following sections that share the following properties:

1. Measurements are conducted on the assembled product only, saving time to dis-
mount the active components. In fact, the interfaces between the active and passive
components are no longer of principal interest.

2. Path contributions are determined from well-chosen indicator points around the
sources or connections. These indicator points function as inputs to the TPA.

3. The result of the analysis is highly subject to the choice for these indicator points;
care should, therefore, be taken to include all transmission paths.

SThis was erroneously stated in the original work (Janssens and Verheij 2000).
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(a) Transmissibility from source FRFs.  (b) Transmissibility from alternative FRFs.

Fig. 5.7 The transmissibility concept for an example with two connection points

The family of transmissibility-based TPA methods indeed departs from the traditional
source—transfer—receiver model that assumes a physically meaningful set of loads,
FRFs, and responses. Although potentially less accurate, methodologies derived from
this concept tend to be easy to set up, versatile concerning sensor type and particu-
larly effective for ranking contributions from several sources. From a practical point
of view, transmissibility-based TPA tries to outrun the physically correct methods
by its ability to conduct multiple cycles in a shorter time. Nevertheless, under cer-
tain conditions, results of similar (or even equivalent) accuracy can be achieved as
compared to classical and component-based TPA methods.

5.5.1 The Transmissibility Concept

To discuss the theoretical concepts behind transmissibility-based methods, consider
an assembled system AB with two connection points’ as shown in Fig.5.7. The
active side contains a vibration mechanism that is characterized by internal forces f;;
the receiver responses at the passive side are denoted by p DoFs in uz. To monitor
the vibrations transmitted across the interfaces, n indicator DoFs uy are positioned
around the connection points.

Let us first assume that the source excitation f; can be described by o forces
(or independent force distributions) and that FRFs are measurable for all of the
abovementioned DoFs. The equations for the passive side responses then read:

{ u; = Y5Pf,  for p receiver DoFs, (5.26a)
uy = Ylefl for n indicator DoFs. (5.26b)

Provided thatn > o and YQIB is full rank, all excitation forces f; are observable from
uy. Hence Eq. (5.26b) can be inverted and substituted into Eq. (5.26a). The responses
u3 are now expressed in terms of the DoFs uy that can be measured under operation:

9 An example with two connection points was chosen here merely to provide better insight into some
important cross-correlation properties. There is no fundamental consequence for the generality of
the methods.derived.
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AB : AB & yAB (yvAB\t
u; =Ty ug with Th = Y5 (Y41 ) . (5.27)

The so obtained transmissibility matrix T?ffl relates motion at the indicator DoFs uy
(the inputs) to the receiver DoFs uj (the outputs) for excitation forces f; . Interestingly,
the size of the transmissibility matrix has become p x n, obfuscating the o excitations
associated with the original FRFs. This raises the question which excitations are
really needed to construct the transmissibility matrix and to what extend this matrix
is generally valid for the problem (uy — u3) under different excitations of the source
structure.

To gain more insight in the transmissibility problem stated by Eq. (5.27), let us
expand Egs. (5.26a) and (5.26b) in terms of the subsystems’ admittances. As seen
in previous derivations, the terms that couple the subsystems are identical for all
responses (us3, uy) at the passive side:

uz | _ Y?IB _ Y?z A B\l yA

Recalling now the expressions for the interface force and free velocity, respectively
Egs. (5.4) and (5.14), the following substitutions can be made:

us| _ Y gB

U4 Yir | ™
width g8 = (Y5 + Ysz)_l ul  for m interface forces
ullee = Y\ f; for m free velocities.

(5.28)

Hence, Eq. (5.28) shows that the transmission of vibrations from o forces f; to n
responses uy4 is limited by the number of DoFs of the interface forces/displacements
m. This means that the interface acts as a bottleneck: it limits the effective rank of
the transmissibility problem to a maximum of m. Furthermore, Eq. (5.28) exposes
two interesting properties of the transmissibility concept:

1. Regarding the source excitation, Eq. (5.28) shows a direct relation between the
interface forces glz3 of the coupled system and the theoretical free velocities ugree at
the disconnected interfaces of component A. As understood from the component-
based TPA methods, various sets of forces can be defined that equivalently produce
these free interface velocities ugfee, such as the pseudo-forces of Eq. (5.22b). This
is illustrated in Fig.5.7b. In fact, any set of forces on the source that renders
the interface fully controllable will guarantee convergence to a transmissibility
matrix that generally captures the transmission of vibrations caused in component
A. This property is used in the operational TPA method as discussed in the next
section.

2. Regarding the transmissibility, the problem (uy — u3) is in fact specific to the
passive side only, provided that the interface forces g5 are fully observable from
uy. That means that the second line of Eq. (5.28) can be inverted, which is equiv-
alent to Eq. (5.10) from the classical matrix-inverse method. With respect to
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transmissibility-based TPA, it implies that if u4 is chosen in such a way that all
interface forces are observable, gg can be eliminated from Eq. (5.28) and the
transmissibility matrix becomes a property of the passive side only, namely:

w=Thu, with TS, 2 Y% (YE)". (5.29)

An elegant duality can be observed here with the component-based TPA concept
that characterizes the excitation as a property of the source component. More
properties of the transmissibility matrix are discussed in Guasch et al. (2013),
Weijtjens et al. (2014).

Theoretically, it can be stated that the controllability is a property of the source
component A, whereas the observability is specific to the receiving structure B. If
both conditions are satisfied, Eqs. (5.27) and (5.29) generate the same transmissibility
matrix, hence T4 = T%, or simply Ts4. The pseudo-inversion step involved in Eq.
(5.27) or (5.29) “decorrelates” the transmissibility columns associated with uy4 into
linearly independent contributions to the receiver DoFs u3, such that an element of
T34 is defined as follows:

T N u; u; € us
I |
Uj Uppj = 0 Uj, Ug € Uy.

This process is often referred to as Cross-Talk Cancelation (CTC). Note that this
concerns a spatial or “modal” decorrelation'® only, just like other methods involving
FRF matrix inversion. It should therefore by no means be understood as some special
signal processing step.

In practice, to obtain T34 from FRFs as illustrated by Fig.5.7a or b, one requires
sufficient excitations and indicator DoFs to respectively control and observe the
dynamics at the interface. However, the foremost reason for using a transmissibility-
based TPA method is to identify source path contributions without the need to conduct
a tedious FRF measurement campaign. The next section discusses how to obtain T34
from operational responses only.

5.5.2 Operational Transfer Path Analysis (OTPA)

The transmissibility matrix Tz4 can be estimated statistically from the correlation
between u; and uy when monitored under a variety of operational test conditions.
The fundamental assumption is that, by testing the vibration source under different

10This decorrelation has been approached in several ways: for instance, based on so-called Global
and Direct Transmissibility Functions (GTDT) in the work of Magrans (1981), Guasch and Magrans
(2004); Guasch (2009); Guasch et al. (2013) or along conventional FRFs as seen in Varoto and
McConnell (1998), Ribeiro.et.al..(1999, 2000), Maia et al. (2001).
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operational conditions (e.g. a motor operating at different speeds or torques), mul-
tiple load cases are exercised that are slightly independent. However, as seen in the
previous section, the effect of these load cases across the interface are theoretically
limited to a maximum of m independent modes of vibration at the passive side,
because of the bottleneck effect of the interface. This is further discussed below.

Let us now assume that the operational excitation is able to generate sufficient
independent load casesf; («, B . .. ), where « and 8 represent independent operational
parameters.'! This is illustrated in Fig.5.8. Equation (5.27) can be established for r
sets of measured responses obtained under different operational conditions, e.g. the
sliced time blocks of a run-up measurement. This amounts to stacking the r measured
spectra of the receiving DoFs and indicator DoFs columnwise into arrays U; and Uy
to construct the following system of equations (the superscript on u indicates the
measurement block number):

Fig. 5.8 Operational TPA:

thegsource £<citation ] fl (OL, B e )
depends on operational
parameters («, 8, . ..) such
as engine speed or torque

1 2 1 2
[ u? - u’] =Ty [ u? - u’] = Us=TuUs (530
—_— —_— —
pxr pxn nxr

When sufficient measurement data is acquired to ensure r > n, the problem of Eq.
(5.30) can be made invertible by post-multiplying with UZ. The transmissibility
matrix is then found from solving this system or, more conveniently, from the H,
estimator'? of the Cross-Power Spectra (CPS) and Auto-Power Spectra (APS) of the
measured DoFs:

Ty, = UsUY (U, U4)
Sss = L UsUY (CPS) (5.31)

=  Ti = SuS;) with
3T Sy = 1U U7 (APS).

1n Roozen and Leclere (2013), it is suggested that external excitation on the source structure,
e.g. by use of a non-instrumented hammer, leads to better conditioning of the transmissibility
matrix compared to a sequence of operational excitations. This resembles the approach depicted by
Fig.5.7b.

12The Hj estimator is a well-known principle in experimental modal analysis to determine FRFs
from a Multiple Input—Output (MIMO) test, see for instance, Bendat and Piersol (1980), Ewins
(2000). Alternative ways to obtain the transmissibility matrix have recently been explored, such as
the H, or H; estimator to balance the error contributions between the inputs and outputs (Leclere
etal. 2012).
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Equation (5.31) performs cross-talk cancelation similar to Eq. (5.27). Now that the
transmissibility matrix Ts4 has been estimated globally, the actual path contributions
can be analyzed for each measurement cycle. If performed correctly (i.e. all transfer
paths were included), the reconstructed response spectra equal the response spectra
that were measured directly.

w =Tyul  1ef{l,....r). (5.32)

The approach governed by Egs. (5.30) and (5.32) is generally known as Oper-
ational Transfer Path Analysis (OTPA) (Noumura and Yoshida 2006). Clearly, the
performance of this method is subject to the choice and positioning of the indicator
sensors Uy, that function as “inputs” to the analysis. Too few sensors (or too distant
from the source connections) could lead to neglecting important transmission paths,
resulting in unrealistic prognoses (Gajdatsy et al. 2008). On the other hand, having
too many sensors (or too near to each other) complicates the inversion of Sy4 due to
poor conditioning, resulting in amplification of measurement noise (Gajdatsy et al.
2008).

Theoretically, the rank of Uy is limited by the number of DoFs at the interface m.
This implies that U, and thus S44 is rank deficient, even if r > n. It is therefore com-
mon practice to perform a Principal Component Analysis (PCA) in order to identify
how many independent modes of vibration are present in the system and transferred
across the interfaces. Principal components are calculated from the singular value
decomposition of Uy. The left-singular vectors represent the vibration mode shapes
that build up to the vibrations in the indicator DoFs, sorted from the largest contribu-
tion to the smallest. By controlling the amount of principal components that are used
in the computation of the transmissibility by Eq. (5.32), the condition number can be
kept low such that one balances between the completeness of path descriptions and
attenuation of measurement noise. This is not discussed in detail here, guidelines can
be found in specific literature on OTPA (Noumura and Yoshida 2006; de Klerk and
Ossipov 2010; Putner et al. 2012).

Another strong advantage of OTPA is the ease of combining various types of
sensors, both for the input (indicator) and output (receiver) DoFs. Quantities such as
accelerations, velocities, sound pressures and even forces and strains can be used in
a mixed fashion, as long as proper scaling (unit normalization) is taken into account
(Noumura and Yoshida 2006). This makes OTPA a suitable method to quickly inves-
tigate the proportion of structure-borne and airborne contributions (de Klerk et al.
2009). Other related extensions or applications include Response Modification Anal-
ysis (RMA) for providing structural sensitivities to the target responses (Scheuren
and Lohrmann 2014), pass-by analysis of road vehicle noise (Putner et al. 2013;
ISO Technical Committee 2015) and time domain auralization of OTPA, sometimes
referred to as Transfer Path Synthesis (TPS) (Vorldnder and Dietrich 2008).



5.6 Substructuring to Estimate Fixed-Interface Modes 207

5.6 Substructuring to Estimate Fixed-Interface Modes

Suppose that a structure of interest is attached to a flexible fixture. Suppose that
measurements can be performed on this assembly to measure the displacements at
several DOF on the substructure itself, denoted uy, and on the fixture u,. Similarly,
the fixture could be removed from the assembly and measurements were taken at
the same DOF on the isolated fixture u™*'/ | where the subscript f could be omitted
since now all measurements must be on the fixture.

A modal test could be performed to obtain N modes of vibration of the assembly,
resulting in the modal parameters for the fixture+structure, w,, ¢, and [¢]Tc,, o
where w, is the rth natural frequency of the structure, ¢, is the corresponding damping
ratio and the vectors ¢, and ¢, contain the mass-normalized mode vector of the rth
mode at the measurement points on the fixture and substructure, respectively. The
index r ranges over all of the measured modes, r = 1...N. The fixture is a dynamic
system itself, although it is meant to approximate a rigid boundary condition.

One can also obtain the modal parameters of the fixture alone (without the structure
of interest attached) either through test or analysis, and its modal parameters are
denoted: @™, ¢ and 1" The natural frequencies and damping ratios of the fixture
are not needed in any of the following, only the mass-normalized mode shapes of
the fixture.

If the fixture were truly rigid and perfectly fixed to ground, then the motion of
the structure when it is attached to the fixture, uy, would be zero. In practice this
will not be the case. The most straightforward remedy would be to estimate both
the displacement and rotation at the points where the structure joins the fixture and
then to apply constraints to force that motion to be zero. However, that method is
not reliable because, as will be illustrated in the examples presented in the lecture.
Instead, the following constraints are applied.

5.6.1 Modal Constraints

The measured fixture motion, u/**’_ can be approximated as follows in terms of N 7y,
modes of the fixture: i i
uf‘lXt ~ ¢t}thhXt, (533)

where g™ denotes the modal coordinates of the fixture. This expression can be
inverted to find the participation of each fixture mode, as ™' ~ (qif;-’“)+ u™, where
(" denotes the Moore-Penrose pseudoinverse of the matrix. The estimate of the
fixture modal amplitudes is only meaningful here if one has at least as many mea-
surement points as modes of interest and if the measurement locations on the fixture

are chosen such that (b?p’“ has full column rank.
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If the modal basis of the fixture is sufficiently rich, then it will be adequate to span
the space of the motion of the fixture even after the structure is attached (i.e., of the
fixture+structure). If this is the case, then the fixture modal motions can be estimated
from the measured motions, u™, as follows.

a™ = (%) uy = (%) ¢ ,q. (5.34)

where ¢ denotes the modal coordinates of the assembled fixture+structure. Our desire
is to estimate the modal parameters that the structure would have if it were attached
to a truly rigid fixture. One way to do this is to apply the constraints,

g™ =0 (5.35)

to the modes of the fixture+structure using the methods outlined in this course. In
terms of the modal coordinates of the fixture+structure, the constraint equations are

@) uy =0 (5.36)

or
(@™ ¢,q=0 (5.37)

either of which constitutes a set of N f;y; constraint equations. The matrix multiplying
q is the matrix B in this course and in the review by De Klerk, Rixen and Voormeeren
(2008) or [a] in the text by Ginsberg (2001). The procedure described in either of those
works can be used to enforce these constraints and hence to estimate the modes of the
fixture+structure with the fixture motion nullified. The “cms.m” MATLAB®routine,
which is freely available on the MATLAB Central File Exchange (search under
Matthew S. Allen) or in the materials provided with this course, implements the
method in Ginsberg (2001) and was used to perform the calculations described in
the lecture.

It is important to note that the constraints above only enforce zero motion at the
fixture measurement points if the number of measurement points equals the number
of fixture modes. In practice, one should use more measurement points on the fixture
than there are active modes in order to average out noise and measurement errors.
However, when this is done the motions of the physical measurement points may not
be exactly zero after applying the constraints. In the best case, the residual motion
would be due only to measurement noise, but there might also be residual motion in
the fixture that is physical, since one is seeking to constrain an infinite dimensional
system with a finite number of constraints. Fortunately, one can readily observe the
fixture motions after applying the constraints to see whether the constraints were
effective in enforcing a rigid boundary condition. This provides a valuable way to
check whether enough modes were used in Eq. 5.38.
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5.6.2 Singular Vector Constraints

In some cases, it may not be feasible to perform a modal test on the fixture alone in
order to estimate ¢f}~’“. There also may be situations in which the free modes of the
fixture do not form an efficient basis for the motion of the fixture+structure, so some
other basis must be considered. In these cases, one alternative is to use the dominant
singular vectors of the fixture mode shape matrix to form the constraints. The first
step is to perform a Singular Value Decomposition (SVD) of the fixture motions

observed on the fixture+structure
¢, =USV" (5.38)

where U is a matrix of singular vectors, S a diagonal matrix of corresponding singular
values and V reveal how each singular vector participates in each of the modes. Both
U and V are orthonormal. If the motion of the fixture is sufficiently simple, then it is
likely to be captured in only a few, Ngy p, dominant vectors, so one can approximate
the fixture motion as follows:

uy = UNsvo§Nsvp (VNSVD)Tq, (5.39)

where the matrices now contain only the first Ngyp columns or rows or both. The
following constraint will set this approximation to the fixture’s motion to zero,

UYsveyTu, = 0. (5.40)

This is an alternative to the constraints in Eq. 5.38 and avoids having to measure the
modes of the fixture alone.

5.7 Payload and Component Simulations Using Effective
Mass and Modal Craig-Bampton Form Modal Models

The methods in the prior section can be extended and used to estimate Hurty/Craig—
Bampton models of subcomponents from measurements. In particular, for small
components a quantity of interest is the effective mass. In Sedaghati et al. (2003),
Mayes (2015), Mayes et al. (2013) and Mayes and Linehan (2014), a methodology
was developed and validated on several structures.

Consider a component mounted on a larger structure. If the structure is large, we
can consider the component to be subjected to a base acceleration that is independent
of the component’s motion. Then, the HCB model allows one to compute the effective
mass, which describes how much each of the fixed-base modes of the structure is
excited by the base acceleration. For example, if one considers a clamped—clamped
beam on arigid foundation, then each symmetric mode would be excited by a uniform
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motion of the base but asymmetric modes would not be. Hence, the asymmetric
modes would have zero effective mass and the symmetric modes’ effective mass
would vary depending on their propensity to be excited; typically, the lower modes
have higher effective mass. Such a model can be effective when seeking to determine
if a subcomponent survives a given environment.

Effective mass models are usually derived from finite element models, but methods
were recently presented that can derive them experimentally (Mayes et al. 2013). To
do so, a test is performed with the component on a transmission simulator, with the
assembly free—free. Then the substructuring method in the prior section can be used to
constrain the transmission simulator to ground and estimate the fixed-interface modes
of the test article. Further processing steps yield the effective mass. See Sedaghati
et al. (2003), Mayes (2015), Mayes et al. (2013) and Mayes and Linehan (2014) for
further details.

5.8 Calibration of an SUV Rear Subframe

In the automotive industry, finalized products are commonly made up of thousands of
components, which can, in turn, be made out of smaller components. Finite element
modeling is used to increasing extent to study these structures. This is because of the
flexibility the computer models bring in terms of analyzing structural modifications.
One modeling approach that is often taken is to divide the structure into parts and use
substructuring techniques. For an accurate modeling, it is then important to under-
stand the physics of every substructure and not to the least the physical behavior
of the interfacing parts through which the substructures are physically connected.
Many different connection types exist, where rubber bushings are commonly used
when vibration isolation is needed such as in the isolation of subframes from the
body in white. It is well known that the stiffness of rubber materials is tempera-
ture and frequency dependent and can exhibit large variation from one unit to the
next. Furthermore, good model characteristics for damping can be crucial for the
full model’s prediction quality. The damping is usually not modeled based on first
principles due to its complexity, but rather by calibration of models to experimen-
tally acquired data. Therefore, there is an interest in updating FE models toward
experimentally obtained data from vibration tests. A study, reported in Bylin et al.
(2018), Bylin (2018) and Gibanica and Abrahamsson (2017), has been conducted
using a rear subframe of a passenger car, see Fig. 5.9. It primarily concerned the
estimation of the bushing rubber material parameters in a mass- loaded boundary
configuration, but also to calibrate the rear subframe model in general. The model
calibration MATLAB application FEMcali (Abrahamsson 2019) was used as a tool
for calibrating the model parameters. By additive mass loading of the bushings in
an experimental modal analysis setting, the bushings are considerably activated and
bring local bushing modes down in frequency where it is possible to study them with
modal analysis. Furthermore, the additive mass loading provides a more realistic
boundary.condition for.the bushings. In Fig. 5.9, the two different bushing types are
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“~ 80

Type1 Type 2

Fig. 5.9 Rear subframe location in the car and two bushing types of particular interest

shown and the mass loading component can be seen in Fig. 5.10 together with a
small region of an FE representation of the mass-loaded bushing.

Two finite element models are used, one with and the other without mass-loaded
bushings. The FE models of both configurations each consist of more than half
a million degrees of freedom. The calibration procedure minimizes the deviation
between the FE model’s frequency response functions and the experimentally iden-
tified model’s ditto. Equalized damping is imposed on both models to circumvent
the mode pairing problem. A bootstrapping cross-validation is further used to quan-
tify the parameter uncertainties. A SIMO stepped-sine testing procedure was used
to obtain test data. The FE model with mass loading was calibrated first to obtain
good parameter estimation of the rubber’s Young’s modulus, i.e., all other model
parameters were then fixed at their nominal values. The configuration without mass
loading was then calibrated with fixed calibrated rubber parameters for an overall
good parameter estimation of the rear subframe FE model. In the final step, a subset
of all parameters was updated toward a higher frequency region for the configuration
without mass loading to gain further physical understanding of the behavior of the
component.

Experimental modal analysis test setup. The vibration tests were performed
in the Vibration Lab at the Chalmers University of Technology. Three nominally
identical rear subframes of a Volvo XC90 with and without mass loading were used to
obtain data for the spread between individuals. The testing procedure was the same for
all components. The rear subframe with and without mass loading is illustrated in Fig.
5.11. The components were hung in long thin lines (red and thickened for visibility
in Fig. 5.10) attached to a support structure via soft springs. The support modes were
all below 5 Hz and were thereby well below the first flexible eigenfrequency that
appeared above 40 Hz in both configurations.

With the target to obtain particularly good test data for the first 20 flexible body
modes, the position of 20 uniaxial sensor locations was found from a set of 170
candidate positions with a sensor placement pretest planning method (Kammer 2005;
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Fig. 5.10 Rear subframe with additional weights fitted to four bushings in instrumented test con-
figuration (left). CAD illustration of additional weight (right)

(a) (b)

() (d)

Fig.5.11 Top view of configuration without additional weights in a and bottom view in b. Top view
of mass-loaded configuration in ¢ and bottom view in d. Circles mark accelerometer locations and
arectangle marks the excitation position. Excitation was normal to the surface, with a direct accel-
erance force and accelerometer sensor configuration. Green (uniaxial) and yellow (triaxial) circles
represent accelerometer locations common for both configurations. Cyan (without weights) and red
(with weights) markings indicate triaxial sensor positions that differ between the configurations
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Gibanica et al. 2016). Six more uniaxial accelerometer positions were added for
visualization purpose. Ten additional triaxial accelerometers were placed on the
bushings. All sensor placements can be seen in Fig. 5.11. In the colocated and colinear
force/acceleration sensor configuration, the accelerometer and force transducer was
placed on the opposite side of a thin sheet metal part of the subframe. Accelerometers
9-36 (numbering; see Fig. 5.11) were placed identically on both configurations while
accelerometers 1-8 were placed directly on the bushings in the configuration without
added weights and these were instead placed on the additional weights in the mass-
loaded configuration. The triaxial accelerometers were PCB 356A03 (1 gram, glued)
and the uniaxial were PCB 352C22 (0.5 gram, bees wax fastened). The accelerometer
masses were included in the FE models. The shaker was an LDS V201 attached to the
subframe via a metallic stinger of approximately 5 mm length. The excitation force
was measured with a Briiel&Kjaer 8203 force sensor together with an B&K IEPE
converter 2647B, attached to the component through a glued stinger attachment plate
with 0.2 grams weight. The force transducer and stinger attachment plate masses were
not included in the FE models.

Two excitation methods were used for both configurations. Periodic chirp tests at
various amplitudes were performed to assess the linearity of the systems to obtain
proper excitation loads. Most test data used for calibration were collected with multi-
sine tests for diminishing the influence of noise in the model updating procedure.
For the mass-loaded configuration, a frequency range (40,500) Hz with 2000 discrete
frequencies was deemed sufficient due to the relatively strong damping. In the con-
figuration without added weights, a frequency range (60,500) Hz with 3000 discrete
frequency were used instead. The discrete frequencies were selected based on the
method specified in Vakilzadeh et al. (2015) to minimize system identification model
bias.

The calibration procedure used gives a parameter setting that minimizes the devi-
ation between the FE model and an identified state-space system model, and thus
indirectly from raw test data through the identified model. It is therefore crucial for
the system identification model to be of high quality. For the configuration without
mass loading, all accelerometers were used in the identification, from 60 to 350 Hz
with 20 states. Low- and high-frequency residual modes were added to the obtained
system and the state-space model’s B and C matrices were augmented with additional
data from chirp measurements for the low-frequency region from 20 to 60 Hz and
stepped-sine data for the high-frequency region from 350 to 470 Hz. This produced a
system that accurately predicted the system’s resonance and antiresonance behavior.

For the mass-loaded configuration, only the bushing accelerometers, accelerom-
eters 1 through 8 in Fig. 5.11, were used initially for the system identification due to
the many local bushing modes identified from the measurements, not visible in other
channels. Thus an identified system with 40 states from 40 to 225 Hz was identified
for 24 channels (8 first triaxial accelerometers). A low- and high-frequency resid-
ual system pole was added to the system and additional data from a chirp test from
20 to 40 Hz and stepped-sine test from 225 to 250 Hz was used to reestimate the
system’s B and C matrices by the procedure given in Sect.4.9.1. In addition, all 36
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accelerometers, or 56 channels, throughout the frequency region from 20 to 250 Hz
were used in the reestimation for a system with more system outputs.

The raw data from the channels for which the system identification model gave
the poorest fit were used as validation data in a validation procedure. The calibration
channels selected from the 56 available channels for the mass-loaded configuration
were 1x, 1z, 2x, 2z, 3x, 3z, 4x, 4z, 5%, 5z, 6x, 6y, 6z, 7z, 8%, 82,9x%, 11, 12, 16, 17, 18,
20, 21, 22, 25, 26, 28, 29, 33, 34, 35, 36, see Fig. 5.11. For the configuration without
mass loading the following set was selected: 1x, ly, 1z, 2x, 2y, 2z, 3x, 3y, 3z, 4x,
4y, 4z, Sy, 5z, 6y, 6z, 8z, 10x, 11, 12, 13, 15, 16, 17, 18, 19, 20, 21, 22, 23, 25, 26,
217, 28, 29, 30, 31, 32, 33, 34, 35, 36. Approximately, 60% (with mass loading) and
75% (without mass loading) of the channels were used for calibration.

The finite element model. The rear subframe FE model consists mainly of shell
elements and rubber bushings modeled with an isotropic linear material model with
solid elements. It holds over 600,000 degrees of freedom. The same FE model was
used in the mass- loaded boundary configuration where four additional rigid compo-
nents was attached to the bushings to represent the additional weights. The additional
weights were designed to be simple to model with high accuracy. They consist of
cylinders with two different outer radii dimensions with a through hole to allow for
a through bolt. They were made of steel and each weight was of 1 kg total mass
and were attached with bolts to each bushing of interest (four of the subframe’s six
rubber bushings) of the subframe. MSC Nastran was used to establish the mass and
stiffness matrices of the FE models.

Calibration parameter selection. In the mass-loaded configuration, only the
rubber stiffness parameters were used in the calibration and all other model param-
eters were fixed to their nominal values. The parametrization for the four bushings
can be seen in Fig. 5.12. For the configuration without mass loading, 10 additional
free parameters were selected which are shown in Fig. 5.12b through d. All other
FE model data were fixed to their nominal values. Two parameter types were used,
material stiffness and shell element thickness. The inverse Fisher Information Matrix
(FIM) (Kay 1993) was used in an identifiability analysis to fix parameters that would
render the calibration problem unidentifiable. From this study, it was found that
parameter p;, was only marginally identifiable and could be fixed. In the deter-
ministic calibration, most parameters were bounded to stay within 25% from their
nominal setting.

Calibration results. The nominal and updated parameters from the deterministic
calibration, and the mean value and Coefficient of Variation (COV %) from a cross-
validation are shown in Table 5.1. The table column order illustrates the calibration
order, i.e., mass-loaded configuration first followed by the configuration without
mass loading up to 265 and 350 Hz in the second and final step, respectively. Thus,
three calibrations were performed in total. Fields with (=) or (<—) denote parameters
that were fixed in that particular calibration.

In an initial step, the mass-loaded configuration was calibrated from 40 to 225 Hz
so that the bushings rubber stiffness could be estimated, i.e., parameters p; to p4. All
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Fig. 5.12 Parameterization of the FE models with E representing stiffness and ¢ thickness, in a
for the mass loaded configuration and in b, ¢, and d for the configuration without mass loading.
Parameters p1 through p4 were also parameterized in the configuration without mass loading

other parameters were at this stage fixed to their nominal values, where parameters
P12 to p1a were set to 1.20 mm. These four parameters were manually updated to
a nominal setting of 1.40 mm in the calibration of the configuration without mass
loading.

The configuration without mass loading was first calibrated from 60 to 265 Hz,
with updated bushing parameters, by updating parameters ps to p;;. Updated param-
eters ps to py; were then used as nominal parameters in the final calibration from 60
to 350 Hz where parameters p;, p2, pio, P13, P14 and p;s were updated. Parameter
p12 was kept fixed in all three calibrations.

In Table 5.1, it can be seen that the mean value of the cross-validation results, based
on 20 data splits with raw test data and unconstrained minimization, differ somewhat
from the deterministic calibrated estimates. There are significant noise levels in the
raw test data, especially noticable around the low-frequency antiresonances for some
channels (see Figs. 5.13 and 5.14) that might affect the cross-validation results.
Furthermore, the identified model used in the calibration does not perfectly fit test
data in all channels, especially around the antiresonances (see again Fig. 5.13), and a
difference between calibration and cross-validation results is therefore to be expected.
The parameters show little variation, as indicated by the COV in Table 5.1, with
parameters py, p1o, and p;; for calibration FE265 varying more than than the others,
approximately from 3 to 6%.

It can be seen in Table 5.1 that the two calibrated stiffness parameters p; and
P> in the mass-loaded configuration, (see Fig. 5.12a), are considerably higher than
p3 and p4. This is a consequence of making the FE model fit experimental data so
that the FE modes as shown in Fig. 5.15 fit the eigenfrequency order of that was
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Table 5.1 Nominal parameters (Nom) along with three calibration results. Calibrated parame-
ters for the mass-loaded configuration denoted F E 55, configuration without mass loading with
calibration up to 265 Hz denoted F E»65 and up to 350 Hz denoted F E350. The mean value and coef-
ficient of variation (%) of the cross-validation is denoted with superscripts « and COV. Empty fields
(-) represent fixed parameters in that particular calibration and left arrows (<—) point to numerical
data used in that calibration. E represent Young’s modulus and 7 denote plate thickness

# Param | Nom | FEmass | FExes | FE3sg | FEhass | FES9% | FESes | FESQY| FESQY | FESQY
P E 500 401 |« 462 367 072 |- - 498 039
(MPa)
P E 500 382 |« 701|348 085 |- - 525 |o.11
P E 500 283 |« 583 269 094 |- - - -
P4 E 500 241 |« 541|294 119 |- - - -
s E 210. |« 1923 |« - - 1964 099 |- -
(GPa)
D6 E 210. |« 2080 |« - - 1989 [013 |- -
p7 E 210. <« 240.7 <« - - 228.6 | 0.09 - -
g E 210. |« 2224 |« - - 2491 173 |- -
P9 E 210. |« 2508 | « - - 2644 386 |- -
P10 E 210. |« 166.6 | « - - 162.6 [3.10 |189.2 |0.10
P11 f(mm) | 1.80 |« 146 |« - - 135 |581 |- -
P12 ' 140 120 | 140 |« - - - - - -
P13 ' 140 120 |140 [3.67 |- - - - 256|071
Pl4 ' 140 120 |140 [181 |- - - - 175|112
Pis ' 140 120 |140 [161 |- - - - 180 |074
lﬂs: 1 1 L] T 1 1 L E|
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Fig. 5.13 Cross-accelerance for input at position 24 and output at 4x. Note that raw test data and
data from identified model almost are almost coincident
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Fig. 5.14 Cross-accelerance for input at position 24 and output at 30
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(a) Nominal model (b) Mode | -41.62 Hz (c) Mode 2 -42.92 Hz (d) Mode 3 -51.95 Hz
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(e) Mode 4 - 61.00 Hz (f) Mode 5 - 62.92 Hz (g) Mode 6-65.58 Hz  (h) Mode 7 - 67.92 Hz
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(i) Mode 8 - 70.26 Hz (j)Mode 9-71.90Hz (k) Mode 10- 111.26 Hz (1) Mode 11 - 117.79 Hz

Fig. 5.15 The nominal model with mass-loaded bushings (a) along with the 11 first calibrated
flexible modes, from mode 1 (b) to mode 11 (1). Blue indicate small motion and red large motion

found in experimental data. This is possibly caused by a nominal model inadequacy
given that the bushings are different for these two sets of parameters, i.e., p; and p;
correspond to bushing of Type 2 shown in Fig. 5.9 while p; and p4 correspond to
bushing of Type 1. The calibration results indicate that bushings of Type 2 are less
stiff than bushings of Type 1.
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Table 5.2 Mass-loaded and massless configurations’ experimental eigenfrequencies denoted
Expmass and Exp, respectively. Nominal FE models for the two configurations denoted with super-
script nom. Other notations as in Table 5.1. A fass (%) represent the relative difference between
F Enass and Expmass, and A foes5 and A f3s50 the relative differences between Exp and F Ejg5 and
F E3s0, respectively. Total mass of the different models are shown in bottom row

Mode | Expmass | FEpnw | FEmass | Afmass | Exp FE™™ | FExs |Afes | FEsso | Afsso

mass

1 40.95 46.45 41.62 1.64 76.82 78.20 76.86 0.05 76.90 0.10
2 - 48.16 42.92 - 160.54 | 158.18 |160.53 |0.01 160.63 | 0.06
3 52.07 53.92 51.95 0.23 193.08 |194.63 |193.13 |0.03 192.62 |0.24
4 59.12 78.60 61.00 3.18 195.25 |196.97 |195.40 |0.08 196.24 | 0.51
5 63.21 80.03 62.92 0.46 204.94 | 207.37 |206.29 |0.66 205.59 |0.32
6 66.07 82.50 65.58 0.74 210.84 |208.84 |210.84 |0.00 210.71 | 0.06
7 - 84.96 67.92 - 240.93 |241.10 |239.62 |0.54 240.13 |0.33
8 71.84 86.42 70.26 2.20 25436 | 254.27 |253.34 |0.40 25599 |0.64
9 74.64 88.03 71.90 3.67 - 293.76 |268.52 |- 290.45 |-

10 110.59 | 11627 |111.26 |0.61 306.89 |304.23 |278.47 |9.26 310.18 | 1.07
11 118.19 |126.17 |117.79 |0.34 320.09 | 31698 |304.01 |5.02 315.46 | 1.45
Mass 37.18 37.01 37.01 26.80 26.73 26.51 26.87

In Table 5.2, the eigenfrequencies of the first eleven flexible modes are shown
for the configuration with and without mass loading, along with their masses. It can
be seen that for the mass-loaded configuration the nominal results are very different
from what is experimentally identified. It should be noted that mode 2 is very close
to mode 1 in the experimental data and could not be identified, as indicated by the
FE modes show in Fig. 5.15b, c. The same holds for modes 6 and 7, shown in Fig.
5.15g and h. FE results indicate that modes 4 and 5, and also modes 8 and 9 almost
coalesce, as seen from their mode shapes shown in Fig. 5.15. The calibrated F E s
has a much better correspondence to experimental data compared to the nominal
model FE,,, mass which is also indicated by the deviation metric. The deviation
metric between the experimental data Expp,s and the nominal FE model F E
is 0.90 and 1.02 for the calibration and cross-validation models, respectively. The
calibrated model gives a deviation metric of 0.44 and 0.50 for the calibration and
cross-validation data, respectively. Thus an improvement of 51% is seen in both the
calibration and cross-validation metrics.

Table 5.2 indicate that eigenfrequencies of the nominal configuration without
mass loading, F E™™, correlates rather well with those of the experimental model.
However, the modal assurance criterion (MAC, see Ref. Allemang and Brown 1982)
analysis results reported in Fig. 5.17 show that there are mode switches between
modes 3 and 4, and modes 5 and 6. Also, some modes show a very low MAC
correlation and the last two modes have a high cross-correlation. The updated model
F E3s0, for which the MAC analysis is shown in Fig. 5.17b, shows a much better MAC
correlation, even for the modes above 300 Hz. It can be noted that the FE analysis
indicates that there is a mode, not identified in the experiments, around 290 Hz. It
is shown in Fig. 5.16j where it can be seen that in that mode the motion is strongly
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Fig. 5.16 The nominal model without mass-loaded bushings (a) along with the 11 first calibrated
flexible modes, from mode 1 (b) to mode 11 (1)
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Fig.5.17 MAC correlation between the experimentally identified system and the nominal FE model
FE"™"™ (left) and identified system and the calibrated FE model F E35¢ (right)

localized to one bushing (upper left). It is therefore just marginally controllable from
the input position far away from the bushing. Also, due to strong damping in the
bushing modes, it would be very hard to identify it from the raw frequency response
data of the used sensor set. Further in Fig. 5.16, it can be seen that in the two modes
above 300 Hz that the bushings are considerably activated. In order to capture the
behavior of the these modes, the stiffness parameters p; and p4 of the rubber bushings
were again used as free parameters in the last calibration step, F E3s9. A justification
for this is that rubber has frequency dependent stiffness properties, i.e., its stiffness
increases with frequency (see Ref. Jones 2001). In the mass-loaded configuration,
the calibration focus is more on the lower frequency spectrum as compared to that
of the calibration without mass loading.
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The intermediate calibration step F E»ss does not show a good correlation for
modes above the 8:th flexible modes, as seen in Table 5.2. This is due to that modes
above 265 Hz are not included in the model calibration.

The deviation metric for the intermediate model F E,¢s was improved by 60%
(from 0.91 to 0.38) after the calibration. The validation metric was improved with
23% (from 1.25 to 0.97). It should be noted that the model from which F E,¢5 was
calibrated started from a model with updated bushing parameters from the previous
calibration step, and that this is reflected in the deviation metric. The deviation metric
for the final model calibration F E3s5y was improved with 71% (from 0.88 to 0.26)
for the calibration. The calibration of this model started from the parameter settings
of model F Eqs, with exception of parameters p3 and p4 that was set according
to above. The validation metric was improved with 33% (from 1.20 to 0.81). The
improvement in the validation metric is lower compared to that of the calibration
metric. One reason for this is likely that poorer frequency response test data were
used as validation data. In Fig. 5.13, one of the better channels is shown for raw test
data, the identified model, the nominal FE model, and the calibrated FE model up to
265 and 350 Hz. Figure 5.14 depicts one of the poorer channel estimates.

5.9 Coupling of Two Major SUV Components

In a study of experimental substructure coupling, a high-modal-count Body in White
(BiW) (see Fig. 5.18) was coupled to a moderate-modal-count Rear Subframe (RSF)
of same type as treated in the previous chapter (see Fig. 5.10). The physical coupling
between the two is via four rubber bushings that provide vibration isolation. The
vibration testing was performed with the BiW and RSF component stand-alone to
get component data. Testing was also done of the full BiW-RSF assembly to get
validation data. The coupling procedure was to

e Make vibration testing of the two components.

Make system identification to create state-space models of the two.

Keep the state-space model of the BiW as-is as attempts to calibrate a BiW FE

model was found to require more resources than were available.

Do model calibration of the finite element model using the state-space model of

the RSF and take that to state-space form.

Do a transformation of the state-space models to coupling form and do the cou-

pling.

e Validate the coupling outcome by comparing with test results of the BiW-RSF
assembly.

These steps are detailed below.

Vibration testing of the components. Testing of the BiW was made with dummy
adapters at the four coupling points (see Fig. 5.19). These adapters were aluminum
cylinders with similar geometry as the vulcanized aluminum part of the rubber bush-
ings.mounted.to.the RSFE. The adapters were fitted with three triaxial accelerometers
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Fig. 5.18 Body in White chassis of a Volvo XC90 resting on rubber cushions (at yellow arrows)
ready for vibration testing. Loose rear subframe resting on lab floor in front

Fig. 5.19 Location of dummy adapters C1 through C4 under rear part of BiW (left). Location of
virtual points C1 through C4 on RSF fitted to BiW (right)

Fig. 5.20 Location of BiW-mounted accelerometers 1 through 22. Coupling adapters C1 through
C4 have three triaxial accelerometers and are subjected to three successive SIMO stimuli tests each.
Accelerometer numbers in rectangles also indicate location of validation stimuli




222 5 Industrial Applications & Related Concepts

(a) Top view (b) Bottom view

Fig. 5.21 Subframe with positions of accelerometers marked. Circle markings are for triaxial
accelerometers and the rectangular marking is for one uniaxial accelerometer and the input force
position

Fig. 5.22 Adapters C1 through C4 equipped with triax accelerometers (left). Location vectors rq
through r3 indicate kinematical transformation to virtual point C1 (right)

each to provide sufficient information about the motion of the stiff adapters in a
stepped-sine vibration testing. Besides the 4 x 3 x 3 = 36 sensor channels of the
triaxial accelerometers, an additional 22 uni-axis accelerometers were spread out
over the chassis (see Fig. 5.20). The signals of the triaxial accelerometers were trans-
formed to provide estimates of the translational and rotational motion of so-called
virtual points associated with each adapter (see Fig. 5.22). Its three translation and
three rotations were obtained by least squares fitting and kinematic transformations
on the nine signals from its sensors. The system stimulus was provided with a roving
shaker that provided 4 x 3 = 12 force inputs to the adapters in 12 repeated SIMO
experiments to give frequency response data. Two additional excitation points were
used for validation purpose. The chassis was put on soft rubber cushions to mimic




5.9 Coupling of Two Major SUV Components 223

BIW data - Identified BIW model

n ol
Wt

-
10781 4 AN s

| 'y v'_.. I". F U "0 _‘I.v' Y e W " L, i b VW
1078 | :

Receptance [m/N]

40 60 80 100 120 140 160 180 200

Fig. 5.23 Experimental FRF and ditto synthesized from identified state-space model of BiW

The testing procedure outlined in Sect. 5.8 was used to get data for the RSF in two
configurations, one with free bushings and one with mass-loaded bushings. Testing
with mass-loaded rubber bushings was crucial for obtaining good calibration for the
rubber material properties. Since the main purpose of the bushings is to provide good
vibration isolation it is safe to say that the material parameters of the rubber are of
utmost importance for a successful coupling procedure. Since the rubber bushings
are parts of the RSF, the translational and rotational dynamic stiffnesses of these parts
are accounted for. The virtual points for coupling are included as nodes in the finite
element model and provide input and output information of the FE-based state-space
model of this component. Test data indicated about 40 flexible body modes below
200Hz for the RSF.

Make state-space system identification of BiW. Preliminary identification
results indicated that direct accelerance FRF data were particularly troublesome
in the state-space model fitting. As the direct dynamical stiffness associated to the
coupling degrees of freedom plays an important role in the coupling, increased effort
was put in obtaining a good state-space model for these. A procedure given in Ref.
Gibanica et al. (2018) was followed. The procedure is based on observation from
direct accelerance measurements. These observations indicate that strong outside-
band eigenmodes strongly affects the frequency response within the frequency band
of interest in the testing. In comparison with more traditional approaches that com-
pensate for outside-band low frequency modes with a residual mass model and high
frequency modes with a residual stiffness model, the procedure is to add virtual sys-
tem poles (residual states) just outside the frequency range of interest to compensate
for the effect of outside-band modes just above the upper frequency of interest. The
effect of residual states was identified by linear regression to test data. The influ-
ence of these states was first removed from test data before a traditional State-space
Subspace Identification method (N4SID) was applied and then superimposed to the
identified model to get a higher order state-space model with a very good fit to data,
see Fig. 5.23 for one specific transfer function. An assessment of all transfer functions
is reported in Fig. 5.24 which utilizes the FRAC correlation metric defined as

K K K
FRAC;; = | Y H} () (H (@) P/ O 1H @) Y IHF (@)P)  (5:41)
k=1 k=1

k=1
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Fig. 5.24 Model fit (by FRAC) of BiW state-space model in range (30,200) Hz. Stimuli locations
are three forces at each cylinder C1 through C4 and at locations 21 and 22. Responses stem from
same locations but also from accelerometers 1 through 20
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Fig. 5.25 Model fit (by FRAC) of coupled model in range (30,200) Hz

for which a perfect fit between test data from the tested assembly and the synthesized
system would render a value of 1 (one).

Physically motivated constraints on reciprocity were imposed by averaging off-
diagonal elements of the raw test data transfer function matrices. Also, in order to
fully couple components that share the same translation and rotational motion at
their mutual interfaces, all translation and rotation outputs and corresponding force
and moment inputs must be available at the coupling points. Since the test lacks
moment input, the transfer functions related to moment input have to be estimated
by through a modal system expansion, see paper E of Liljerehn’s doctoral thesis
(Liljerehn 2016). For comparison, the coupling was performed with and without the
rotational couplings, see Fig. 5.26.

Make state-space system identification of RSf and calibrate its FE model. The
system identification from RSf data and the proceeding calibration of the RSf finite
element model were conducted along the lines described in Sect.5.8. In particular,
the stiffness parameters of the rubber bushings were much reduced in comparison to
the nominal parameter configuration.
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Fig.5.26 Anexample of an FRF of the coupled system; the receptance from input at 22 to response
at 12. TR denotes results obtained with full coupling (translations and rotations) while T denotes
results obtained with translational coupling only

Do transformation of state-space models. The numerical linear algebra oper-
ations given by Egs. (4.42) and (4.43) were performed to transform the state-space
models of the two components into coupling form.

Validate the coupling by comparing coupled model with test results. The
overall quality of the synthetic frequency response function is evaluated with FRAC
correlation. The results for all transfer functions can be seen in Fig. 5.25. It can be
noted that the synthesized FRF:s associated with stimulus on the subframe (see Fig.
5.21 atlocation S1), in general, render somewhat poorer correlations than the others.
An example of a transfer function is given in Fig. 5.26.
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Chapter 6 ®)
Model Reduction Concepts ez
and Substructuring Approaches

for Nonlinear Systems

Abstract This chapter reviews common nonlinearities that are encountered in engi-
neering structures, with a particular emphasis on geometric nonlinearity. Popular
ways to construct reduced order models for geometrically nonlinear problems are
discussed. The concept of nonlinear normal modes is presented to help understand the
dynamics of these structures, and some recently presented substructuring methods
are reviewed. —Chapter Authors: Matt Allen & Paolo Tiso.

6.1 Geometric Nonlinearities

Up to here, all the developed theory considered systems in their linearized form—that
is, the interest focused on small dynamic deviations from the equilibrium. In fact,
any engineering system is inherently nonlinear, and is often just designed to operate
in the linear regime. In other cases, one might want to exploit nonlinear responses to
achieve a certain performance. In either case, the nonlinearities need to be properly
assessed with the aid of numerical models. Nonlinearities can be classified into three
broad categories, namely

1. Boundary condition nonlinearities, arising from changing constraints to the sys-
tem. Typically, this involves contact between subcomponents of the same system,
between two or more different systems, or the system and an external boundary.

2. Material nonlinearities, which are due to any nonlinearity present in the consti-
tutive law, which relates strain and stress rates. Typical examples are plasticity,
hyperelasticity, progressive damage, etc.

3. Geometric nonlinearities, arising from the redirection of the internal stresses
due to finite rotations. This type of nonlinearity is particularly present in thin-
walled, lightweight constructions, where geometric nonlinearities cause coupling
between bending and stretching deformations. Likewise, geometric nonlinearities
arise in multibody systems, where the components are subjected to holonomic
constraints that establish nonlinear mappings between displacements and gener-
alized coordinates.
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Fig. 6.1 2D beam A
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Being the realm of nonlinearities so vast, one cannot devise a general method for
the efficient reduction of any given nonlinear system. Here, we limit ourselves to
the relevant case of geometric nonlinearities. Apart from the richness in dynamic
behavior, one could expect from a geometrically nonlinear system, it is important to
highlight here that geometric nonlinearities are smooth with respect to the generalized
displacements. This important property is a key aspect for many of the reduction
methods discussed in this chapter.

6.1.1 2D Beam

In this section, we briefly review the nonlinear beam theory in 2D, and discuss
a widely used approximation, namely the von Karman kinematic model (i.e. see
Figs.6.1 and 6.2). We start by assuming a straight, two-dimensional beam, with a
rigid cross section, able to undergo arbitrary large displacements and rotations. The
material is assumed linear and elastic, and the elastic strains small. The interested
reader could refer, for instance, to Woinowski-Krieger (1950).

The displacement field is indicated by U = [u; w], where u and w are axial and
transversal displacements, respectively. Upon an arbitrary deformation of the beam,
we can write

U=ue, +we, +[R(©®) —Ilze, = = (F'F 1), (6.1)

N =

where R(6) is the rotation matrix of the cross section, I is the identity matrix, and F
is the deformation gradient. The Green—Lagrange strain tensor is then written as

(VU+V'U+ VU - VU). (6.2)

N =

€ =
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Fig. 6.2 von Karman beam q (x,t)
in deformed configuration
under distributed load w(x,t)

The polar decomposition theorem allows to split the deformation gradient F into
rotations and deformations as

1 T T
F=R(0)(I+L)=>e=§(L+L +L'L). 6.3)
Linearizing the strains leads to
1 e—zky
~=-(L+L7) = , 6.4
ex e =[* 7] (64)

where the axial strain e, the shear strain y and the curvature k are, respectively, given
by

e=(14u)cosd +w'sinf —1 (6.5)
y = —(1+u')sinf +w' cosf (6.6)
k=0, (6.7)
where ' = g—; By adopting a linear, elastic model as
1
€= %a — %tr(a)l (6.8)

the resulting cross sectional forces are

N = EAe, (6.9)
T = GAy, (6.10)
M = EIkO', 6.11)

where N, T, and M are the axial force, shear force, and bending moment, respectively.
The Young’s modulus is indicated by E, the shear modulus by G, the cross-sectional
area by A and the bending moment of inertia by 1.

By using the virtual work principle, the equations of motion are found as

pAii = (N cos@ — T sinf) (6.12)
pAW = (Nsin® + T cos8) +¢q (6.13)
ol =T(1+e)— Ny +M (6.14)

N =EA[(1 +u')cos@ +w'sinf — 1] (6.15)
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T = GA[—(1 +u')sinf + w cos 6] (6.16)
M =EIf, (6.17)

where g is the distributed transversal load per unit length. Note that these equations
are valid for any arbitrary cross section rotation 6. This set of equations is highly
nonlinear and therefore of difficult numerical solution. In many applications, the
system operates in the mild nonlinear range—that is to say, that the order of the
nonlinear terms is the same as that of the linear terms. If this holds, the above model
can be expanded and only the significant terms of the expansion need to be retained.
This is discussed in the next section.

6.1.2 von Karman Model

We further adopt here the Euler—Bernoulli assumptions, namely

e negligible shear deformation (y =~ 0);
e no axial and rotary inertia are considered;
. . . 2 .
e moderate cross section rotations, i.e., cosf ~ 1 — %, sinf ~ 6.

The strains then become

1
e=(14+u)cosf +w'sinfd —1 = e%u’+§w’2 (6.18)
y=—1+u)sinf +w'cos® = O=~w. (6.19)
This is to say that the axial strain e is not only determined by the derivative of the
axial displacement u but also by the square of the rotation 6 of the cross section.
Note also that by assuming ii &~ 0, (6.12) yields
N =0, (6.20)

that is to say that the axial force is constant along the length of the beam, and given by
’ 1 2
N=EA|u + Ew . (6.21)

The equations of motion then become

N =0 (6.22)

pAW — EIwW" — Nw” =¢q (6.23)
T=—M (6.24)

M = EIw" (6.25)

ol LElUMN Zyl_i.lbl
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N =EA (u" + %wﬂ)

Axial stresses
Linear bending moment (change of length) Bending and tension

_____ ; m ; m !

Fig. 6.3 The bending—stretching coupling effect resulting from finite bending displacements

1
N=EA (u + 5w'2) , (6.26)

equipped with boundary conditions. Note that the presence of N creates a nonlinear
restoring term that depends both on u and w. This effect is known as string effect, and
it is illustrated in Fig. 6.3. Here we can distinguish between two situations, namely:

1. axially unmovable ends: u#(0) = u(L) = 0;
2. free ends: N(0) = N (L) prescribed.
Unmovable Ends

In this case, the axial displacement can be integrated along the length of the beam,
to give the axial force N (f) as

N@) = E—Aw” / ' w2dx (6.27)
2L 0

when plugged into the governing equation for the transverse displacement w, one
obtains

EA L
pAW — EIw" — ZZw" | w?dx =q. (6.28)
2L 0

Note that the nonlinear term is a cubic function of w’, and represents the string effect.
This term is responsible for the hardening of softening behavior of the structure when
subjected to external loads.

Free Ends

In this case, the value of N is prescribed, and therefore the additional stiffness term
in the governing equation is linear:

pAW — EIw" — Nw'" = q. (6.29)
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As a consequence, no bending—stretching coupling occurs, and the von Karman

model is linear. Thus, in the case of beams with free axial ends, a model including
higher order terms in rotations (“large rotation” model) is required.

6.2 Finite Element Discretization

Consider the 2-node, 2D beam element sketched in Fig. 6.4. The nodal degrees of
freedom can be partitioned into axial and out-of-plane as u = [uy, y,1" and u =
[wi, 61, wa, 0;17. The value of u and w within the element are given by the shape
functions as

u=h"u, w=hlw, (6.30)

respectively, where the shape functions are given by

hT=%[1—g, 1+£], (6.31)

h! :%[4—6§+2§3, LE —DE-D,...
4+65—28, LE - DE+ D], (6.32)

and & = 2% — 1. The axial force N is then given by
— _ T 1or 2
N =EAe=EA(b,u+ 2(bww) , (6.33)
where b, = % and b,, = %. Likewise, the bending moment M is given by

M =Elk=EIc"w, (6.34)

Fig. 6.4 A 2D planar beam W Wy

element el 92
“l—: ; j' Eg-' u,
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2 . . .. .
where ¢ = dd;“’ . By using the virtual work principle, the nodal internal forces can be

found. The axial contribution U; is given by

L 1 L
U; =f Nb,dx =/ NbuEdé, (6.35)
0 —1

while the bending contribution W; is given by

t T 1 T L
W.= [ (N®Iwb, +Mc)dx= [ (N®bIwb, + Mc) 5d. (6.36)
0 ~1
Note that the axial forces U; is quadratic and depends both on in-plane and out-
of-plane deformations, while W; is cubic. The tangent stiffness matrix is readily
obtained by differentiating the internal nodal forces with respect to the nodal dofs,
as

aU; AU,
Ju ow
K= — |:II§uu II((MW:| (637)
8W,‘ 8W, wu WW s
Ju ow
where
L
Ky = / EAb,bldx (6.38)
0
L
K., =K/ = / EAMbIw)b,b! dx (6.39)
0
L
K, = f El(ce” + EAbTw)*b,b! + Nb,bldx. (6.40)
0

6.3 Galerkin Projection

After FE discretization, the motion of the system is governed by a system of second-
order Ordinary Differential Equations (ODEs), together with the initial conditions
for generalized displacements and velocities, which reads

Mii(?) + Cu(t) +f(u@)) = g@).
u(ty) = ug, u(f) = vo, (6.41)

where the solution u(#) € R" is a high-dimensional generalized displacement vector,
M e R"*" is the mass matrix, C € R"*" is the damping matrix, f : R" > R” gives
the nonlinear elastic internal force as a function of of the displacement u of the
structure, and g(z). € R” is the time-dependent external load vector. In our case, the
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nonlinear term f(u) models the effect of geometric nonlinearities, as discussed on
the previous section. The system (6.41) is usually referred to as the High Fidelity
Model (HFM), which solution can be extremely time consuming to compute if the
dimension n of the system is large. The classical notion of model reduction aims
to reduce this dimensionality by introducing a linear mapping on to a suitable low-
dimensional subspace ¥ as

u(t) ~ vq(1), Ve R, (6.42)

where q(t) € R” (m < n) is the low-dimensional vector of reduced variables, and
V is known as the reduction basis. Upon substitution of (6.42) in (6.41), one obtains

MVq(r) + CVq@) + £(Vq(2)) = g) +r(2), (6.43)

where r(¢) is a residual vector. The ROM is then obtained using Galerkin projection,
which requires the residual to be orthogonal to the subspace span ¥ spanned by V,
i.e., posing V7'r = 0. This leads to

T .. T . T _vT
VMV q@)+V CVqQ@)+ V' £(Vq() =V g@),
M ¢
where M, C € R”*" are the reduced mass and damping matrices, respectively. Often,

the internal force can be split into its linear and nonlinear contributions as f(u) =
Ku + "/ (u), to obtain a reduced stiffness matrix as well as

Mi(t) + Cq(r) + VIKV q(t) + VI (Vq(1)) = VT g(1). (6.44)
K fa()

As for the case of linear models, the reduced matrices 1\71, C and K can be pre-
computed in the offline stage prior to time integration. In other words, during time
integration (online phase), the computational cost associated to the evaluation of the
linear terms in (6.44) scales only with the number of reduced variables m. Unfortu-
nately, this is not the case for the computation of the nonlinear term f (q()).

For FE applications, this nonlinear forces are usually evaluated as follows:

f(Q =Vt (Vq) = Z V. £.(V.q), (6.45)

e=1

where £, (u.) € R is the contribution of the element e toward the vector £/ (u) (N,
being the number of DOFs for the element ¢), V, is the restriction of V to the rows
indexed by the DOFs corresponding to e, and n, is the total number of elements
in the mesh. Since the reduced nonlinear term f (q) is evaluated in the space of full
variables, the computational cost associated to its evaluation does not scale with m
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alone. Indeed, (6.45) shows that this cost scales linearly with the number of elements
in the structure, and can hence be high for large systems. Thus, despite the reduction in
dimensionality achieved in (6.44), the evaluation of the reduced nonlinear term f (qQ)
hinders any fast prediction of system response using the ROM. Different strategies
are available to overcome this problem, and will be addressed in the following section
in details. Here, it is sufficient to realize the following:

e In the case of polynomial nonlinearities, as the one arising from von Karman
kinematics of linear elastic bodies, it is possible to write the nonlinear reduced
force vector f(q) directly in modal coordinates by constructing reduced tensors
that contract on the modal coordinate directly, see for instance,(Touzé et al. 2014).

e When the nonlinearity is not polynomial, one is facing essentially two possibilities:

1. assume a certain form of £(q) and identify its parameters or

2. try to compute f (q) affordably, but still querying the underlying HFM mesh.
This strategy is addressed by the so-called hyper-reduction methods, which are
discussed, at least to some extent, in Sect. 6.8.

Clearly, any effort in efficiently computing the reduced nonlinear terms is useless
in the reduction basis V does not properly span the sought solution. In summary, a
successful ROM for (6.41) requires a suitable basis V and an efficient strategy to
scale the evaluation cost of f to the size of the ROM. These aspects will be addressed
in the following sections.

6.4 Nonlinear Normal Modes

When a structure’s nonlinear behavior is not negligible, the traditional linear modal
framework, which is fundamental to our insight into the behavior of linear systems,
is no longer valid. We also lose the convenience of linear superposition and the
associated computational savings. The Nonlinear Normal Mode (NNM) offers a
different theoretical definition of a vibration mode that can be used to understand the
behavior of a system, while maintaining a conceptual similarity to linear vibration
modes. A structure’s nonlinear normal modes can be very useful as a metric to
evaluate a candidate Reduced Order Model (ROM) and to compare various ROMs.
The NNMs decompose the structure’s response into a set of modes, which can each
be described by an amplitude (or energy)-dependent natural frequency and mode
shape. However, they usually do not form a basis that can be used to uncouple the
equations of motion and solve for the response.

The nonlinear normal mode was originally defined by Rosenberg (1960) as a syn-
chronous, periodic motion, or a vibration in unison, of the nonlinear equations of
motion. More recently, Vakakis, Kerschen, and others (Vakakis 1997; Kerschen et al.
2009) have extended this definition to include periodic motions where modal inter-
actions may also occur by relaxing the restriction to synchronous motion. According
to their definition, which is the one used throughout this paper, a nonlinear normal
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mode is a not necessarily synchronous periodic response of the undamped nonlin-
ear equations of motion. The term normal is retained here to be consistent with
the terminology used throughout the literature, even though the properties of modal
superposition and orthogonality do not apply. Each NNM describes how the reso-
nant frequency and response of the structure changes as the response amplitude (or
energy) increases. They provide a wealth of insight into the structure’s behavior since
they form the backbone of the systems nonlinear forced response. In other words,
each NNM gives an estimate of the deformation of the structure when it is excited
near resonance over a range of forcing (or response) amplitudes. For lightly damped
structures, the damped invariant manifold can be approximated by the undamped
invariant manifold (i.e., the NNM), meaning that the freely decaying response tends
to follow an undamped NNM. Nonlinearities in a physical model can come in a
variety of forms such as of large deformations, jointed connections, buckling, mate-
rial constitutive laws, and contact. These nonlinearities introduce behavior such as
frequency—energy dependence, localization, modal interactions, and bifurcations.
The nonlinear normal mode accounts for such salient nonlinear behavior, providing
many insights into the system response.

6.4.1 Periodic Motions of an Undamped System: Nonlinear
Normal Modes

The N-Degree of Greedom (DOF) Equations of Motion (EOM) for a nonlinear
finite element model generally can be written as follows, and all terms were defined
previously.

Mx + Cx + Kx + fy . (x) = £(2). (6.46)

The external loads are applied through the N x 1 force vector f(¢). The N x 1
nonlinear restoring force vector, f;, (x), accounts for the nonlinearity in the physical
system.

The undamped NNM definition used here comes from the works of Kerschen et
al. (2009), who defined an NNM as a not necessarily synchronous periodic motions
of the conservative equations of motion. By this definition, the periodic motions that
occur when two or more modes interact are still considered NNMs since they relaxed
the restriction of synchronous motion defined originally by Rosenberg (1960). Many
new features emerge with this definition of a vibration mode that cannot be described
with linear modal analysis, such as frequency—energy dependence, bifurcations,
localization, and modal interactions. Typically, the NNMs are represented on the
frequency—energy plane, showing how the fundamental frequency of the periodic
motion changes as the energy of the system (which is conserved over the period of
the response) evolves.

Mathematically, the NNMs are solutions to the undamped, unforced equation of
motion given below.
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Mx + Kx + fy; (x) = 0. (6.47)

A variety of algorithms exist for computing NNMs, for example, the shooting algo-
rithm in Kerschen et al. (2009) has proven very effective. Typically, the algorithm is
initialized with the linear natural frequency and mode shape as an initial guess, and
continuation methods are used to trace the solution as amplitude increases.

If we consider again the forced, damped system, we can see that the NNM is a
solution to the forced, damped system only if

Cx = f(1). (6.48)

This corresponds to the resonant case for the system, because only the damping
forces are able to resist the applied force. Hence, the NNM can be thought of as a
collection of worstcase forced responses for the system.

> As an example, consider the curved beam shown in Fig.6.5. The beam is
3D printed from PLA plastic onto a stiff, C-shaped backing structure that is
constructed from the same material. The structure is excited at its base by a
slowly sweeping sinusoidal input (so that it nearly reaches steady state at any
instant) over a range of amplitudes.

chl

Fig. 6.5 A curved beam is an example of a structure that can exhibit geometric nonlinearity.
As the vibration amplitude increases, stresses that build up in the beam start to cancel the
bending stiffness, so the effective stiffness and hence effective vibration frequency goes down.
At large amplitudes, the structure stiffens since the beam must stretch axially to accommodate
higher amplitude motion

The response of the beam is shown in Fig. 6.6. As the amplitude of the excita-
tion increases, the frequency at which the peak response occurs first decreases
from about 145Hz to about 138 Hz. The NNM is also shown, as measured
experimentally over a range of amplitude. The NNM correlates with the peak
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response at each forcing amplitude. At even higher amplitudes, effective reso-
nance frequency increases again, as is predicted well by the NNM.

[ T T T T T T T T

Velocity (m/s)

1 1 1 1 1 1 1 1

-4
120 125 130 135 140 145 150 155 160 165
Frequency (Hz)

Fig. 6.6 Response of the curved beam to swept-sine input forces at various amplitudes. The
NNM is overlaid, expresses as the velocity of the center point of the beam versus frequency

<

Considering again Eq.6.48, and noting that the damping forces are generally
distributed over the entire structure, it seems that it would be rare that a structure
would be excited into an NNM. However, one can use force balance to show that a
force may be distributed spatially in a variety of ways, including a simple concentrated
force at a point, and still excite an NNM.

Specifically, one can use the energy balance technique in Hill et al. (2014, 2015)
to show that the total energy dissipated by the nonlinear system over one cycle is

T
Ediss/cyc = /(; Pyiss dt. (649)

If the system is excited by an arbitrary forcing function f(¢), the energy input into
the system as

T
Einjeye = [ x(0) T8 () dt. (6.50)
0

At steady state, the energy dissipated by the damping forces must match the total
energy input to the system over the period 7. The balance is enforced by setting
Egissjeye = Einjeye. Then, if the response, x(¢) is assumed to take the shape of
the NNM that is nearest in frequency, and the spatial distribution of the force is
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known, then one can solve for the force amplitude. For example, if a single-point
co-sinusoidal force is applied with complex amplitude A + i0, the scaling on A can
be computed by satisfying

T T
A / (1) (e &) di = / x() L Cx(1) dt (6.51)
0 0

where e, is a vector of zeros with a value of one at the location n, which is the point
at which the force is applied. If both the NNMs x(¢) and the damping C in the system
are known, Eq.(6.51) can be readily used to estimate the forcing amplitude A that
would excite the system at resonance in the associated NNM x(¢). In Kuether et al.
(2015), this approach was demonstrated and found to be very effective for predicting
the forcing required to drive a system near a known NNM. Furthermore, it also
proved useful in providing the initial guesses needed to compute isolated resonance
branches.

6.5 Nonintrusive Reduced Order Modeling (ROM)
for Geometrically Nonlinear Structures: ICE and ED

By nonintrusive methods, we mean procedures that are able to construct the ROM
(6.44) without requiring access and manipulation of elemental quantities, as for
instance internal forces and tangential stiffness matrices. As such, the ROM is
formed by properly probing the model by use of general purpose FE programs (e.g.,
ABAQUS, NASTRAN) and match an a priori determined form for the ROM to the
obtained data.

The discretized system of equations for an N Degree of Freedom (DOF) linear
elastic, geometrically nonlinear finite element model can be written as

M + Kx + fy (x) = £(1), (6.52)

where M is the N x N mass matrix, K is the N x N linear stiffness matrix, fy (x)
is the N x 1 nonlinear restoring force vector, and f(t) is the N x 1 external force
vector. The N x 1 vectors X and X are the displacement and acceleration, respectively.
The NLROM procedures seek to reduce these undamped, nonlinear equations using
the linear vibration modes as the reduction basis, which are found by solving the
eigenvalue problem (K — w*M)g,. A small set of mass normalized mode shapes
approximate the kinematics of the EOM as

x(1) = gnq(1). (6.53)

Each column in the N x M mode shape matrix, ¢,,, is a mass normalized mode
shape vector, ¢, and q is an vector of m x g time-dependent modal displacements.
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The reduced coordinate space q is significantly smaller than the physical coordinate
space X (i.e., m << N).

In order to reduce the full order EOMs, Eq. (6.53) is substituted into Eq. (6.52) and
premultiplied by ¢/ to assure that the residual error is orthogonal to the reduction
basis (note that ( )7 is the transpose operator). The reduced, nonlinear modal form
of the rth equation becomes

G+ el + O +6,q1, 42 Gn) = 9TE(D), (6.54)

where w, is the linear natural frequency, and ¢, is the rth modal displacement. The
nonlinear modal restoring force is given as

0,(q) = ¢/ v (9q). (6.55)

The nonlinear restoring forces are a nonlinear function, 6,(q), of the modal dis-
placements. If the finite element model is linear elastic with geometric nonlinear-
ities derived using quadratic strain—displacement relationships, the function 6, (q)
becomes a quadratic and cubic polynomial, and is given as

m m m m m
(@1 qr - qm) = Y > Bl Daiaj+ Yy > A j. K)gi 4.
i=1 j=1 i=1 j=1 k=1
(6.56)
The coefficients and are the quadratic and cubic nonlinear stiffness terms, respec-
tively, for the rth nonlinear modal equation. If the full order EOM in Eq. (6.52) are
known in closed form, then the nonlinear coefficients in Eq. (6.56) can be directly
computed (referred as direct evaluation in Hollkamp and Spottswood 2005). How-
ever, in cases where the closed form equations are not explicitly available (e.g.,
within commercial finite element packages), an indirect approach must be used. The
coefficients are approximated using either the ED or ICE methods using a series
of nonlinear static solutions. Once these nonlinear stiffness terms are identified, the
NLROM equations are given by Eqs. (6.54) and (6.56), providing a significant com-
putational savings for response prediction compared to direct time integration.

Typically, the linear term is set to w? and treated as a known value during the

identification of B, and A,.

6.5.1 Enforced Displacements Procedure

The Enforced Displacements Procedure uses a set of prescribed displacements in
the shape(s) of the linear modes in the basis in Eq. (6.53). In general, a multimodal
displacement can be written as

Xe =it + 0202 + -+ + @ om, (6.57)
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where X, isan N x 1 displacement vector and q, is the scaling factor for the rth mode
in the basis. In order to accurately estimate the ROM, the scaling factors should scale
the deformation shape of each mode to a level that exercises the geometric nonlinear-
ity in the structure. Using a commercial finite element software package, the resulting
reaction forces, F,, are computed in response to the given displacement field. Then,
the quasi-static representation of the NLROM for the rth modal equation becomes

m

D> A J g q;. gk = ¢ Fe. (6.58)
1 j=1 k=1

m
i=

m m
©rg + Y > B, g q; +
i=1 j=1

The nonlinear stiffness coefficients are then solved for using the approach pre-
sented in Muravyov and Rizzi (2003) with a set of displacement load cases that are
in a combination of one, two or three modes in the basis set. The number of nonlinear
static solutions, for m > 3, required by the ED method (Mignolet and Spottswood
2013) is

3m! m!

* 321 T s (6.59)

2m

6.5.2 Applied Loads Procedure or Implicit Condensation
and Expansion

The applied loads procedure uses a set of static forces in the shape of the linear modes
in order to find the nonlinear stiffness coefficients of the NLROM. For example, a
multimode static force can be a combination of those forces that would excite any
of the modes in the reduced basis, given as

Fe=M@ifi+@2fa+ 4 Oufn)s (6.60)

where F. is the vector of applied forces and ﬁ is the force scaling factor for the rth
mode. Note that the previous works on the applied loads method did not mention the
use of the mass matrix when computing the force vector, but it was used here and
is needed to obtain a force that exactly isolates a single mode for a linear system.
The force scaling factors can be varied to exercise the desired amount of geometric
nonlinearity in the structure, as will be discussed further in Section III. The resulting
static deformation, X,, can then be projected onto the linear modal coordinates as
follows.

qr = ¢ MXx,. (6.61)

Using the quasi-static force—displacement relationship in Eq. (6.58), one can then
solve for the nonlinear stiffness coefficients with the constrained approach (Gordon
and Hollkamp 2011) using a set of these applied loads exercising the different modes
in the basis. With the applied loads approach, the number of load permutations (for
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m > 3) required to generate the static response data is given as

m! 4m!
(m —2)! + 3(m —3)!

2m+2 (6.62)

The number of loads differs from that of the Enforced Displacement in Eq. (6.59)
due to differences in how the fits are performed; with the ED method sets of two
and three load cases can be used to solve algebraic equations for the coefficients,
whereas with ICE a larger least squares problem is solved.

6.6 Intrusive Methods

As opposed to nonintrusive methods, intrusive methods requires access to the specific
finite element formulation. This disadvantage is compensated by the possibility for
a more rigorous definition of the ingredients forming the reduction basis.

6.6.1 Modal Derivatives

Vibration Modes

The system in (6.41) can be linearized around its static equilibrium position. Without
loss of generality, we assume the equilibrium configuration is u,, = 0 to obtain

Mii + Cu + K] u = g(1), (6.63)
where
of (u)
Koy = — (6.64)
u u=0

This linearized system would be a good approximation to the original systemin (6.4 1)
for small enough displacements from the linearization point. It is well established
that for such system, the system response can be written as a linear combination of
constant eigenmodes (or Vibration Modes (VMs) in the structural dynamics context)
which form a basis of R” as follows:

u) =Y g0, (6.65)

i=I
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where the eigenmodes ¢; € R" are the solution of the generalized eigenvalue prob-
lem!
(Kloy — @?M)g; = 0. (6.66)

(“’1‘2 is the eigenvalue or the eigenfrequency squared). This approach of expressing
the solution u(#) in terms of a basis of eigenvectors is referred to as the principle
of linear modal superposition. However, if one is considering the slowly varying
dynamics of the system, then it can be shown that the response can be very accu-
rately approximated by few modes associated to low eigenfrequencies, and a modal
truncation can be obtained:

ut) ~ Y mi(t) = q(t), (6.67)

i=1

where @ € R, (1) = [q1(t) q2(t) ---qn(t)]T € R™, m < n. Note that this is
equivalent to performing a Galerkin projection as shown in Sect.3.1 for a lin-
earized system, where @ is the reduction basis and q are the corresponding reduced
unknowns.

Modal Derivatives

When the deviation from the linearization point increases, the response of (6.63)
can no longer be considered as a good approximation for the original nonlinear
counterpart. One might still think of using the VMs obtained from the linearized
model to form a reduction basis for the reduction of the nonlinear set of equations.
A basis composed of a few dominant VMs, however, is typically not sufficient for
reduction since it does not feature the dominant coupling effects (e.g., membrane-
bending), typical of geometrically nonlinear structures.

Earlier work in Idelsohn and Cardona (1985a,b) and more recent work in Weeger
et al. (2016); Witteveen and Pichler (2014) discuss the use of the so-called Modal
Derivatives (MDs) to capture the response of the nonlinear system upon departure
from the linear behavior. If (6.66) is differentiated with respect to the modal amplitude
q; (assuming M to be a constant mass matrix) and then evaluated at equilibrium, one

obtains
" K
eq dq,

where the MD - 4" denotes the derivative of the ith mode in the jth modal direction.
The tangent stlffness matrix derivative with respect to 7, is obtained by imposing t
a displacement in the direction of ¢ |, to the system, i.e.,

Ba)l.2

— —| M| é¢ileg =0, (6.68)
eq aqj eq ) !

09

K oM
(|eq w'q)aqj

'Here, we neglect the damping contribution in eigenvalue problem to avoid complex eigenvalues
and vectors. Note that for damped linear systems with low damping or modal/Rayleigh damping,
the eigenvectors for an undamped system are a good approximation for the damped counterpart and
still form a good basis for linear modal superposition.
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_ K@ =n;¢;l,))

eq aq] q;=0

K
BC]J'

(6.69)

Physically, an MD represents the sensitivity of VM ¢, corresponding to a displace-
ment given in the direction of VM ¢ ;. These MDs can be used as efficient enrichment
to the reduction basis to capture the dominant nonlinear behavior effectively.

Calculation of Modal Derivatives

The MDs % cannot be easily obtained from (6.68) since the coefficient matrix

is singular, cf. (6.66). This singularity can be tackled by imposing a normalization
condition for the eigenmodes. More details on different solution techniques can be
found in Ref. Siddhi (2005). The popular mass normalization is adopted here, i.e.,

¢/ Mo, = 1 Vie{l,2,...,m}. (6.70)
By differentiating the equation above with respect to the modal amplitude one obtains

prMO%e | g7 2
86]j 86]j

=0 Vi,jel{l,2,...,m}. (6.71)
Exploiting the symmetry of M and subsequent evaluation at the equilibrium position
results in the following relation:

o0
o7 1o M 20

—0  Vijel{l,2, ... m) (6.72)
g,

eq

The following direct approach to calculate the MDs can then be formulated using
(6.68), (6.72):

9, K
[K|eq - w,'zleqlzw/[]nxn - [M¢i|“1]nx1 (1] aq; eq | _ | T g ¢i|€’q
dw? - e
—[Méileq ] O1x1 ’37 ! 0
ileq

The above non-singular system can be used to solve for MDs. This method, however,
destroys the band structure of the original system. Nonetheless, it is rigorous and
accurate. Apart from this direct approach, the pseudoinverse technique (cf. G’eradin
and Rixen 1997) and the Nelson’s method (Nelson 1976) are some techniques that
preserve the band structure of the matrices.

Regardless of the method adopted to solve (6.68), a high-dimensional matrix needs to
be factorized for each w; . In Idelsohn and Cardona (1985b), a method to approximate
the problem (6.68) is discussed. They propose neglecting the inertial contribution as

09,

f 9K
g

Kl - —
’ cq dg

Dileg - (6.73)

eq
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h s
We call the obtained MDs as Static MDs (SMDs). The superscript s in % ‘ stands
J eq

for static. )
Note that the Static Modal Derivatives given in (6.73) are symmetric, i.e., %
J

s
eq
a; |°
i |oq
can be written as

. In fact, it is easy to see that the stiffness matrix derivative given by (6.69)

K oK (u) 0% (u)
a_ = : ¢j |eq = : ¢j |eq . (6.74)
9j leq ou |, o dudu |,
Substituting this into (6.73), we obtain
¢, |’ <82f(u) )
Kleg —| =- D (Pileg @ Dileg) - (6.75)
7 9m; e dudu |,_o e 4
The third-order tensor (figy) which contains the second-order partial derivatives is
. B 2mn n : 9%f(u) _ [ @)
symmetric by Shwarz’ theorem (f(u) € C*(R", R")), i.e., (ﬁ)w = (ﬁ)h
Therefore, we get
¢, |* 1 0°f (u)
_rt = —(K e - : e ile 6.76
s, (Kleg) [ Judu |, (Dleqg ® Dileq) (6.76)
0°f (u) ¢, |’
- (KL) '] ==—==~ ey . = —7 6.77
Kleg) [ fudu |, (Pileg ®¢j|eq):| oni ., (6.77)

While the SMDs have been shown to be symmetric, such a claim cannot be made
for the modal derivatives as given by (6.68).

(S)MDs in a Reduction Basis

A linear basis (¥) consisting of VMs augmented with the corresponding MDs could
be used to reduce the nonlinear system (Idelsohn and Cardona 1985a,b).

III=[¢1|eq Doleg - Dleg - 0,~j|eq...], (6.78)
a¢l 8¢l § . . .
where 6;; = FY or rrd IS From the chosen normalization in (6.72), any VM
. : a9, :
¢; is M-orthogonal to all corresponding MDs 3 Vje{l,...,m}. However,
Jleq

this is not sufficient for ¥ to possess a full column rank, which is essential to have
a non-singular reduced system. In general, one should perform an orthogonalization
on ¥ before using it as a reduction basis.

Using MDs, one could expect a maximum basis size of m? (if all MDs are linearly
independent)..Since SMDs are symmetric, a basis ¥ € R can be obtained using
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(S)MDs, where M = m + ”’("’Tﬂ) would be its maximum size. Indeed, in both cases
inclusion of MDs in the basis is expected to increase the reduced number of unknowns
quadratically with the number of VMs (m) in the reduction basis.

6.6.2 Wilson Vectors

Another popular way of constructing the reduction basis V is given by the Krylov
vectors. This technique is also known under different denominations as Wilson vec-
tors (Ming-Wu 1982), Arnoldi sequence (Arnoldi 1951) and load dependent vectors
(Idelsohn and Cardona 1985). Unlike vibration modes, it consists of finding a proper
reduction basis by using the information of the applied load distribution. Consider
the linear problem

Mii + Ku = g, (6.79)
where damping has been neglected. We first start by computing the linear solution
i, =K'g, (6.80)
which is then mass normalized, i.e.,

1
oI Miig

The static solution ug is then used as acceleration distribution to obtain an inertial
force Muy as pseudo-load to obtain a new vector u; as

Uy = ﬁ() (681)

u, = K 'Mu,. (6.82)

The procedure can be made recursive, making sure that the newly computed vec-
tor is orthogonalized with respect to the previously calculated ones, and properly
orthogonalized. A generic vector u; of the sequence is first formed by computing
; as

Ko, = Mu;_, (6.83)

which is subsequently made orthogonal to the already computed vectors u;, j =

1,...,i—1as
i—1

=i - Y cuj, (6.84)
j=1

where
cj=u]Miy; for j=1,....i—1. (6.85)
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Finally, the mode is mass normalized as

1
Ji M,

The so obtained vectors represent a good basis for the linearized problem (6.79).
With respect to the vibration modes, they do not require the solution of an eigenvalue
problem, but only the solution of a sequence of linear problems sharing the same
matrix of coefficients, which can be then factorized once for all. Note also that the
sequence is initiated by the static solution ug, which is directly related to the shape
of the applied load. In contrast to vibration modes, Wilson vectors do account for the
particular load shape applied. As such, they tend to show faster convergence with
respect to vibration modes, but would need to be recomputed in case another load
shape is applied to the system.

Since the so obtained basis relates to the linearized problem, it is likely to per-
form poorly in the case of geometric nonlinearities. To overcome this limitation,
modal derivatives of Wilson vectors can be computed in a way analogous to the one
described in the previous section. In particular, say Vi = [uy, ..., u,,] the basis of
linear Wilson vectors, then one can compute the modal derivatives

;. (6.86)

u; =

0K
0W,' =K —llj (687)
j 3%
and then form a reduction basis V as
V:[VW OW”0W12,...,0le,...,0Wmm], i,j:l,...,m. (688)

In order to avoid numerical issues, V can then be further orthogonalized.

6.7 Data-Driven Methods

All the techniques so far described can be classified as model-driven reduction
techniques—that is, the ROM is constructed by ingredients that are inherent to the
model. Another philosophy for deriving ROMS is based on data coming for the
simulation the HFM for some significant cases. These trajectories will then furnish
data which can be processed to obtain the reduction basis. This topic is vast, and
here, we just briefly introduce the main concept. It is important to realize that as
opposed to model- driven methods, which never require the solution of the HFM, the
data-driven methods tend to require significant computational and storing resources.
As such, their use is justifiable only when the obtained ROM—which tends to be
highly efficient—is extensively used so to amortize the offline costs associated to its
construction.
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6.7.1 Proper Orthogonal Decomposition

The Proper Orthogonal Decomposition (POD) is a data-driven method that outputs
areduced order basis that best represents a given set of snapshots. The POD method
is applied in various fields. In our context, the snapshots represent the structural
configuration at sampled time instances.

Letu; € R",i € {1, ..., n,} be snapshot vectors obtained from the full solution of
system (6.41), which are collected in the matrix U := [uy, up, ..., u, ] € R"". A
lower dimensional POD basis V = [v; v, ...V, ] € R"*™ containing m < n, orthog-
onal vectors which best spans the vectors in this ensemble can be obtained by the
solution to the following minimization problem:

min
v,eRn £
J

m
T
u; — Z(uj Vi)V;

s
=1 i=1

2
2

This is a least squares problem and the vectors in V are the left singular vectors of
U, obtained by the Singular Value Decomposition (SVD) of U of zero mean as

U =LSR7, (6.89)

where is U is factorized into unitary matrices L = [1;, b, . . ., 1,] € R**" (containing

the left singular vectors) and R € R™*" (containing the right singular vectors);

and the diagonal (rectangular) matrix S € R"*" (containing corresponding singular

values on the diagonal). These singular values represent the relative importance

of corresponding vectors of L in forming the basis V. If the singular values (and

the corresponding singular vectors) are arranged in a descending order S;; > Sy >
- > 0, it can be shown that

Ny

2

j=1

2 r
= > S

2 i=m+1

u; = > @l
i=1

Thus, the left singular vectors l; corresponding to the highest singular values are
the most relevant for constructing a reduction basis using POD. for our case, each
(normalized) left vector 1; is scaled by the corresponding singular value o;, and
associated to the time history contained in r/ . Since an SVD can be performed over
any solution snapshots of any general nonlinear problem, POD is seen as a versatile
method. It should be noted, however, that such a reduction basis is optimal only
for capturing the solution used to collect the snapshots. The procedure needs to be
repeated (or a database of full solutions need to be created in the first place) to take
other types of loading or boundary conditions into account.

Once a reduction basis is obtained, the same ensemble of full solution vectors
can be used as training vectors for hyper-reduction to accelerate the computation of
nonlinearity during the online stage. This is discussed in the following sections.
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6.8 Hyper-reduction

With the term hyper-reduction we indicate techniques that aim at providing a com-
putationally affordable computation of the reduced nonlinear terms f(q). In a FE
context, f(q) requires assembly over the whole FE mesh, as

f(@ =) V/fV.a, (6.90)

e=1

and, as such, is computationally intensive, as it scales with the mesh size and not
with the size of the reduction basis. As already seen, one possibility is to write f(q)
directly in terms of q as

m m

f@=> > BG.jaai+Y Y. > Al jbg.qj.q (691

i=1 j=1 i=1 j=1 k=1

m

where the coefficients B, (i, j) and A, (i, j, k) are identified by means of nonintrusive
methods, or computed directly in case of polynomial nonlinearities. In more general
cases, alternatives to this approach are available. In the following sections, we briefly
present the Discrete Empirical Interpolation (DEIM) and some useful variants for the
FE context, and the Energy Conserving Sampling and Weighting (ECSW) method.
They differ in their philosophy, but they both aim at constructing f (q) cheaply and
independently of the actual form of f.

6.8.1 Discrete Empirical Interpolation and Variants

The main idea behind DEIM is to provide and approximation for the nonlinear
forces f(u) as a combination of few vectors forming abase F = [f}, ..., f,] € R"™*"
spanning a subspace of dimension m < n, as

f ~ Fc, (6.92)
where ¢ € R™*! the vector of unknown amplitudes of such force vectors. The system
of Egs. (6.92) cannot be solved, as it is overdetermined. In order to solve it, one option
is to choose m distinct rows of f. This can be done by premultiplying by the transpose
of a boolean matrix P € R""" as

P’f = P'Fc. (6.93)

If PTF is non-singular, we can determine the amplitudes ¢ by solving (6.93) as



256 6 Model Reduction and Substructuring for Nonlinear Systems
c=P'F) P, (6.94)
and therefore the approximate nonlinear force vector (6.92) becomes
f ~ F(PTF)"'P’f. (6.95)

This is to say, the term PTf specifies that the nonlinear vector f needs to be calcu-
lated only at the entries specified by P’ . The precomputed term F(P”F)~! provides
approximated values at the other entries not considered by P. The projection basis F
is computed from a POD of an appropriate set of snapshots of the nonlinear forces
F =[f(u;), ..., f(u,,)]. The selection points are determined from the greedy Algo-
rithm 1. Details are given in Chaturantabut and Sorensen (2010).

Algorithm 1 DEIM points selection

n

Input: {u;}{" ;| C R" linearly independent
Output: p = (g, ..., omlT e R™

LI: [Ip] $1] = max [u;]

2: U=[vi], P=[es1], p = [p1]
3:fori =2tom do

4:  Solve (PTU)e = PTy; forc
5: r=u —Uc
6
7
8

[lpl il = max |r|

U< [Uuwl,P<[Peyl, p < |:gi|
1
: end for

Inefficiency of DEIM Applied to FEM

The DEIM algorithm requires the evaluation of the nonlinear vector only at a few
selected locations. This approach is particularly efficient when f(y) is scalar valued.
By this, we mean that each component of the nonlinear force vector depends on the
corresponding entry of the displacement vector: f; = f;(y;). In this case, the cost of
the DEIM evaluation of f is the cost of the evaluation of m scalar-valued functions
foi (@, q). If this holds, the selection matrix P can be brought inside the function
evaluation, as

P f(®q) = f(P" ®q). (6.96)

Unfortunately, this does not hold when f comes from a FEM discretization. In a FE
framework, each component f; represents the generalized force component at one
specific node. This entry depends on the generalized displacements of all the nodes
belonging to the neighboring elements, i.e., a given degree of freedom is supported
by a set of elements. As a consequence, P cannot be brought inside the function

Pf(®q) £ f(PT dq). (6.97)
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- PTF(u) = F(PTu) PTF(u) # F(PTu)
I S ) S E—
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(a) scalar valued function. (b) vector valued function.

Fig. 6.7 Scalar-valued function (left) and vector valued function (right). In the first case, each
component F; of F depends on only one component u; of u. In the second case, F; depends on
several components of u. This latter case depicts the FE discretization
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Fig. 6.8 Sparsity comparison for the evaluation of f at the DEIM points. In the case of assembled
meshes (left), one evaluation implies an element function call for all the neighboring elements. If
the mesh is treated as unassembled (left), only one element per DEIM point needs to be queried

This issue is illustrated in Fig. 6.7b and is responsible for the diminished inefficiency
of DEIM when applied on FE schemes. In general, a generic component f,, depends
on a subset of the displacements u,, € R”, where p depends on the type of element
and the mesh connectivity. This implies that the evaluation of a single component f;
of the nonlinear force vector f requires a call to the element functions relative to all
the neighboring elements.

Alternative DEIM Formulation

A possible workaround of the inefficiency discussed in the previous section is to apply
DEIM on an unassembled force vector, i.e., on the stacking of all the elemental forces
without performing element connection. In this way, the evaluation of a single entry
of such vector will require just one element call. The concept is illustrated in Fig. 6.8.
This modification is called Unassembled DEIM (UDEIM).

Unassembled DEIM

Essentially, one has to form a collection of snapshots F, = [fu y1),.... L (y,,l‘_)] of
the unassembled forces obtained form a full model simulation. This can be formally
written as

f = [ff, (2N i (ye,,ﬂ)] , (6.98)

where fg (ye;) € R? %1 is the element force vector relative to the element i, i =
1,...,n.and p is the number of elemental degrees of freedom. It follows from (6.98)
that fMT e R™*! wheren, = pn, is the size of the unassembled force snapshots. The
vector f, is projected onto a basis U, obtained by a SVD of the unassembled force
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snapshots. The DEIM algorithm is then applied to U, and the obtained indices will
point to elemental degrees of freedom, instead of mesh ones. Once the amplitudes
¢, have been obtained, an assembled approximation of f can be formed by

f~ U, (P U, (Pt,), (6.99)

where U, is obtained by a FE assembly of U, the element contribution. The details
of the UDEIM algorithm are shown in Algorithm 2.

As indicated, each snapshot f,,, contains n, > n components. Since the number of
operations to obtain an SVD decomposition of a r x g matrix is proportional to r2q,
the computational cost to calculate the reduction basis for the nonlinear forces in the
unassembled case can be significantly higher than the one related to the assembled
forces snapshots of the original DEIM. To overcome this drawback, we propose the
use of an element surrogate quantity, as discussed next.

Algorithm 2 UDEIM

Input: unassembled snapshots F,, = [f;, B e Rwxns

1: SVD(F,) : F, =0, %, V!

: select first m columns of Uy: U, = U, (;, 1 : m), with m < ng
: DEIM(U,) — P, (Algorithm 1)

: ecompute (PZ U, !

: assemble U, € R"*" : U, := assemble(U,)

L £~ U, (PTU)~ (PTE,)

AN A WN

Surrogate Unassembled DEIM

The unassembled basis U, contains the most relevant force modes where each ele-
ment contribution is left unassembled. A DEIM selection on U,, (UDEIM) as outlined
in Algorithm 1 then picks the most relevant elemental forces to form the interpolation.
This way to proceed improves the sparsity of the force—displacement dependency
but increases the effort of performing the SVD of the snapshots.

The main idea is that each elemental contribution can be represented by a surrogate
quantity rather than the complete elemental force vector. If this holds, the size of the
unassembled snapshot vectors can be reduced while preserving the advantage of
operating on elements directly.

Let us assume that the contribution of element i to the nonlinear behavior can be
represented by the sum s{ of all its generalized force components f, as

r
sp= > f. (6.100)
j=1

In case the generalized element forces do not share the same units (as in the shell
element case here considered), the surrogate can be extended as
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pr e
PBYS &

s; = , (6.101)
> mS

where m{ are the nodal elemental moments, and p; and p, are the number of
element forces and moments, respectively. Then, a collection of surrogates snapshots
S =[Si.....S,,] can be built, where each vector S; is given by

S/ =[s{....s. ], (6.102)
and S € R**", s being the size of the surrogate snapshots, and s < n,,. If the sur-
rogate snapshots S; are supposed to feature the same overall contribution as the
corresponding unassembled snapshots S,,, then we can assert that a SVD decompo-
sition of S and F,, should yield very similar right singular vectors V, at least for the
dominant left singular vectors U, . This request can be written as

SVD(F,): F, =0, >, VT
(6.103)
SVD(S): S=UsXsVT.

It is useful to remind here that the right vectors V represent the time history of the
corresponding left singular vectors U,,. By claiming the decomposition (6.103) holds,
we imply that the unassembled singular vectors U, and the surrogates vectors Ug
share the same time behavior. Our numerical results indeed show that this indeed
holds for the most significant modes. Since we are interested in only the spatial basis
U, the expensive decomposition SVD(F,) can be avoided and the basis U, can
be formed by using the vectors V obtained by the less computationally expensive
SVD(S), as
]FMV = UuEuVTV = Uu X, = I_Jus
(6.104)
U, = orth(U,),

where V is calculated from the inexpensive SVD(S) and U,, = orth(I_Ju) is a Gram—
Schmidt orthogonalisation such that Uf U, =L In other words, if the surrogates
singular vectors feature the same time dependency V as the unassembled singular
vectors, we are able to compute U, without performing the expensive F, = U, X, VT,
Once U, is found, DEIM can be applied in a UDEIM fashion, as discussed in the
previous section. We call this variant of the procedure Surrogate Unassembled DEIM
(SUDEIM). The details of the algorithm are outlined in Algorithm 3.
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Algorithm 3 SUDEIM

Input: unassembled snapshots F,, = [F}l, L FE] e Rwxns
1: surrogate snapshots S = [SY, ....S] e R s <n

: SVD(S) : S=UsXsV7

: U, ~F,V and fju = orth(U,)

. select first m columns of fJu: U, = fJu ¢, 1:m), withm < ng
: DEIM(U,) — P, (Algorithm 1)

: compute (PZUM)’l

: assemble U € R"*™ : U := assemble(Uy,)

: F~U®PIU,)" (PIF,)

0NN BN

Surrogate DEIM

It follows from the discussion above that the concept of the surrogate can be applied
also to the assembled basis for the nonlinear forces U, as outlined in Algorithm4.
The computational saving lies in this case only in the cheaper SVD decomposition of
the surrogate, while the sparsity of the force—displacement mapping is not improved.
This variant is called Surrogate DEIM (SDEIM) (see Algorithm 4). Numerical results
comparing these different variants of DEIM are presented and discussed in Tiso and
Rixen (2013).

Algorithm 4 SDEIM

Input: snapshots F = [F!, ... F's] e R,

: surrogate snapshots S = [SY, ...,S] e R s <n

2 SVD(S) : S=UsXsV7

:U~FVandU = orth(U)

: select first m columns of U: U = ﬁ(:, 1:m), withm < ng
: DEIM(U) — P (Algorithm 1)

: compute ®Tu)~!

:F~UPTUO) 1 (PTF)

~N O\ AW —

6.8.2 Energy Conserving Sampling and Weighting

The ECSW method (Farhat et al. 2014, 2015) is based on a different principle as
compared to DEIM. Essentially, ECSW aims to identify a small set of elements E
of the structure (| E| < n.) to cheaply approximate f(q) as (cf. (6.45))

f(q) =) VIEV.q~ ) &V f(V.q. (6.105)

e=1 ecE

where &, € R* is a positive weight assigned to each element e € E, which is empir-
ically chosen to ensure a good approximation of the summation in (6.45). Clearly, if
|.E <& 1. then the evaluation of the approximation in (6.105) is cheap when com-
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pared to the cost associated to to (6.45). In doing so, ECSW approximates the virtual
work done by the internal forces on the set of vectors in the basis V. As a consequence,
the ECSW preserves the structure and the stability properties of the underlying full
model (cf. Farhat et al. 2015).

The elements and weights are determined to approximate virtual work over the
chosen training sets, which generally come from full solution run(s). If there are n,
training displacement vectors in the set with u'”) representing the ith vector, then
corresponding reduced unknowns q*) can be calculated using least squares as

q” = VIV 'VTu®,

The element level contribution of projected internal force for each of the training
vectors can be assembled in a matrix G as

g1 --- Zin, b,
G = . c ]Rmntxng7 b= e Rmm ,
gn1 - Bun, bn/ (6106)
gie=VIE(V.q?),  bi=f(q?)=Y0 g..
Vie{l,...,n;}, ee{l,...,n.}.

The set of elements and weights is then obtained by a sparse solution to the following
Non-negative Least Squares (NNLS) problem

g=arg min |GE—bls, (6.107)
§cRre £>0

A sparse solution of (6.107) (i.e., a solution vector with lots of zeros) returns a sparse
vector &, the nonzero entries of which form the reduced mesh E used in (6.105) as

E={e:& > 0}.

An optimally sparse solution of (6.107) is NP-hard to obtain. However, a greedy
approach-based algorithm (Peharz and Pernkopf 2012), which finds a suboptimal
solution, has been found to deliver an effective reduced mesh E (Farhat et al. 2014).
For the sake of completeness, the procedure is listed here in Algorithm 5, where ¢
and G denote, respectively, the restriction of ¢ € R" and columnwise restriction
of G to the elements in the active subset E. The set Z is the disjoint inactive subset
which contains the zero entry indices of & and ¢.
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Algorithm 5 Sparse NNLS for ECSW

Input: G,b,
Output: & € R" sparse, E C {1,...,n,}

1E<0,Z<«A{l,...,n.},E < 0eR"
2: while ||G& — blj> > t|/b]l> do
3 u<GTb-GH

4:  [|v], e] = max () > max: returns maximum value in a vector followed by its location
(index)
5 E «— EU{e}, Z < Z\{e}
6:  while true do
7 Cp < GTEb > | represents pseudoinverse
8: ¢, <0
9: if ¢ > 0 then
10: E<—¢
11: break
12: end if
13: n = min & /(& — &)
keE
14: §<—E+n -9
15: Z < {il& =0}
16: E <« {1,....,n.\Z

17: end while
18: end while

6.9 Hurty/Craig-Bampton Substructuring with ROMs
and Interface Reduction

The material reviewed here comes primarily from Kuether et al. (2016) and Kuether
et al. (2017). Several nonlinear substructuring methods have been developed to pre-
dict the dynamics of an assembly based on the dynamics of its subcomponents. For
a review of the relevant literature, see Kuether et al. (2017).

This section focuses on geometric nonlinearities that are distributed throughout
all the elements in the subcomponent FEA model. Recently, Wenneker (2013) used a
basis defined by the Craig—Bampton and Rubin approach and augmented these with
modal derivative vectors in order to account for the effects of geometric nonlinearity.
The number of modal derivatives required scales quadratically with the number of
component modes used, resulting in a rather large order reduced system. Perez (2012)
was the first to explore the use of CB modes and a reduced set of constraint modes
in conjunction with an indirect reduced-order modeling approach. He presented a
thorough analysis of a complicated multi-bay frame reducing the linear model from
96,000 to 232 DOF that were a combination of fixed-interface modes and constraint
modes reduced using proper orthogonal decomposition. Unfortunately, this model
was still 2.6 times larger than an 89 mode ROM that he had created for the assembled
system, so nonlinear modal substructuring was not pursued further.
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The proposed nonlinear substructuring approach relies on a nonintrusive, reduced
order modeling strategy that can generate a ROM from any geometrically nonlinear
FEA model as described in Sect. 6.5. This ROM formulation is valid for beams, shells
and solid structures whether flat, curved or interconnected and the components may
be meshed with a variety of 1D, 2D, or 3D elements. However, the focus of this work
and of most of the studies that use this type of ROM has been on flat and/or curved
shell type structures where nonlinearity comes about as bending deformations induce
in-plane stretching.

Starting with the linearized subcomponent modes as a basis, a low order set of
nonlinear equations in parametric form are formulated in terms of the modal coor-
dinates. For linear elastic finite element models with quadratic strain—displacement
relations, the nonlinear modal restoring forces are a quadratic and cubic polynomial
function of modal displacements. In Kuether et al. (2017), a Craig-Bampton nonlin-
ear reduced order model (CB-NLROM) was used for each subcomponent using the
fixed-interface and constraint modes, the nonlinearity was described by nonlinear
stiffness parameters obtained using the Implicit Condensation and Expansion (ICE)
approach discussed in Sect. 6.5.

One important application for this nonlinear modal substructuring techniques is
as an efficient means of evaluating the effect of boundary conditions on geometric
nonlinearity. Accurate modeling of in-plane forces becomes especially important
during the analysis of coupled fluid—thermal—structural interactions as the in-plane
resistance to thermal expansions can affect the onset of buckling, causing very dif-
ferent response behaviors to oscillating pressure loads. That stiffness is provided by
a complicated airframe structure adjacent to the panel of interest, (a structure that
may not even be fully designed yet when panel loads are considered), and it is usu-
ally simplified. For example, these boundaries are approximated as either pinned or
fixed, or with discrete springs to approximately model the compliance of the adjacent
airframe. The CB-NLROM procedure can be used to evaluate the effect of boundary
conditions, i.e., on a structural modification problem where a geometrically nonlinear
beam is modified by adding stiffness with an in-plane spring element.

Starting with the equations of motion for a conservative, N-DOF system dis-
cretized by the finite element method,

Mx + Kx + fy; (x) = f(¢), (6.108)

the N x 1 nonlinear restoring force vector, fy (x), captures the interior forces intro-
duced by the geometric nonlinearity and depends on the strain model used to model
the large deformations. For the reduction procedure that follows, it is assumed that
the FEA model is linear elastic with a quadratic strain—displacement relationship.
The N x N linear mass and stiffness matrices, M and K, respectively, are generated
using linear finite element analysis, and the external loads are applied through the
N x 1 vector f(¢).

As elaborated previously, a Hurty/Craig—Bampton model can be written as fol-
lows. Below, the nonlinear forces due to geometric nonlinearity are also included.
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M;; M, | | X Kii Kip || X fye.i(x) 0
. T+ + ' = . 6.109
[Mbi Mbb] { Xp } |:Kbi Kbbi| { Xp } { fyrp(x) f(1) ( )
To reduce this partitioned system of equations, the Hurty/Craig-Bampton trans-
formation matrix is used, which is repeated here for convenience.

) x| | Pik W | .
X—{Xb}—[ 0 Ibb:|{xb}—TCBq. (6.110)

The CB-NLROM of a subcomponent is defined by the low order set of equations,

. fxri (1% 4q) 0
M K T, { Nih B =TT , 6.111
CBq+ CBq+ CB {fNL,b (TEBQ) CB f([) ( )
where A
- M;; M;, L My
Mgyp = TL Teg = | & X , 6.112
r s [Mbi Mbb} * [Mbk Mbbi| ( )
N K; K; A O
Kcp = Th i Tep = 0 6.113
B cB [Km Khh:| B |:0bk Kbb:| ¢ )

The linear portion is exactly that of the CB reduced order model for any linear
subsystem. Most commercial finite element packages are not able to directly extract
the functional form of the nonlinear restoring force, f ;. (Tg 54Q), in terms of the modal
coordinates. However, because the geometric nonlinearity is known to be expressible
in terms of quadratic and cubic polynomials for the common large displacement
strain models, the same functional form will hold for the fixed-interface modes of
the structure. As a result, the nonlinear term in Eq.(6.111) becomes

T fyr.i (TEB(I) } _
Tep {fNL.b (TEBq) =60(q (6.114)

and each row of the nonlinear function 6(q) defines the nonlinear portion of the r”
modal equation as

m m

0@ =) Y B, aiai+) Y Y Al jkaiga (6115

i=1 j=1 i=1 j=1 k=1

The nonlinear stiffness coefficients can then be determined using the Implicit
Condensation method as explained in Sect.6.5. The resulting nonlinear model can
also be expressed in the Nash form, which is convenient for what follows.

B a8 9B 38
Nl(q)zaz[%a—qz...m], (6.116)
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No(q) = % —[de du  oa 6.117
2(‘1)—@— 3q g2 """ gm |- (6.117)

The CB-NLROM in Eq. (6.111) is then rewritten in matrix form with the nonlinear
stiffness matrices in the equations above as

S 1 1 0
Mcsq + Kcpq + ENI (@q+ §N2 (Qq=T, { £() } (6.118)

These ROMs can then be coupled using the methods outlined earlier, and their
behavior depends on the adequacy of the HCB basis for the modes of interest as
discussed earlier.

As an alternative to Implicit Condensation, one can also use modal derivatives
with an enforced displacements procedure to create a ROM for a substructure. This
is detailed in Chap. 3 of Wu (2018). Substructuring can also be extended to flexible
multibody systems, as detailed in Chaps. 4 and 5 of Wu (2018). The content of Chap. 4
in Wu (2018) was published in Wu and Tiso (2016).
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Chapter 7 ®
Weakly Nonlinear Systems: Modeling Gzt
and Experimental Methods

Abstract The prior chapter presented rigorous theory and methods for nonlinear
systems, which is necessary in general because many nonlinear systems exhibit
strong modal coupling due to the nonlinearity; this is commonly the case for the
geometrically nonlinear structures that were the focus of that chapter. However, one
of the most common sources of nonlinearity in built-up structures is the joints, and
in many cases, these introduce only a weak stiffness nonlinearity together with a
significant damping nonlinearity. In this case, and in many others that are relevant
to industry, one can obtain good estimates of the response of the structure using a
weakly nonlinear model in which the linear modes of the structure are presumed to
be preserved and coupling between modes is neglected. This chapter provides a brief
introduction to these concepts.—Chapter Authors: Randall Mayes and Matt Allen

7.1 Modal Models for Weakly Nonlinear Substructures
and Application to Bolted Interfaces

Much of the uncertainty in finite element models for built-up structures comes from
the interfaces (e.g., bolted joints, riveted connections, press-fits). They often cause
the structure to behave nonlinearly, making experiments more challenging, and to
model them accurately requires a nonlinear model that can be dramatically more
expensive. See Brake (2018), Bhushan (2013), Ferri (1995) for a review of these
issues. This work focuses on methods by which joints are represented in a simplified
way, so that the structure’s response can be simulated quickly and the model updated
to correlate with experimental measurements.

In most industrial applications, the bolts are designed to retain integrity, so most of
the joints nonlinearity is attributed to micro-slip friction in which the joint remains
intact but there is partial slipping for some material near the edges of the contact
(Groper 1985; Gaul and Lenz 1997). Commercial finite element codes typically
include the ability to simulate the static and dynamic response of flexible structures
with Coulomb friction between contacts. For example, Abaqus (2014) includes the
capability to model friction using Penalty and Lagrange methods. However, once the
contact interfaces are meshed with sufficient resolution to capture micro-slip and the
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penalty stiffness and stabilization are set to acceptable levels, the simulations become
very expensive for static response (Jewell et al. 2017), and completely prohibitive
when a dynamic response is desired that spans many cycles of oscillation. To seek
to address this, harmonic balance methods have been developed that computes the
frequency response directly (Petrov and Ewins 2003; Bograd et al. 2011). In order
to model micro-slip behavior accurately, such models typically require hundreds
of friction elements per interface (Di Maio et al. 2016). The resulting simulations
are still quite expensive and may be impractical if the model contains many joints.
Furthermore, when updating a model to correlate with measurements, one must
typically run many simulations while varying the parameters for the joint, a daunting
prospect with current models.

A recent work by Festjens et al. (2013) presented an alternative to traditional
time and frequency domain methods. They computed the quasi-static response of
the structure to a loading representative of a certain mode, and then used the results
of that simulation to compute the effective natural frequency and damping for the
structure when it vibrates in that mode. Their predictions were validated by comparing
them to the transient response computed by integrating a full-order nonlinear finite
element model, which included the preload in the fastener and the resulting Coulomb
friction between the contacting surfaces. Their methodology was found to provide
good estimates of the effective damping and natural frequency, however the costs are
still quite high if many iterations on the model must be run, i.e., for model updating
applications.

One way of reducing the computational burden associated with joints is to replace
the joint region with a simpler element that captures its effective stiffness and damp-
ing. Then, instead of enforcing frictional contact between individual nodes or element
faces, those degrees of freedom can instead be tied (e.g., by multi-point constraints)
to two ends of a single nonlinear element whose constitutive formulation is designed
to reproduce micro-slip behavior internally. Such a modeling approach is the premise
of Segalman’s “whole-joint” model (Segalman 2006). The nonlinear element may
be a hysteretic model such an Iwan (1966), Segalman (2005) model or a Bouc—Wen
(Ismail et al. 2009) or LuGre model. This is appealing because joints are often only
one small part of a complicated, assembled structure, and various experimental stud-
ies have shown that the presence of one or more bolted joints induces only a slight
softening in the natural frequencies, accompanied with a large increase in the damp-
ing as the structure is excited to higher response amplitudes (Di Maio et al. 2016;
Smallwood et al. 2000; Hartwigsen et al. 2004; Abad et al. 2012; Dossogne et al.
2017). Unfortunately, no methods exist in literature that can predict the parameters of
these hysteresis elements based on joint geometry, surface roughness, material, etc.
So, one must use a model updating approach to determine the parameters. For exam-
ple, an experiment may be performed in which the transient-free response is mea-
sured and then the instantaneous natural frequency and damping for each mode are
extracted from those measurements (Song et al. 2004; Deaner et al. 2015; Roettgen
et al. 2017; Lacayo et al. 2017). Then, model updating can then be used to find the
joint parameters that bring the model into an agreement with the measurements as
was.done. in Lacayo.and Allen (2018).
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7.2 Test Methods for Identifying Nonlinear Parameters
in Pseudo-Modal Models

The nonlinear modal models described in the previous section are shown schemat-
ically in Fig.7.1, where the oscillator representing each mode contains nonlinear
elements in parallel to the linear spring and damper for each mode in order to pro-
duce the desired deviations from linear behavior. This method assumes that stiffness
is almost constant, but damping can be quite nonlinear. Modes are assumed not to
interact and mode shapes are assumed to not change. The Complex Mode Indica-
tor function plot in Fig. 7.2 shows the difference between a traditional linear modal
model response taken from low input force modal data and response of the system
from a higher level input. One can see that the frequencies appear to drop slightly but
the damping changes drastically at the higher amplitude response. With this approach
applied to such data, a modal filter can be utilized to effectively separate each modal
response (Mayes et al. 2016; Roettgen et al. 2017).

Modal Filter

A modal filter is a spatial filter that uses the mode shapes to pull out the response
of a single mode and rejects the responses of all other modes. By using such a filter,
one can analyze the response associated with that single shape and determine how
nonlinear it is or assume a functional form for the frequency and damping and fit
parameters to identify the model. It should be emphasized that if the response of other
modes seeps through the filter, the estimates of stiffness or damping as a function
of amplitude can be polluted. As a result, the modal filter must be very effective in
order to reliably quantify the nonlinearity associated with the mode shape of interest.
The standard modal filter is a vector of constants, here denoted as ¥, multiplied
by a vector of actual responses, X, which produces a single modal response g for

mode i, as
Uix =gq;. (7.1)

The traditional full modal filter may be derived from the standard modal substitu-
tion as
x =V¥q. (7.2)
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Fig. 7.1 Nonlinear pseudo-modal model with 3 DOF
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Fig. 7.2 CMIF of linear model versus measured data

Assuming that one has more responses than modes and the responses are appropri-
ately place one can use
q=v'x, (7.3)

where each row of the pseudoinverse of ¥ can be used as a modal filter for the
associated mode. A variation on this is to use only a single mode of phi, but it is not
as effective as the full modal filter. The SMAC modal filter (Mayes and Johansen
1998) assumes that one has found the best linear estimate of frequency and damping
for a mode in a standard modal test. In this case, one can analytically write the
standard real modes FRF using the associated frequency, damping and drive point
mode shape, and use the measured FRFs from the test in the following equation:

v'H, =H,, (7.4)
where the only unknown is the vector ¥. This is solved in the frequency domain and
transposed so that the frequency lines are associated with the rows with

v =H["H],. (7.5)

In our experience, neither of the approaches above always performs better than the
other, however, usually the SMAC modal filter is more robust. A typical set of filtered
data for an attempt to extract a modal response in the mode above 550 Hz for all
three methods is shown in Fig.7.3.




7.2 Test Methods for Identifying Nonlinear Parameters ... 273

Fig. 7.3 Full, single and FFT of Filter Response - for 13" Mode
SMAC modal filters applied T T T T T
to obtain the mode above | ;‘_J” IIVIO;ZId F:lts'lrt
| Ingle lal Fiiter

550Hz sy ] SMAC Modal Filter ||

'_

TER S

T

T e e .
Frequency [Hz]

Test Methods

The most attractive response for this approach is a modal filtered response from an
impact. Immediately after the impact, there are no external forces acting, so any
changes in the frequency or damping as a function of amplitude can be observed in a
straightforward analysis of the free decay time response. A version of the Restoring
Force Surface method can be used to fit the parameters in the assumed nonlinear
form. Below is the equation that is utilized from this method for an assumed form of
quadratic polynomials to fit the frequency and damping as a function of amplitude.
In this case, the entire right-hand side is known from the modal filtered data and the
frequency and damping extracted from a low level modal test. The functions of g on
the left-hand side are formed from the modal filtered g. This leaves only the quadratic
and cubic constants of the damping and stiffness polynomial to be extracted from
a least squares problem. The rows can be either time response, or response in the
frequency domain.

(141 4° l91q ¢* ] C | =1 —d-cod—koa.

Impact Methods

As stated above, the free decay from an impact is very attractive from an analysis
point of view. This makes and impact test desirable. The first one does the low- level
modal test with impact to get the linear estimates of frequency and damping for the
right-hand side above. Then one simply does a high-level impact and extracts the
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Fig. 7.4 Windowed sinusoid v,(t)
time domain !

Time (s)

modal response ¢ with a modal filter to obtain the response for other amplitudes.
This is very easy to implement if the modal test has already been set up.

A disadvantage of the impact method has been observed in that since all modes
active in the drive point are excited at once, the drive point accelerometer can overload
at some impact levels, which provides the limit to how much the modes can be excited.
Also, because many modes are excited, the modal filter is taxed to the greatest extent.
A tailored shaker input can overcome these disadvantages and will be discussed in
the next section.

Shaker Windowed Sinusoid

A way to overcome the disadvantages of the impact method is to use a shaker with an
input tailored to the local frequency band of a single mode. This has two benefits. One
is that there are many modes that are not excited at all, so the modal filtering is easier
in the sense that many fewer modes must be filtered out. The second is that all the
energy of the shaker and amplifier can be poured into a single mode to drive it to higher
amplitudes so that the nonlinear parameters are calibrated for the higher amplitudes.
A windowed sinusoid signal has been developed (Pacini et al. 2017), which allows
easy tailoring of the input to excite the mode of interest. The sinusoid frequency
is set to that of the resonant frequency of the mode. Then a triangular window is
multiplied by the sinusoid signal as seen in Fig.7.4. A narrow triangular window
provides a broad input around the resonant frequency in the frequency domain. A
wide triangular window provides a narrow input around the resonant frequency in the
frequency domain. The frequency domain plot is shown in Fig. 7.5 (Other windows
are available as well.).

The signal is fed into the amplifier and the force is measured. A frequency response
function between the force and input voltage can be calculated. If the force drops
out too much (a common problem in shaker testing), then the FRF can be used to
calculate a voltage input that will fill in the dropout of the force at resonance with a
force correction. The corrected force is plotted in red in Fig. 7.6 with the desired force
in_green and. the initial force from the windowed sinusoid in blue. A time domain
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Fig. 7.7 Time response after
modal filter applied

modal filtered response is shown from a shaker input in Fig.7.7. Figure 7.8 shows
hardware which was tested for nonlinearities of the type described here.

After the high-level burst signal is applied, the data are reduced to one g through
the modal filter. The frequency domain RFS nonlinear parameter fitting process
described earlier can then be applied. Experience has shown that if the nonlinearity
excited by this method becomes severe enough to create impact and rattle, the method
is not adequate for such cases. In other cases, it has worked well.
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Fig. 7.8 Hardware
demonstrating weak
nonlinearity due to bolted
interfaces
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